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(Abstract) 

An efficient design formulation for feedforward Active Structural Acoustic Control 

(ASAC) systems for complex structures and disturbances is presented. The approach 

consists in a multi-level optimization procedure. The upper level part is carried out in the 

modal domain, where the optimum modal control forces and modal error sensor 

components which minimize the total radiated power are obtained. These optimum 

modal parameters are then used in a set of lower level optimization problems to find the 

physical characteristics of the actuators and sensors to be implemented. In this work, the 

developed formulations are demonstrated in three systems of increasing complexity. 

First, a simply supported plate excited by at a single frequency is presented. The study of 

this relatively simple case serves as a benchmark for more complex systems permitting 

the evaluation of the performance of the design approach. Then, the formulation is 

implemented for the case of a simply supported cylinder under multiple frequency 

excitations. In this case numerical techniques are used to obtain the structural and 

acoustic responses showing the capabilities of the formulations to be implemented to 

complex structures. In both cases (i.e., the simply supported plate and cylinder), the 

results show that the optimum configurations yield significant reductions in the total 

radiated acoustic power depending on the number of contro] channels and allowed control 

effort. Moreover, it is demonstrated that the proposed design approach gives a clear 

insight into the relative contributions of the modes to the sound field providing a better



understanding of how they have to be controlled in order to minimize sound radiation. 

Finally, the design approach is validated in an experimental arrangement for the 

attenuation of sound radiation from and enclosed box structure under a realistic periodic 

disturbance. Up to 36dB of attenuation in the acoustic power is obtained in the 

experiment demonstrating the effectiveness of the proposed design approach for practical 

applications.
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Chapter 1 

Introduction 

1.1 Noise Control by Active Techniques 

Today’s technological developments in fast digital signal processors have made 

possible the active control of sound a reality. This type of control represents an 

alternative to the inability of established passive control techniques to solve in particular, 

low-frequency noise control problems. The traditional approach of active noise control 

(ANC) involves the use of secondary acoustic control] sources to minimize the sound due 

to a primary source. The theoretical and practical developments of this traditional 

approach have been well reported by Nelson and Elliot (1992). At this point, the 

technique has been successfully applied to control noise in industrial pipes, HVAC 

systems and automobile’s cabins, and is currently in development or production stage for 

applications such as electric motors, transformers, jet engines, and automotive exhaust 

systems (O’Connor, 1994). 

An alternative control approach for the attenuation of structurally induced noise 

consists in modifying the vibration behavior of the structure by applying force control 

inputs directly to the structure. This technique was first introduced by Fuller (1987) and 

has been denominated Active Structural Acoustic Control (ASAC). In a comparison test, 

this technique demonstrated to be more effective than the traditional ANC approach for 

the abatement of structurally radiated noise. Experimental results have shown that, for 

the case of a simply supported plate, applying a single point control force to the structure 
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provides a better global sound reduction than up to five sound sources, reducing 

considerably the dimensionality of the controller (Fuller et. al., 199 1a). 

The combination of the ASAC technique in conjunction with new developments 

in specialized actuators and sensor materials have permitted the implementation of the 

concept of smart or adaptive systems. Presently, contro] systems with actuators and 

sensors being an integral part of the structure have been successfully implemented to 

control sound radiation from plates and cylinders; sound transmission/radiation from 

single and double panels; and interior noise from cylindrical structures among others. In 

addition, a biologically inspired (BIO) control approach that reduces the number of 

control channels and real time sensing techniques that permit the measurement of the 

acoustic response using structural sensors have been recently developed. In general, the 

research and the associated literature in the field of ASAC is so extensive that only the 

design aspects that are more relevant to the present work will be reviewed in the next 

section. However, a recent book by Fuller and co-authors (1996) presents an excellent 

compendium of the most significant aspects in the implementation of ASAC systems. 

1.2 Optimization Approaches in the Design of ASAC Systems 

Although the concept of ASAC systems along with smart structures has been 

successfully tested, the design aspects of such systems is still under much investigation. 

The first ASAC design approach consisted in selecting the actuators and sensors based on 

some physical understanding of the uncontrolled system. This empirical approach was 

simply based in placing the control inputs at the antinodes of the most efficient modes 

(Fuller, 1990; Metcalf et. al., 1992; Fuller et. al., 1991b; Clark and Fuller, 1992a). This 

simplistic approach was successfully applied to very simple systems such as beams and 

plates with simple boundary conditions under single frequency excitations and using 

microphones as error sensors. Further investigations have shown that for the case of 
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more complex structures, this approach could result in an inefficient control system with 

a large number of control inputs (Wang et. al., 1991; Clark and Fuller, 1992b). 

A formal optimization approach in ASAC implementations was first introduced 

by Wang and co-workers (1991). This investigation consisted in the direct optimization 

of the location of rectangular piezoelectric (PZT) actuators to minimize the sound 

radiation from a simply supported plate. In their analysis, the disturbance was a point 

force at a single frequency and the error sensors were fixed microphones. The results 

demonstrated that optimally located actuators provided a far better sound reduction, at 

both on and off resonance excitations, than actuators whose position were chosen based 

in some physical consideration. 

Using a different approach, Ruckman and Fuller (1992) studied the optimization 

of the position of ring actuators to control the radiated power from a finite fluid-loaded 

cylinder. The approach consisted in finding the best combination of actuators using 

subset selection techniques after formulating the control approach as a multiple regression 

problem. This optimization methodology required the knowledge of the transfer 

functions between all the possible actuator locations and the acoustic response at far-field 

error sensors. The results in this study made evident once again that as the complexity of 

the system increases, such as for the case of using multiple actuators, an efficient control 

system requires the use of a formal optimization procedure. 

Clark and Fuller (1992b) used a similar approach to Wang to study the 

optimization of location of PZT actuators and both the size and location of Polyvilydene 

Fluoride (PVDF) structural sensors. Analytical and experimental results in this work 

confirmed the previous results from Wang et. al. (1991), i.e. a single optimally located 

actuator/sensor pair rivals the sound reduction obtained with three arbitrarily located 

actuators and three error microphones. However it is clear from Clark’s results using 

PVDF sensors that in order to implement structural sensors for ASAC applications an 
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efficient design procedure is critical due to the inability of structural sensors to measure 

directly the acoustic response which is the variable to minimize in structural acoustic 

applications. 

Cabell et. al. (1993) used a non-linear optimization algorithm in conjunction to a 

cluster analysis to obtain the optimum group combinations of PZT actuators to minimize 

the sound pressure inside an actual aircraft fuselage. In this analysis, the transducers were 

already placed on the structure according to some physical knowledge of the system. 

During the experiment, the excitations consisted in multiple tones and the error sensors 

were microphones placed in the aircraft's seats. The results showed the potential of the 

use of actuator grouping to enhanced interior noise reduction with a smal] number of 

control channels. 

Burdisso and Fuller (1994) presented a new design approach that consists in 

finding the error sensors (for fixed control inputs) or the actuators (for fixed error 

sensors) that yield a system composed of weak modal radiators. This approach is based 

on a preliminary work (Burdisso and Fuller, 1992) that showed that, after control, the 

structure can be looked as a new system with different eigenvalues and eigenvectors. 

Furthermore, those eigenproperties are only a function of the control inputs. Therefore, 

by selecting the correct contro] system parameters an optimum design is obtained. The 

implementation of this design approach was demonstrated with excellent results for the 

case of a simply supported plate (Burdisso and Fuller, 1994). 

Song (1995) extended the work by Clark and Fuller (1992b) after studying the 

optimization of control configurations for plates under more complex environments. In 

this work, Song successfully implemented optimum actuator/sensor configurations for 

plates with attached discrete masses under multiple frequency excitations and heavy fluid 

loading. An improvement of this work with respect to the previous optimization 

approaches was the inclusion of analytical sensitivity formulations of the cost function 
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with respect to the design variables of the PZT actuators and PVDF sensors during the 

optimization process. 

Davis (1995) also studied the optimization of PZT actuators to be implemented on 

simply supported plates with attached masses. The optimization approach in this work 

was similar to the one implemented by Wang with the difference that the structural and 

acoustic responses of the plate were obtained using the Finite Element Method (FEM) 

and the Boundary Element Method (BEM), respectively. This work showed the potential 

of implementing numerical techniques for the design of control systems for complex 

structures. 

More recently, Simpson and Hansen (1996) used Genetic Algorithms (GAs) for 

the optimization of the location of point contro] forces to obtain a maximum attenuation 

in the total potential energy inside a cylindrical structure. In this study numerical 

techniques were also used to obtain the structural and acoustic responses of the system. 

The optimum actuator design consisted in finding the best position of four point control 

forces from a finite number of possible locations throughout the cylinder. This work 

demonstrated the potential of using GAs to overcome the problem of optimizing actuator 

positions that typically contain many local solutions. 

1.3 Scope of this Work 

The previous reviewed works have demonstrated that optimally designed 

actuators and sensors can have a significant impact on the performance of active control 

systems to reduce both sound radiation and acoustic fields inside enclosures. As shown 

in most of those works, significant levels of attenuation can be obtained with far less 

number of optimally located transducers, thus reducing the dimensionality and 
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complexity of the control system. However, there are still limitations that prevent the 

same approaches to be implemented in the design of complex realistic structures. 

Only the work by Cabell et a]. (1993) has been implemented to a real structure but 

since the actuators were positioned according to some intuitive understanding of the 

system, their work is not considered a truly optimum actuator design. Using the same 

cluster analysis for the optimization of the position of the actuators will require an 

extremely large number of actuators placed al] over the aircraft fuselage, then measure the 

transfer functions between each one of the actuators and the error sensors and finally find 

the best combinations of actuators. This will definitely result in a very expensive and 

inefficient analysis approach. 

In the same way, Simpson et. al. (1996) implemented their design approach for 

the case of a cylindrical structure which is considered a relatively complex system. 

However, their work did not included the design of the sensors to be implemented. 

Therefore, the inside noise field is minimized assuming the existence of an ideal sensor 

that would observe directly the total potential energy inside the cylinder cavity. In 

addition, only point force actuators were considered in the formulation. The position of 

these actuators is simply defined by a 1-0 decision (i.e., yes or no) in the elements of a 

vector. More advanced actuators such as PZT elements will require a more complex 

formulation. 

For the case of minimizing the sound radiation from structures, the design 

approaches for complex structural systems is virtually non existent. In almost all the 

optimization approaches for sound radiation problems the design approach consisted in 

using a nonlinear optimization algorithm to minimize an expression related to the total 

radiated acoustic power as a function of the physical characteristics (1.e., location, size, 

etc.) of the actuators and sensors. The problem with this straightforward approach is that 
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computing the acoustic response as a function of the physical characteristics of the 

actuators and sensors results in a computationally expensive procedure. 

In addition to that, past research efforts usually employed finite differences 

techniques to compute the sensitivities of the cost function and constraints with respect to 

the design variables during the optimization process. The implication of using numerical 

sensitivities is that it greatly increases the number of evaluations of the cost function and 

constraints during the search for the optimum solution. It is reported in those works that 

up to 75% of the whole optimization process was devoted in evaluating sensitivities 

numerically. 

From the reviewed literature, only Song (1995) included analytical sensitivities in 

his optimization approach. However, the formulation still has the limitation that it 

requires analytical formulations to predict the structural and acoustic response of the 

controlled system. Therefore, it can only be applied to simple systems such as simply 

supported beams and plates. 

Real] industrial structures will require numerical approaches such as the FEM and 

the BEM to obtain the necessary structural and acoustic responses, respectively, along 

with efficient optimization approaches. Only Davis (1995) employed FEM/BEM 

techniques to obtain structural and acoustic responses, but since his optimization 

approach requires the use of numerical sensitivities the formulation still results very 

inefficient to handle realistic systems. 

In general, the outcome of these previous works revealed that although a great 

amount of valid information was obtained regarding the advantages of optimizing the 

actuators and sensors to be implemented in ASAC systems, current approaches are very 

inefficient and impractical to be implemented in rea] structures under complex 
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excitations. Therefore, the main motivation behind the proposed work is to overcome 

most of the limitations of the previous approaches. 

The main purpose of this work is to develop an efficient formulation for the 

design of feedforward ASAC systems to suppress acoustic radiation from complex 

structural systems under light fluid loading (i.e., no acoustic feedback). The approach 

consists in a two-stage multi-level optimization scheme. The formulation takes 

advantage of the fact that both the structural response and the acoustic radiation from a 

controlled structure can be completely defined in terms of modal quantities. All the 

physical parameters that define the contro] inputs and the error sensors have their 

counterpart in the modal domain through the unit modal control forces and the modal 

error sensor components, respectively. Therefore, the upper level of the optimization is 

defined in the modal domain and solves for the optimum unit modal control forces and 

modal error sensor components that minimize the total radiated power. Then, these 

optimum unit modal control forces and modal error components are used in a set of lower 

level optimization problems to determine the physical characteristics of the actuators and 

sensors to be implemented. 

Since in the developed formulation the response is evaluated in the upper level or 

modal domain, it permits the implementation of numerical techniques such as finite 

elements and boundary elements during the design process. Furthermore, those 

numerical analyses have to be performed only once. In addition, since the upper level 

optimization problem is universal for any type of structure/transducer combination, a 

general] analytical sensitivity formulation is also developed to improve the performance of 

the optimization algorithm during the solution process. Therefore, the formulation is 

capable to handle complex structures with complex disturbances (e.g., multiple 

frequencies) in an efficient manner. In the same way, once the optimum modal 

parameters are obtained, different types of transducers can be investigated with a 

minimum computational effort. 
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1.4 Organization of the Dissertation 

In order to provide the necessary background information, Chapter 2 presents the 

general formulations to compute the structural and acoustic responses, using numerical 

analyses, from a feedforward controlled structure. Since the main goal is to design 

adaptive structures with transducers integrated into the structure, only structural actuators 

and sensors are considered in the response formulations. Chapter 3 contains the main 

topic of this work. In this chapter the multi-level optimization formulation and the 

analytical sensitivity analysis are developed. The developed formulations are then 

implemented in Chapter 4 for the design of ASAC systems for two structures of 

increasing complexity. First, the simple case of a simply supported plated excited by a 

single off-resonance frequency is fully analyzed. The study of the plate is important from 

the standpoint that it serves as a benchmark for more complex systems. Since the 

response of this structure can be easily obtained analytically and its general behavior is 

well understood, it permits to study in detail the performance of the design formulations. 

Then, the design formulations are applied to the case of a more complex simply supported 

cylinder under multiple frequency excitations. In this case, numerical techniques are 

employed to obtain both the structural and acoustic responses demonstrating the 

capabilities of the method for the design of control systems for complex structures. Then, 

the design approach is tested in an experimental arrangement in Chapter 5. In this 

chapter, the control of sound radiation from an enclosed box excited by a multiple 

frequency disturbance is evaluated. Finally, the main results and conclusions from this 

work along with recommendations for further investigations are included 1n Chapter 6. 
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Chapter 2 

Feedforward Structural-Acoustic 

Control 

2.1 Introduction 

This chapter introduces the theory and general formulations of feedforward Active 

Structural Acoustic Control (ASAC). First, the modal analysis approach is used to obtain 

the response from a vibrating structure. In order to generalize the formulation to complex 

structures, it is assumed that the eigenproperties of the system are obtained either 

experimentally or numerically using the FEM. The structural vibration is then used to 

estimate the free-field acoustic radiation in terms of the contributions of the individual 

modes. The modal acoustic pressures are assumed to be computed numerically using the 

BEM. In the response analyses, the vibrating structure is assumed to be immersed in a 

light fluid (e.g., air) and therefore the fluid-structure interaction is not considered. 

Finally, the response of the feedforward controlled structure is presented. 

2.2 Structural Response 

The response of a structure can be obtained by modal superposition once the 

eigenproperties of the system (i.e., natural frequencies and mode shapes) are known. 

These eigenproperties can be obtained experimentally using modal analysis techniques 

(Ewins, 1986) or analytically after solving an eigenvalue problem (Meirovitch, 1967). In 
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general, the eigenvalue problem that results in the analysis of most structures does not 

posses closed-form solution. In such cases, the natural frequencies and mode shapes can 

be estimated using numerical] techniques such as the FEM (Cook, 1989). The FEM 

involves the discretization of the continuous structure into a finite number of degrees of 

freedom Np. Then, the eigenvalue problem for an undamped structural system can be 

expressed as 

[KK 9}, = o,[/]{o}, (2.1) 

where [M] and [K] are the mass and stiffness matrices, respectively; {}, is the n™ mode 

shape vector; and @, is the n™ natural frequency. The mode shape vectors are orthogonal 

with respect to the mass and stiffness matrices and are assumed to be normalized as 

{o}[M]o}, =5,, (2.2) 

and 

{O} [K]O}., = 075 4p (2.3) 

where 0,m is the Kronecker delta function. 

The mode shape vectors can be used to obtain a continuous description of the 

mode shape over the entire structure as (Meirovitch, 1990) 

6,0)= YN Gn 2.4) 
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where @,; is the value of the n” mode shape at the i” degree of freedom, 7 defines a 

location in the structure and N, (7) are local interpolation functions operating on the 

nodal values. 

For the case of sound radiation from structures submerged in light fluids such as 

air, it is necessary to consider only the vibration in which the response normal to the 

radiating surface is dominant (Fahy, 1985). After solving for the natural frequencies and 

mode shapes in Eqs. (2.1) through (2.4), the Fourier transform (FT) of the response in the 

direction normal to the structural surface can be obtained as a linear combination of the 

modes as 

N 

w(#,@) = ye (w) 6, (7), (2.5) 

where q@ is the excitation frequency, N is the total number of modes included in the 

analysis (NV<Np) and q,(@) is the FT of the n modal displacement and is expressed as 

q,(@) = F(@)f,H,(@), (2.6) 

where F(G)) is the amplitude of the external excitation and f, is the n' unit modal force 

defined as (Meirovitch, 1967) 

f, = [owas (r)dS, (2.7) 
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where the integral is extended over the structural domain S and f (7) is a function that 

defines the spatial distribution of the excitation. For the case of a point force, f(7) has 

the form of a Dirac delta function and the integral in Eq. (2.7) becomes the value of the 

mode shape evaluated at the force location (Meirovitch, 1967). Similarly, a moment 

loading will yield modal forces related to the first derivative of the mode shapes (Soedel, 

1993). Finally, H,,(q@) is the n” modal frequency response function defined as 

. -] 

H.(@) = (wr-@'+2j8,0,0) , (2.8) 

where j is the imaginary number and B, is the n™ modal damping ratio. 

2.3 Acoustic Response 

The acoustic radiation p(¥,@) from a harmonically vibrating structure can be 

obtained after solving the Helmholtz wave equation (Junger and Feit, 1993) 

V’ p(F,@) +k’ p(F,@)=0 (2.9) 

in conjunction with the boundary conditions 

Vp(F.,@) = 0’ pw(F,@) (2.10) 

and 

lim, ,.. P(F.@) — 0 (2.11) 
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where 7 is a field point location; V(.) is the Laplacian operator; k=a/c is the acoustic 

wave number; and c and p are the phase speed and density in the fluid that surrounds the 

structure, respectively. Equation (2.9) relates the structural response with the acoustic 

pressure at the structural surface while Eq. (2.10) represents the Sommerfeld far-field 

condition that requires that the acoustic pressure decreases as the field point is moved 

away from the structure. 

Using the divergence theorem of Gauss and Green's second identity, Eqs. (2.9) 

through (2.11) can be combined into an integral equation that solves for the acoustic 

pressure inside a volume V bounded by the structural surface S and an external surface S, 

as shown in Figure 2.1. When the radius R1 approaches infinity, the acoustic pressure 

becomes the solution of the integral formulation of the Helmholtz wave equation (Junger 

and Feit, 1993) 

p(F,@) = ari] pF,0) 22) _ Ge ee dS , (2.12) 
1 

s 

where the constant c(7) takes the value of 2 if the field point is over the structural 

surface (i.e., F=r,) and 1 if the field point is not over the surface but is within the 

volume V (i.e., 7 #7 ), n is an outward normal directional vector and G(r.,7)is the 

free-field 3-D Green’s function that has the form (Junger and Feit, 1993) 

— jk\F-F,| 

r_.7)=—_——_ 2.13 G(r,,7) 4nlF — 7” ( ) 

where |7-—7,| is the distance between the external field points and the points over the 

surface as shown in Figure 2.1. 

Structural-Acoustic Control 14



     
Slo 

V 

Figure 2.1 Volume used to construct the Helmholtz integral equation. 
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The integral in Eq. (2.12) does not posses closed-form solution for any but very 

simple cases. In general, an analytical solution for the Helmholtz integral equation is 

only possible when a particular Greens function is attainable that results in 

OG(F.,F) ; ee , ; 
> = 0. This condition is only available for cases such as a pulsating sphere or 

infinite flat surfaces, such as the cases of beams and plates surrounded by infinite baffles, 

and infinite cylinders (Junger and Feit, 1993). For the case of structures with complex 

geometries, Eq. (2.12) is solved using numerical techniques such as the BEM (Ciskowski 

and Brebbia, 1991). 

The strategy in this work is to obtain the acoustic response by considering the 

contributions of each of the structural modes separately. By substituting the modal 

expansion solution of Eq. (2.5) into the Eq. (2.10), the acoustic pressure field can be 

obtained as a linear contribution of the structural modes as 

N 

pF,0)= ¥ 4,(0) p, 7.0), (2.14) 
n=l 

where p,(r,@) is the acoustic pressure due to the n” mode shape @,(7,) (i.e., modal 

pressure). 

The total acoustic radiated power can be estimated by integrating the far-field 

acoustic intensity over a sphere of surface area A that surrounds the structure as 

~ 2 

mi) = | Pron ag (2.15) 
2pc 
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Replacing Eq. (2.14) into (2.15), the acoustic power can be written in a general quadratic 

form as 

m= YY acon! (w) J PAOD AAO) 
n=l m=!) 

= {q(@)}"[K(@) ]{q(@)} 

(2.16) 

where the superscripts (*) and H imply complex conjugate and conjugate transpose, 

respectively; and the elements of matrix [K(@)] are 

  Km) = | Pra Ty OOP nT) (2.17) 
2pc 

The diagonal elements of the matrix [K(w)] represent the power radiated due to 

the direct contributions of the modes, while the off-diagonal terms contain the power 

radiated due to the coupling of the modes. In particular, the off-diagonal terms could be 

either positive or negative depending if the interaction between the modes is constructive 

or destructive. For the case of complex structures, this matrix has to be evaluated by 

numerical techniques and therefore represents the highest computational effort during the 

computation of the acoustic response. Finally, {q(w)}, the vector of modal displacements 

in Eq. (2.16), is written as 

{q(@)} =[H(@) ff }F(o). (2.18) 

where matrix [H(q@)] is a diagonal matrix whose elements are the modal frequency 

response functions defined in Eq. (2.8) and vector h=(f),...fw}o contains the unit modal 

disturbances. 
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Equation (2.16) defines the total radiated power at a single frequency. The 

general case of multiple frequency excitations is expressed as a linear combination of the 

contributions due to each frequency as 

Nr 

1) = > ({a@,)}"[K@, ao} -Y i) (2.19) 
i=] 

where Nr is the total number of frequencies. 

Inspection of Eqs. (2.18) and (2.19) show that the relative contributions to the 

acoustic power due to the modes depend on two factors: the complex amplitudes of the 

modal displacements {q(q@,)} and the relative values of the modal power matrices [K(@,)]. 

From Eqs. (2.6) and (2.18), the modal displacements {qg(@;)} depend on the dynamics of 

the structure under a particular disturbance F(@). In the same way, inspection of Eq. 

(2.17) shows that the matrices [K(@,)] depend on the capacity of the shapes of the 

structural modes to generate sound and their coupling characteristics. For a mode excited 

on-resonance, its modal displacement will be significantly larger than the other ones and 

therefore this mode will most likely dominate the acoustic field. On the other hand, at 

off-resonance conditions the acoustic field will probably be mainly due to the radiation of 

the modes with the higher values of modal power. 

The capacity of a vibrating structure to radiate sound is usually quantified by 

means of the concept of radiation efficiency. The radiation efficiency is a normalization 

of the power radiated by the structure to the power radiated by a piston with the same 

surface area and average mean square velocity as the structure (Fahy, 1985). In the case 

of the power radiated by the n mode, the modal radiation efficiency can be written as 
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K nx (@) 0 ,,(@) =——*.——_ 2.20) OO Spel, Fo) 

where the modal average mean square velocity is given as 

wo 

(v, (7,,@)) =— | o°(F dS. (2.21) ‘ 45 : 

S 

Typical modal] radiation efficiency curves for a square simply supported panel are 

shown in Figure 2.2. These curves were originally evaluated by Wallace (1972). In 

Figure 2.2, the abscissa k/k, is the ratio between the acoustic wavenumber k and the 

structural wavenumber k, which for the case of a simply supported panel is given as 

(2.22) 

  

where the pairs (n,,ny) and (L,,Ly) are the modal indices and longitudinal dimensions of 

the panel, respectively. As can be observed, at low frequency (i.e., k/kp<<1) there is a 

significant difference in the radiation efficiencies of the different modes. In particular, 

modes with odd-odd indices have radiation efficiencies that are significantly higher than, 

for example, modes with even-even modal configurations. At around the critical 

frequency (i.e., k/k,=1) all the modes become efficient radiators (i.e., o=1). As explained 

in the literature, at low frequency the interference produced by adjacent cells of vibration 

in some modes make them very inefficient to generate sound. As the frequency is 

increased, this cancellation process is less effective up to the point that all the modes 

become efficient radiators (Fahy, 1985). 
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2.4 Optimum Feedforward Control Inputs 

Equation (2.5) represents the steady-state or frequency domain structural response 

due to an external disturbance F(q@). The response due to this disturbance can be controlled 

by applying N. secondary control forces U,(@) where k=1,...N.. The response of the 

controlled system can be expressed as 

N 

w'(F,0)= > 4° (@) 6,8), (2.23) 
n=] 

where, using the principle of superposition, the n” modal displacement of the controlled 

system 1s 

7 (@) =| Ff, + Uy | @), (2.24) 
k=} 

where U;,(@) and u,, are the amplitude and the n unit modal control force of the k” 

control input, respectively. As can be seen in Eq. (2.24), the unit modal control forces un, 

dictate the relative controllability of the different modes by the control inputs U;,(@). 

Similarly to the unit modal disturbances, the unit modal control forces are given as 

u, = | O(F )u,(F)dS , (2.25) 
Ss 

where u,(r.) defines the spatial distribution of the control forces. Similar to the unit 

modal disturbances, the unit modal contro] forces depend completely on the physical 
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implementation of the actuators. For example, two typical type of actuators in structural- 

acoustic control applications are electrodynamic shakers and piezoelectric (PZT) 

elements. The electrodynamic shakers induce point-like forces and therefore the unit 

modal control forces result in the value of the mode shapes at the force locations. The 

PZT elements generate distributed moments and in-plane forces (Crawley and de Luis, 

1987; Dimitriadis et al, 1989; Sonti and Jones, 1996). The PZT moments result in unit 

modal control forces that are related to the slope of the mode shapes (Dimitriadis et al, 

1989). On the other hand, the in-plane actuation will affect the response in the normal 

direction only if the structural response in this direction is coupled to the in-plane motion. 

This occurs, for example, on the vibration response of cylinders where the motion in the 

normal direction is coupled to the motion in both the axial and circumferential directions. 

This in-plane excitation results in unit modal control forces related to the components of 

the mode shapes in the direction of the forces. 

In feedforward control, the complex amplitude of the control inputs U;(q@) are 

obtained by “feeding forward” a reference signal x(@), fully coherent to the original 

disturbance /(qw), through an array of compensators, G;(@), as shown in Figure 2.3. The 

compensators are designed such that a measurable control cost function is minimized. In 

practice, this cost function is usually obtained as the sum of the mean-square-value (msv) of 

the response at the error sensors as 

N, 

I= Sy IE,(@)), (2.26) 

where E;,(q@) is the Fourier transform of the response due to the s" error sensor output and N, 

is the total number of error outputs. In ASAC applications, the error signals could be 

obtained by measuring directly the acoustic field using microphones (Fuller, 1990; Fuller 
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Disturbance, F(@) 

  

Control Input, U,(@)      
      

  

Figure 2.3 Typical arrangement for a feedforward ASAC system. 
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et. al., 1991) or the structural vibration using structural sensors (Clark and Fuller, 1992c). 

In many applications the use of far-field microphones as error sensors is not 

practical or simply realistic. Since one of the objectives in this investigation is to 

eliminate the need for the use of microphones and design a completely adaptive system 

with the actuators and sensors integrated to the structure, only structural sensors are 

considered here. For the case of such sensors, the response can always be expressed as a 

linear combination of modal terms as (Burdisso and Fuller, 1992a,b) 

E(@) = va (wé,., (2.27) 

where €,; is the n" modal component of the s" error sensor. Again, the modal error 

components are related to the physical implementation of the sensors and they dictate the 

relative observability of the different modes. A discrete sensor such as an accelerometer 

will yield a modal error component that is related to the value of the mode shape at the 

sensor’s location. Similarly, distributed sensors such as the case of PVDF films will 

provide modal components related to the second derivative of the mode shapes (Clark and 

Fuller, 1992c). 

Substituting Eq. (2.27) into Eq. (2.26) and rearranging into standard Hermitian 

form, the control cost function becomes 

J ={U(@)"[A@)U (@)} + {U @)}" {B(@)} + {B(@)}" {U (@)} + CW), (2.28) 

where vector { U(q@)} contains the N, control inputs; matrix [A(@)] is given as 
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[A(@)]=[7,.(@)]"[Z..(@)]; (2.29) 

vector {B(q@)} 1s 

{B(w)} = F()[T,,(@)]" {T,.(@)}; (2.30) 

and the scalar C(q) is given as 

C(@) = F? (@){T,,(@)}" {T,.(@)}. (2.31) 

The elements of matrix [T.e(@)] are the transfer functions between the control inputs and the 

error outputs given as 

r oN N 

SY antla(©) oa Sn Ens) 

n=l n=] 

[Te@)J=} | ne | (2.32) 

Un Sav, A, (@) we Un San, Ar (@)     
In the same way, the elements of vector {74-(q@)} contain the transfer functions between the 

disturbances and the error outputs expressed as 

| Shen (@) } 

SE (@) 
cs 
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As can be seen from Eg. (2.28) the control cost function J is a quadratic function of 

the complex control inputs U;,(@). By definition, this equation is positive definite and 

therefore it has an unique minimum (Nelson and Elliot, 1993). By differentiating Eq. 

(2.28) with respect to the real and imaginary part of the control inputs vector {U (@)} and 

setting them to zero, it can be shown that the set of the optimum control inputs is the 

solution of the following linear system of equations 

[7..(@){U(@)} = - F(@){T,,(@)}. (2.34) 

Once the optimum feedforward control inputs U,(q@) are obtained from the solution 

of Eq. (2.34) they are substituted into Eq. (2.23) to compute the modal displacements of the 

controlled system q;(@). Finally, the controlled modal displacements can be substituted 

for the uncontrolled modal displacements in Eqs. (2.16) and (2.21) to yield the total radiated 

power of the controlled system as 

11°(@) = {q°(@)}"[K(@){q°(@)}, (2.35) 

where the vector of controlled modal displacements is expressed as 

{q°(w)} =[H@){{F}F(@) + [uu @)}}, (2.36) 

where the (1,k) element of matrix [uv] is the n™ unit modal component of the k” control 

input. In the same way, the total controlled radiated power due to the contribution of Nr 

frequencies is given as 
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Nr 

IT; (@) = y ({a°(o, "[K@, Ha‘ (@, i} = y i(o ). (2.37) 
i=] 

Equation (2.35) describes the acoustic response of a feedforward controlled 

structure. This equation clearly shows the advantage of evaluating the response as a 

combination of modal contributions, specially in terms of the computational effort. This 

advantage is specially critical during the design of the control system. This design 

procedure involves a systematic update of the physical characteristics of the transducers 

(i.e., type, size, number, location, etc.) and the evaluation of the acoustic response for 

each configuration. This process is continued until the desired attenuation is obtained. 

Using Eq. (2.35), the evaluation of the acoustic response is just a matter of simple 

algebraic manipulations once the elements of matrix [K(@)] are known. 

2.5 Summary 

This chapter has presented the main equations to evaluate the structural and 

acoustic responses, before and after control, from a vibrating structure. Both responses 

have been expressed using the modal analysis approach. To maintain the generality of the 

equations for the case of complex systems, the formulations assumed that either 

numerical or experimental techniques provide the eigenproperties of the structure and 

numerical techniques are employed to compute the acoustic radiation due to the structural 

mode shapes. Finally, the optimum feedforward contro] inputs that minimize the 

response at the error sensors were obtained in terms of the modal characteristics of the 

actuators and sensors. In the next chapter an efficient design methodology is developed 

for the optimum design of these actuators and sensors to be implemented. 
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Chapter 3 

Control System Design 

by Multi-level Optimization 

3.1 Introduction 

The previous chapter presented the formulations for the evaluation of the 

structural and acoustic responses of a feedforwad controlled structure. In this chapter a 

multi-level optimization approach is developed for the optimum design of the actuators 

and sensors to be implemented in such control systems. The first part presents a general 

overview of the proposed design methodology. The second part is concerned with the 

mathematical formulation of the design approach. Firstly, the upper level of the 

optimization procedure, including a general analytical sensitivity analysis, is formulated. 

Then, the lower level of the formulation is presented. 

3.2 General Description of the Design Approach 

The acoustic response of the controlled structure was given by Eq. (2.37). The 

total radiated power from the controlled system is a function of the forces U,(@). From 

Eq. (2.34), the complex amplitudes of the control inputs U,(q@) are defined from the 

modal characteristics of the uncontrolled system (i.e., F(@)f, and H,(@)) and the modal 

characteristics of the actuators and sensors (i.e., u», and &,;5). As shown in the previous 

chapter, the unit modal control forces u,, and modal error sensor components €,, are 
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directly related to the physical implementation of the actuators and sensors, respectively. 

Therefore, the design of the control system consists in finding the transducers that when 

implemented yield the proper unit modal control forces u,, and modal error sensor 

components &js. 

Further inspection of Eqs. (2.34) and (2.35) shows that the real significance of the 

unit modal control forces and the modal error sensor components in the response of the 

controlled system is that they represent the relative controllability and observability of the 

modes by the control actuators and the error sensors, respectively. As shown in Appendix 

A for the case of a single input-single output (SISO) control system, regardless of the type 

of actuators and sensors, the unit modal control forces and the modal error sensor 

components play the role of weighting coefficients that can be normalized between +1. 

The fact that the response of the controlled system can be obtained without the 

knowledge of the physical characteristics of the transducers but from their effect on the 

different modes brings out the opportunity of designing the control system using an 

inverse approach. In this inverse procedure, the optimum modal controllability and 

observability of the modes (i.e., the modal parameters u,, and &,;) are obtained first. 

Then, this information is used to search for the actuators and sensors that when 

implemented yield the optimum modal parameters. Moreover, the separation of the 

modal domain from the physical domain results “ideal” for the design of ASAC systems 

from the standpoint of understanding the physics of the problem. By looking 

independently at the modal domain, it allows a clear view of the mechanism of control of 

the different modes. 

The proposed two-step design approach can be easily implemented using a multi- 

level optimization procedure. In multi-level optimization a complex problem is broken 

into a set of simpler problems that offers computational advantages. The process of 
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decomposition consists of separating the optimization process in an upper level problem, 

in which a global cost function is minimized with respect to global design variables, and 

a set of lower level problems, in which a set of local design variables are related to all the 

global design variables or a subset of them. A schematic of the proposed design approach 

is presented in Figure 3.1. The upper level or modal domain optimization consists in 

finding the optimum unit modal control forces and modal error sensor components that 

minimize the total radiated acoustic power. Therefore, at the upper level optimization, 

the global cost function is the total radiated acoustic power as presented in Eq. (2.35) and 

the global design variables are the modal quantities u,, and &,,. 

Once the optimum modal parameters are obtained, a set of lower level or physical 

domain optimization problems can be solved in which the actuators and sensors that yield 

the optimum unit modal control forces u,, and modal error sensor components €,, are 

obtained. Therefore, the local design variables at the lower level are the physical 

parameters that define the actuators and sensors (i.e., number, size, location, etc.), while 

the local cost functions are the sum of the squares of the differences between the 

optimum modal quantities and the "actual" modal parameters due to the implementation 

of a particular transducer. The outcome of this procedure is an optimally designed 

control system. 

It is important to list the main advantages of the proposed design approach. They 

are: 

1. The design process is broken into the solution of two simple problems. The modal 

domain or upper optimization problem consists in the minimization of a continuous 

function of the modal control parameters. On the other hand, the physical domain or 
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Upper Level or Modal Domain Optimization 

Obtain optimum unit modal control forces u,, and 
optimum modal error sensor components €,,... 

  

    

Lower Level or Physical Domain Optimizations Lower Level or Physical Domain Optimizations 

Obtain physical characteristics of actuators Obtain physical characteristics of sensors that 

that yield optimum unit modal control forces. yield optimum modal error sensor components. 

    

F(a) 

  

Optimized Controlled Structure 

Figure 3.1 Control system design using multi-level optimization. 
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lower level formulations consist in a set of much simpler problems that involves 

matching the "actual" modal parameters of the transducers as close as possible to the 

"ideal" modal parameters. The simplicity in the solution in these two leve] approach 

should be contrasted to the difficulty in solving a straightforward optimization 

problem in which the acoustic response is directly expressed in terms of the physical 

characteristics of the transducers. 

2. Since the upper level] is solved in the modal domain, the formulation is applicable to 

the design of any complex structure modeled using FEM/BEM codes. The highest 

computational effort at this level is in computing the matrices [K(@,)] in Eq. (2.35). 

The computation of these matrices has to be carried out only once during the design 

process. 

3. Since the modal domain is universal for any type of structure, a sensitivity analysis of 

the cost function and the constraints can be developed in this stage. The use of 

analytical sensitivities instead of numerical approximations greatly improves the 

performance of optimization algorithms. 

4. Since the response of the controlled system is completely defined in the modal 

domain, the upper level formulation can be used to investigate and evaluate the 

performance of different control system configurations. At this level, the designer can 

decide with relative ease the required number of control inputs N, and error outputs N, 

that are necessary to obtain a desired attenuation. 

5. Since the design of the transducers to be implemented in the control system 1s carried- 

out after solving simple sets of optimization problems, different models of actuators 

and sensors can be easily investigated at the lower level without the need to re- 

compute the response of the structure. 
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3.3 Upper Level or Modal Domain Optimization 

As mentioned before, the modal domain or upper level optimization consists in 

solving for the optimum unit modal control forces u,, and the modal error sensor 

components €,, (i.e., design variables) that will minimize the total radiated power (i.e., 

cost function). A straightforward approach to solve this problem could be to minimize 

the expression in Eq. (2.37) as a function of the design variables u,, and & 5. This results 

in a continuous unconstrained optimization problem that could be solved by any gradient 

search technique such as a Newton or Quasi-Newton methods (Arora, 1989). The major 

drawback of this approach is that it does not provide any bound in the amount of the 

required control input. It is most likely that the optimum solution of this unconstrained 

problem will be at the expense of a great amount of input energy through the control forces, 

which is an aspect of major concern if a practical optimum control system is desired. The 

modal domain optimization problem that includes a constraint in the control effort is then 

expressed as 

IT (@) 

IT,(@) 
(3.1a)   Min Rtu,,.6,.) = 

2 N 

U Uys ns; U,, . such that: glut) = > (ua J SA, i=l,..Ne (3.1) 
n=] 

  
  

  F(a, fn 

m=N-XNr 
N 

gi(uy,)= > uw, =1 k=1,...,N- (3.1c) 

N 

85(E,.) = ve =] s=l,...N, (3.1d) 
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The optimization problem stated in Eq. (3.1) seeks to minimize the ratio R(ups,Ens) 

of the total radiated power of the controlled system IT} (q@) to the total radiated power of the 

uncontrolled system II,(@). The inequality constraints in Eq. (3.1b) impose restrictions 

on the effort, through the penalty parameter A,,. These constraints are formulated in the 

modal domain. By setting the penalty parameter /,, to less than one, Eq. (3.1b) implies that 

the modulus square of each one of the modal control forces, | Ux) | 2 will be in a 

weighted average sense less than the modulus square of the modal disturbances, |F (Mn | 2 

Therefore, by satisfying these constraints the control force applied to each mode will be less 

than the modal force due to the disturbance. There is an inequality constraint of this type 

for each one of the N, control inputs at each one of the Nr frequencies. It is important to 

mention that the constraints in the control effort (Eq. 3.1b) could also be implemented as a 

penalty in the cost function. Finally, the equality constraints in Eqs. (3.1c,d) imply a 

normalization of the design variables since the only relevant information is their relative 

values, which defines the relative controllability and observability of the modes, 

respectively. 

By minimizing the ratio R(u,x,6;5) in Eq. (3.1a), instead of minimizing directly the 

radiated power of the controlled system II;(@), the cost function will always acquire a 

value between zero and one. In the same way, the equality constraints will keep the values 

of the design variables bounded to +1. The normalization of the cost function and the 

design variables is a standard practice in the implementation of numerical algorithms to 

solve optimization problems. Within optimization routines, convergence tolerances and 

other criteria are necessarily based upon an implicit definition of “small” and “large”, and 

thus variables with widely varying orders of magnitude may cause difficulties for some 

algorithms (Arora, 1989). 
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The continuous optimization problem in the upper level or modal domain can be 

solved by any constrained optimization algorithm in conjunction with the developed 

analytical sensitivity formulations. In this work, the modal domain optimization is solved 

using the Goal Attainment Method of Gembicky (Gembicky, 1974). This method is a 

multi-objective optimization procedure in which the cost function and the constraints are 

both expressed as design objectives with individual goals to reach. The advantage of this 

method over other conventional nonlinear constrained optimization routines is that instead 

of having to satisfy hard constraints it allows the design goals to be under or over achieved. 

It is easier to solve the present problem satisfying goals that can be under or over attained 

instead of having a set of rigid constraints. 

The Goal Attainment Method formulation for the optimization problem in Eq. (3.1) 

is expressed as 

Min y (3.2a) 

such that: R(u,56,,)—Y Pr =9 (3.2b) 

Bin Ung +Snc3®;) — We S Am (3.2c) 

8 (Un) — YD. = 1 (3.2d) 

82 (Su) — =! (3.2e) 

As can be noticed from the equations, the goals are exactly reached when the variable y is 

minimized to zero. This condition is equivalent to exactly satisfy rigid constraints. If the 

rigid constraints are not exactly satisfied (i.e., y #0), the terms yor and yp, introduce 

elements of slackness into the formulation letting the possibility of under- or over-achieving 

the goals. The weighting coefficients pr and p, control the relative degree of under-or-over 

achievement of the different goals. In the present application, the solution approach is to 

satisfy as close as possible the goals in Eqs. (3.2c,d,e) and be less strict in satisfying the 
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objective in Eq. (3.2b). This is achieved by assigning much smaller weighting coefficients 

p- than pr. Therefore, the optimum solution will put more emphasis in yielding an optimum 

system satisfying the restrictions in the control effort. On the other hand, if pr is smaller 

than p,, a greater attenuation in the total power would be expected at the expense of greater 

control effort. 

The Goal Attainment formulation in Eq. (3.2) is posed as a non-linear programming 

problem and solved using Sequential Quadratic Programming (The MathWorks, 1992). 

3.4 Modal Domain Sensitivity Analysis 

Optimization algorithms involve the use of sensitivity (gradient) of the cost function 

and the constraints in their search for an optimum solution. This task can be easily 

performed using numerical techniques such as the Finite Differences Method (FDM). The 

main disadvantage of the FDM is that the number of evaluations of the cost function and 

constraints increases significantly making the optimization process inefficient. In addition, 

it often has accuracy problems (Arora, 1989, Haftka and Gurdal, 1992). 

Fortunately, by expressing the upper level optimization problem in terms of modal 

parameters, it is possible to obtain analytical formulations to compute the sensitivity of the 

design objectives (i.e., total radiated power, modal contro! effort and modal parameter 

normalizations) to the design parameters (i.e., unit modal control forces and the modal error 

components). Since the modal domain formulation is the same regardless of the type of 

structure or transducers, these formulations are the same for any system. 

3.4.1 Sensitivity of Total Radiated Power 

The sensitivity of the controlled total radiated power to the n” unit modal force of 

the k" control input is obtained by differentiating Eq. (2.35). That is 
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AI) _ Fcc" (@y FL | 4 [24 |" . 
ou, ={4 (w)} Kw} Ou, fod mu, | [xwolfe (a)}. (3.3) 

From Eq. (2.34), the vector of the partial derivatives of the modal displacements with 

respect to the unit modal control forces can be expressed as 

    

[ae (3.4) OU (@) 

Ou, 

= U,(@)H,(w){e, \+[H ora Wn 

where {e,,} is a Standard unit vector in which the n'" element is unity and all the others zero 

As shown in Eq. (2.34), vector {U(q@)} is the solution of a linear system of 

equations. When the number of control inputs equals the number of error sensors, this 

system can be solved by multiplying on both sides of the equation by the inverse of [T.e(@)]. 

On the other hand, when there are more error outputs than control inputs, the system is 

solved using a pseudo inverse approach (Chapra and Canale, 1988). That is, the control 

inputs are obtained from the solution of 

[A(@)]{U (@)} = -F(@)[T,, (@)]" {T,.(@)} (3.5) 

where matrix [A(@)] was already defined in chapter 2. Expressing the control inputs as the 

solution of Eq. (3.5) instead of Eq. (2.34) will generalize the formulation of the sensitivity 

for any control system configuration. Then, the partial derivatives of the control inputs to 

unit modal control forces are given as 

  

{2} ~ {ace (U,(ore color)" By} +a, (ws 4 cane} (6.6) au, 
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where vectors {e,} is again a standard unit vector with a one in the k” element and all the 

others zero, vector {&,}={&,), Enz,....Enns}’ contains the n” modal error sensor component 

for each of the N, error outputs and a,,(@) is a scalar given as 

a, (w) = {E,}" {[7..(@) HU (@)} + F(@){T,, (@) }}. (3.7) 

This scalar will vanish for the case when the number of error sensors is equal to the control 

inputs (1.e., N=N,;). On the other hand, when the number of error outputs is larger than the 

control inputs (1.e., WN; >) the solution of Eq. (3.5) is achieved only in a least square sense 

and does not vanishes. 

Finally, Eq. (3.4) can be written as 

  

a} =U, (@) A, (@){e,}-[H@ [eA] OU np (3.8) 

x(U, (@)H, (@)[T,.(@)]" {E, }+ a, (@)H, (@){e, } 

Similarly, the sensitivity of the total radiated power with respect to the modal error 

sensor components is given as 

all*(@) H a “(@) 7 “(@) H 

AV) « fge ag'(@)| , 2g 
eI {Kor} aE, I aE, [K@|g@m}, 69% 

where 

44() | __ pan tf aU) 
Be total ™ 
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and 

  

ee > = -[A(o)] "(BH (o){u, }+ gq ()[Z.,(o)I" {e,}] , (3.11) 

Vector {u,}={u, [pUn2oeesUlnNe} contains the n’" modal control force for each of the N.. control 

inputs, vector {e,} is a standard unit vector as previously defined and £,(q@) is the si” 

component of the vector 

{B(@)} = {[T.(@) {U (@)} + F(@){T,(@)}}. (3.12) 

Then, Eq. (3.10) becomes 

  

ae} = -[H(@) uJ A@)] (8,4. ({u,}+ 4° @LZ.(@)]"{e,}]  G.13) 

The computational effort and accuracy of the analytical sensitivities in Eqs. (3.3) 

and (3.9) were compared to the ones computed using the FDM (Rodriguez and Burdisso, 

1993). The results show that the computational time of the analytical formulation is about 

64% of the time required using numerical approaches. In addition, the analytical sensitivity 

eliminates the "step size dilemma". That is, the round-off and truncation errors that are 

introduced in numerical sensitivity computations when the step size is too small or too big, 

respectively. 

3.4.2 Sensitivity of Modal Control Effort 

The sensitivity of the constraints in the modal control effort, as defined in Eq. 

(3.1b), to the n” unit modal control force of the k” control input is obtained as 
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me OU ,(o) BW) 17+ | 

My, Hy         
: (3.14) 

          

dU ,.(@) 

Ung 

  

where, is the k'” element of the vector defined in Eq. (3.6). 

In the same way, the sensitivity of the constraints in the modal control effort to the 

h . . 
n™ modal error sensor component of the s” error channel is obtained as 

BE (Une +E ns) (yo no (@) }. 
2 = U. U" ; 3.15) 

aE, a, 1 * ) Dimer 
    

ss   

where OU) is the k” element of the vector defined in Eg. (3.11). 
As 

3.4.3 Sensitivity of the Normalization of the Modal Parameters 

Finally, the sensitivities of the normalization constraints, Eqs. (3.1c) and (3.1d), are 

straightforward and are given as 

  

a{ wo. |_ 
iu, x ue | = 2u, (3.16) 

and 
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respectively. 

3.5 Lower Level or Physical Domain Optimization 

Once the optimum modal parameters are obtained they are used as goals to reach in 

a set of physical domain optimization problems. The purpose of the optimization problems 

at this level is to find the physical characteristics of the desired actuators and sensors that 

when implemented in the real structure induce unit modal control forces and modal error 

sensor components as close as possible to the optimum values obtained from the upper level 

optimization. For the sake of clarity, from now on the optimum modal parameters obtained 

in the upper level are denoted as "ideal" while the modal parameters of the physical 

transducers are denoted as "actual". 

The "actual" modal parameters are functions of the physical design parameters of 

the transducers such as type, location, dimensions, etc.. Hence, the first requirement at this 

level is to have mechanical models for the transducers that relate the modal parameters to 

the physical design variables. In addition, a single control input (error output) can be 

implemented using multiple actuators (sensors) wired in- or out-of-phase. Therefore, the 

cost functions at this level are a measure of the difference between the “ideal” and "actual" 

modal parameters while the design variables are the physical characteristics of the 

implementation of the transducers (i.e., size, location, relative phases, etc.) 

For example, the mechanical model of point force actuators such as 

electrodynamic shakers consist in simply the value of the mode shape at the actuator 
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location. Therefore, the vector of physical actuator design variables {x} for these 

transducers consists in the coordinates of the implemented point forces and their relative 

phases (i.e., +1). Similarly, the mechanical model for accelerometer sensors is also the 

value of the mode shape at the sensor location. Hence, the vector of physical sensor 

design variables {y} consists also in the coordinates and relative phases of the sensors. 

3.5.1 Optimum Actuator Design 

The set of lower level or physical domain optimization problems to obtain the 

optimum physical design parameters {x} for the control actuators can be expressed in 

forma] optimization notation as 

2 

. (3.18) Un Py ({x h) min C,({x}) = y 

n=] 

  

where the cost function C,({x}) represents a measure of the error between the "ideal" 

optimum unit modal control forces u,, and the "actual" unit modal control forces given by 

the function on ({x}) for the k” control input. Then, the n” component of the "actual" 

unit modal control force ®.. ({a}) driven by the k” control signal is obtained by including 

the contributions of all the n” unit modal forces produced by each one of the N4 actuators as 

y ({x}) = > Yi ({x, ) , (3.19) 

where Y, ({x, }) is the mechanical model that defines the n” unit modal force produced by 

the i” actuator and vector {x;} contains the design variables for the i” actuator. 
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3.5.2 Optimum Sensor Design 

Similarly, the set of lower level or physical domain optimization problems to obtain 

the optimum physical design parameters for the error sensors can be expressed as 

min C(Ly})= Yn. - Qual} 
n=] 

(3.20) 

  

where C; is the cost function relating the difference between the optimum modal error 

sensor components €,, and the "actual" modal error sensor components given by 

ome y}) connected to the s” error channel. Similar to the case of the unit modal control 

forces, the n component of the "actual" modal error sensor component due to the s” error 

signal Q,.({y}) can be obtained by including the contributions of all the n™ modal error 

sensor components due to each one of the Ne error sensors as 

N 

©,,.({y}) = ¥'2, Ly, \, (3.21) 

j=l 

where Q,, ({ y; }) is the n™ modal error sensor component of the j” error sensor and vector 

{yj} contains the design variables for the j’" sensor. 

Equations (3.18) and (3.20), solved for each one of the N,. control and N, error 

channels, define completely the set of lower level or physical domain optimization 

problems. As can be seen, once the optimum modal parameters are obtained in the upper 

level optimization different actuators and sensor models can be investigated with a 

minimum computational effort. 

Multi-level Optimization Design 43



In this work the lower level optimization problems have been implemented using 

a Genetic Algorithm (GA) (Goldberg, 1989) which, for the sake of completeness, is 

briefly described in Appendix B. The GA has been selected for several reasons: 

1. Firstly it is easy to implement. The method is based upon the principles of natural 

selection in which the design variables are encoded as strings that are modified using 

simple operations such as coping and partial exchanges in order to improve their 

contents. 

2. Since the design variables can be encoded using binary numbers, the method easily 

handles hybrid continuous-discrete problems. This is ideal for the present application 

in which the mechanical models are usually continuous functions while the relative 

phases are discrete variables (i.e., +1). 

3. The algorithm mainly consists in the evaluation of the strings (i.e., cost functions) and 

no sensitivity information is needed. 

4. Since the method investigates a population of strings (i.e., design alternatives) instead 

of a single optimum solution, it is suitable for problems involving multiple local 

solutions. 

5. The outcome of a GA provides a set of solutions ranked by their respective fitness. 

Therefore, instead of having a single design solution, the designer can choose from 

different configurations the one(s) that best fit a particular situation. 
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3.6 Summary of the Design Approach 

The previous sections presented the general description and specific mathematical 

formulations that are needed to implement the design procedure. In this section the main 

steps during the design process are outlined. For that matter, a road map with the most 

important equations is included in Figure 3.2. The complete analysis can be separated in 

three main steps. First, the response of the uncontrolled system IT,(q@) is obtained after the 

identification of the eigenproperties of the structure (analytically, numerically or 

experimentally) and the computation of the modal pressures and modal power matrices at 

each frequency. The second main step is the solution of the modal domain optimization 

problem. This process consists in the search of the optimum modal control parameters upx 

and &, and involves the evaluation of (1) the control inputs {U(@)}, (2) the response of the 

controlled system IT i, (@) (using the same modal acoustic results in the first step) (3) the 

constraints in the contro] effort and normalization of the modal parameters (4) and the 

sensitivity of the controlled response and constraints with respect to the design variables 

(i.e., Une and €,,). Finally, the obtained optimum modal parameters are employed, in 

conjunction to the mechanical models of the transducers, to design the optimum actuators 

and sensors to be implemented. These design steps are employed in the next two chapters 

for the design of ASAC systems. 
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Uncontrolled System Response 

Obtain Eigenproperties: @,, ¢,(7,), Bas Sh 

Compute Modal Pressures: Eq. (2.12) 

Compute Modal Power Matrices: Eq. (2.17) 

Evaluate Uncontrolled Power: Eq. (2.19) 

¥ 
Modal Domain Design 

      
  

Evaluate Feedforward Contro] Inputs: Eq. (2.34) 

Evaluate Controlled Power: Eq. (2.37) 

Evaluate Constraints: Eqs.(3.1b,c,d) 

Compute Sensitivities: Eqs. (3.3),(3.9),(3.14),(3.15),(3.16),(3.17)     
  

Optimum Modal 

Error Sensors, ¢,,, 

    

            

Physical Domain Design Physical Domain Design 

Evaluate Mechanical Model of Evaluate Mechanical Model of 

Actuators Sensors 

Solve: Eq. (3.18) Solve: Eq. (3.20) 

f PE 

| Optimum Actuator Parameters , Optimum Sensor Parameters | 

Figure 3.2 Road map to implement the multi-level design procedure. 
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Chapter 4 

Numerical Results 

4.1 Introduction 

The present chapter illustrates the implementation of the proposed multi-level 

optimization design approach for two structures of increasing complexity. First, the 

design of an optimum control system for a baffled simply supported plate is discussed. 

Since both the structural and acoustic responses of a simply supported plate can be 

obtained analytically, the study of this structure is ideal as a benchmark for more complex 

systems. The second part of the chapter contains the design of a control system for a 

simply supported cylinder. The analysis of cylindrical structures is interesting from the 

point of view that it represents a structure of involved complexity on its vibration and 

acoustic response. These types of structures are commonly used to model typical 

engineering structures such as piping systems, aircraft fuselages, and submarine hulls 

among others. 

4.2. ASAC Design for a Plate Structure 

The baffled simply supported plate employed in this example is shown in Figure 

4.1. The plate is made of steel with a modulus of elasticity E=2x10''N/m’, mass density 

Ps=7,800Ns*/m* and Poisson's ratio v=0.28. The dimensions of the plate are L,=0.38m, 

y=0.30m and thickness h=0.002m. The plate is assumed to be vibrating in air with a 

density p=1 .21kg/m’ and phase speed c=343m/s. The disturbance is assumed to be 
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Numerical Results 

pD(r,6,Y,0) 

  

  

  
  

  

Figure 4.1. Simply supported baffled plate. 
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a point force with amplitude F(@)=1N and frequency w=3,454rad/s (i.e., 550Hz) and 

located at x=0.24m, y=0.13m. 

4.2.1 Uncontrolled System Response 

For the case of a simply supported plate, the n™ natural frequency and mass 

normalized mode shape are given as (Meirovitch, 1967) 

  

Eh’ 
= |————___(k? +k? 4.1 

and 

d,(x,y= sin(k,,x) sin(k,,y) , (4.2) 
gy oy 

respectively. In these equations, k, =n,/L, and Kvn =nt / L, where n, and ny are the 

n'" modal indices in the x and y direction, respectively. Since the disturbance is a point 

force, the unit modal disturbances are the value of the mode shapes in Eq. (4.2) at the 

force location, i.e. f,=¢,(x;,y,). In the analysis, it is assumed a modal damping ratio of 1% 

in all the modes (i.e., 8,=0.01) and the number of modes is N=11. The structural modal 

parameters are summarized in Table 4.1. From the values of the natural frequencies, it 

can be seen that the disturbance excitation is off-resonance between the (1,3) and the 

(4,1) modes. In addition, the values of the unit modal disturbances indicate that the 

disturbance couples well with modes (4,1), (1,1), (1,3) and (1,2) while is less effective in 

driving, for example, modes (3,2) and (3,3). 
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Table 4. 1 Modal properties of the simply supported plate. 
  

  

Mode ModalIndex Natural Frequency Unit Modal 

n (niy,Ny) Hz Disturbance, fh 

1 (1,1) 85.9 1.37 

2 (2,1) 184.9 -1.10 

3 (1,2) 244.8 0.57 

4 (2,2) 343.8 -0.46 

5 (3,1) 349.9 -0.48 

6 (3,2) 508.5 -0.20 

7 (1,3) 509.5 -1.13 

8 (4,1) 581.0 1.49 
9 (2,3) 608.5 0.91 

10 (4,2) 739.8 0.62 

1] (3,3) 773.5 0.40 
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Similarly, the far-field acoustic response due to the n™ mode of a baffled simply 

supported plate can also be obtained analytically from the solution of the Raleigh integral 

as (Fahy, 1985) 

LL. —1\% p7st 1)" p7it2 ; p,(r,0,7,0) = ~~? hy 4 (-1)"e 1] (-le 1 en (4,3) 
n p 2 2 

2nrn.n, Y p,AL,L, | (t,/n,) 1 | (t,/n,x) -1 

where k=ay"c, T, = kL, sin@cosy and tT, = kL, sin@siny. 

  

The modal components of the acoustic power that define matrix [K(q@)] in Eq. 

(2.17) can now be obtained by replacing Eq. (4.3) and numerically integrating over a half 

hemisphere surrounding the plate as 

27 r/2 

K am (@) = | [2ceee sin Oddy . (4.4) 

p 
0 0 

Cc 

The elements of the [K(@)] matrix at 550Hz are shown in Figure 4.2. In the 

figure, the dark blue bars represent positive contributions while the light blue bars 

represent negative values. As mentioned before, the diagonal elements of this matrix 

(i.e., the diagonal bars in the figure) represent the power due to the direct contributions of 

each mode while the off-diagonal terms (i.e., bars) are the power due to the coupling 

between the modes. Since these results are the values of the power due to the modes, 

without the effect of the dynamics of the system, the units are Wikgm’. As can be 

observed, mode (1,1) generates the largest sound power followed by the (2,1) and (1,2) 

modes and so on. In addition, Figure 4.2 shows that the interaction between the odd-odd 

modes (i.e., (1,1)- 
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Figure 4.2 Elements of modal power matrix [K(@)] for the simply supported plate at 

550Hz. 
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(3,1) and (1,1)-(1,3)) to be as significant as the direct terms due to the (1,1), (3,1) and 

(1,3) modes. 

The contributions of the modes, both direct and cross terms, to the total radiated 

power at 550Hz including the dynamics of the system can also be presented graphically. 

To this end, each one of the elements in the double summation in Eq. (2.16) is shown in 

Figure 4.3. The results are presented in decibels (dB-ref 1x10°!*W) where the negative 

contributions (i.e., light blue bars) are included in the figure as the dB of the absolute 

value. This figure shows that mode (4,1) is the highest contributor to the total radiated 

power in spite of having low radiation efficiency as shown in Figure 4.2. This is due to 

the fact that the force strongly drives this mode. 

These results demonstrate the significant effect that the disturbance plays in the 

modal contributions to the total radiated power, in particular for spectrally white inputs. 

On the other hand, the effect of the radiation efficiency can be observed in the fact that 

even though the excitation frequency is far away from the resonance of the (1,1) mode the 

power due to this mode is only about 6dB below the power produced by mode (4,1). 

Thus, this shows that both the dynamics and the radiation properties of the modes are 

important in the modal breakdown of the total acoustic power. 

4.2.2 Control System Design: Results and Discussion 

This section illustrates the design of an ASAC system by means of the proposed 

multi-level optimization approach. First, the modal domain or upper level optimization 

problem is solved. At this level the designer can investigate different control system 

configurations such as number of control and error channels as well as different degrees 

of control effort dictated by a control effort penalty parameter A. Then, after a particular 

configuration is selected, the physical characteristics of the control actuators 
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and error sensors are obtained in order to solve the set of physical domain or lower level 

optimization problems. 

4.2.2.1 Modal Domain Design 

The goal in the upper level or modal domain optimization is to find the optimum 

values of the unit modal control forces and modal error sensor components that minimize 

the total radiated power of the controlled system II;(q@) in the presence of designer 

selected constraints in the modal control effort. In the present example, this optimization 

problem has been solved for the cases having six different control configurations: 1110, 

1220, 1130, 2120, 2130 and 3130 where "I" and "O" denote control and error channels, 

respectively. In addition, each one of the configurations have been computed for a range 

of values in the control effort penalty parameter ranging from A=0.2 to A=1.0. Therefore, 

the results permit to investigate the performance of six different control system 

configurations before any physical transducer is considered. 

The acoustic power reduction for each of the six control configurations as a 

function of the penalty in the control effort are shown in Figure 4.4. Each one of the 

configurations in the figure represents a set of optimum unit modal control forces u,, and 

optimum modal error sensor components &,,. The first observation in this figure is that, 

for a particular number of control channels, there is no increase in the reduction in the 

total radiated power by increasing the number of error outputs. Thus, the reduction in the 

total radiated power can be accomplished by relaxing the constraint in the control effort 

and/or increasing the number of control channels. 

The results in Figure 4.4 are very useful during the design process since the 

designer can decide at a very early stage how many control channels and at what relative 

expense (modal control effort) are needed to accomplished a desired attenuation. Since 
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the acoustic response (before and after control) is expressed in terms of modal 

parameters, the same reductions will be expected for any type of actuator/sensor 

configuration that yields the same unit modal control forces and modal error sensor 

components as the optimum ones. This is one of the main advantages of the present 

approach versus optimizing directly the physical characteristics of the transducers. 

In order to investigate in detail the optimum results, the values for the optimum 

modal parameters for the 1I1O configuration with a A=0.2 are presented in Table 4.2. As 

shown in the table, the optimum unit modal control forces, u,,4, suggest that most of the 

control effort should be dedicated to mode (4,1) followed by modes (2,1), (1,3), (2,3) and 

(1,1). In the same way, the optimum modal error components suggest to observe modes 

(3,2), (1,1), (4,2), (3,1) and so forth. 

The modal contributions to the controlled total radiated power using the optimum 

modal control parameters in Table 4.2 are shown in Figure 4.5. Comparison of this figure 

and Figure 4.3 shows that the mechanism of control is by mainly reducing the 

contribution due to mode (4,1). As shown in Figure 4.3, mode (4,1) 1s the highest 

contributor to the uncontrolled sound field and therefore it is trivial that this mode has to 

be highly controlled as implied in Table 4.2. On the other hand, modes (1,1) and (1,3) are 

virtually left unaffected by the control system as indicated by the low values of the unit 

modal control forces for these modes in Table 4.2. This is because in the uncontrolled 

system the direct power radiated by these modes is canceled by their negative cross- 

radiation terms as shown in Figure 4.3. On the other hand, Figure 4.3 shows that modes 

(2,1) and (2,3) do not have a significant direct term contribution to the total power. 

However, these modes couple acoustically with the (4,1) mode as shown by the important 

positive cross-terms in the same figure. Thus, the control system attenuates the (2,1) and 

(2,3) modes to reduce these cross-terms. 
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Table 4. 2 Optimum modal parameters for 1110 and A=0.2. 
  

  

Mode Unit Modal Modal Error Sensor 

(nx,ny) Control Force, u,,) Component, &,, 

(1,1) -0.074 -0.383 

(2,1) -0.166 -0.162 

(1,2) 0.002 -0.243 

(2,2) -0.001 0.008 

(3,1) -0.002 0.333 

(3,2) 0.000 0.625 

(1,3) -0.121 -0.214 

(4,1) 0.968 -0.079 

(2,3) 0.125 0.093 

(4,2) 0.001 0.340 

(3,3) 0.000 -0.302 
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Figure 4.5 Modal contributions to controlled power using the 1110 configuration 

and A=0.2. Total radiated power: 98.6dB.



The previous results show that the optimization process is successful in identifying 

only those modes that had to be controlled to reduce the total radiated power. On the other 

hand, the optimum modal error sensor components in Table 4.2, do not seem to observe the 

more important modes in the total radiated power. The highest value of the modal error 

components is for mode (3,2) that is barely excited by the disturbance and do not contribute 

at all to the acoustic field. 

The behavior of the optimum controllability and observability of the modes is 

explained by looking once more at the form of Eq. (2.35). If the values of the control inputs 

U,(q@) are fixed in this equation, as is the case when the modal control effort constraints are 

active, the only control parameters that change from mode to mode are the unit modal 

control forces u,,. Therefore, the total] radiated power is minimized by assigning values to 

the unit modal control forces that will allow to control the most important modes to the total 

radiated power. Thus, the relevance of the optimum modal error sensor components stands 

in providing the correct complex amplitudes for the control inputs and not in observing a 

particular mode due to its radiation characteristics. This also explains why there is no 

improvement in the reduction in the radiated power by simply increasing the number of 

error signals. Having more error signals will only provide different means to satisfy the 

required control effort constraints. 

In general, the priority in the optimum controllability of the modes will depend on 

the relative contributions of the different modes to the total radiated power, including the 

effect of the cross-terms, and the amount of allowed control effort. A comparison 

between the modal disturbance F(w)f, control forces U;,(@)u,, for the 1110 configuration 

and different parameters of control effort penalty values is shown in Table 4.3. In this 

table, only the real part of the control forces are presented since the imaginary part is 

small due to the low damping in the system. As shown in the table, when a small amount 

of control energy is used (e.g., A=0.2), the optimum modal controllability applies most of 
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Table 4.3. Comparison of the real part of the modal control forces vs. the modal 

disturbances F(w)f,, for a 1110 control system. 

Mode  Fia)f, Re(U(@)un) 
  

(nx.Ny) A=0.2 A=0.4 A=0.6 A=0.8 A=l1.0 A=2.0 A=10.0 

(1,1) 1.37 0.05 0.07 0.08 0.09 0.10 -0.16 -1.39 

(2,1) -1.10 0.11 0.15 0.19 0.21 0.24 0.34 1.08 

(1,2) 0.57 0.00 0.00 0.00 -0.01 -0.01 -0.06 -0.56 

(2,2) -0.46 0.00 0.00 0.00 0.00 0.00 0.03 0.53 

(3,1) -0.48 0.00 0.00 0.00 0.00 0.00 = -0.01 0.53 

(3,2) -0.20 0.00 0.00 0.00 0.00 0.00 = -0.01 0.20 

(1,3) -1.13 0.08 0.12 0.15 0.19 0.22 0.52 1.14 

(4,1) 149 -0.63 -0.88 -1.08 -1.24 -1.38 -1.85  -1.49 

(2,3) 0.91 -0.08 -0.11 -0.14 -0.16 -0.18 -030 -0.91 

(4,2) 0.62 0.00 0.00 0.00 0.00 0.00 -0.02  -0.40 

(3,3) 0.40 0.00 0.00 0.00 0.00 0.00 0.00 -0.12 
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the control force to the mode that is contributing the most to the total radiated power (i.e., 

mode (4,1)). As the penalty in the modal contro] effort is released, the modal control 

forces are distributed to other modes up to the point that there is enough control authority 

to basically cancel the effect of the disturbance. This can be seen in the table when 

A=10.0. In this case the values of the modal control forces for each mode are of similar 

amplitudes and out-of-phase to the modal disturbances. 

Similar results to the ones in Table 4.3, but for the 2220 and 3]30 control 

configurations, are shown in Tables 4.4 and 4.5. As can be observed from the results, a 

3130 system allows to apply more control energy to the structure with a smaller effort per 

channel than the 1110 and 2120 configurations. For example, the modal forces that result 

from having A=0.8 in a 2120 configuration can be obtained using a 3130 with A=0.4 (i.e., 

less control effort). On the other hand, these results also show that the number of control 

channels is not relevant in the controllability of the different modes. In other words, a 

1110 controller driving actuators that can deliver large forces is as effective as controlling 

using a 3130 system with actuators having less control authority. 

At this point, the major aspects of the modal domain optimization results have 

been covered. In a typical implementation of the proposed design approach, the designer 

investigates at the modal domain level many configurations, as shown in Figure 4.4, and 

selects the one that best fits the particular situation (i.e., attenuation, number of control 

channels, control effort, etc.). Then, the optimum unit modal control forces and modal 

error sensor components of the selected configuration are used in the physical domain 

level to design the physical characteristics of the actuators and sensors. 

The 1110 control configuration for A=0.2 served the purpose of studying in detail 

the results in the modal domain. In order to have a better attenuation in the radiated 

sound power, the control 1110 configuration for A=1.0 is used in the next section to 
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Table 4.4 Comparison of the real part of the modal control forces vs. the modal 

disturbances F(q)f, for a 2IZO control system. 

  

  

  

a nn POYn >) U, om 

A=0.2 A=0.4 A=0.6 A=0.8 A=1.0 

(1,1) 1.37 0.10 0.05 -0.43 -0.77 -0.95 

(2,1) -1.10 0.21 0.30 0.38 0.44 0.50 

(1,2) 0.57 -0.01 -0.02 -0.11 -0.18 -0.22 

(2,2) -0.46 0.00 0.01 0.08 0.17 0.27 

(3,1) -0.48 0.00 0.00 -0.01 0.03 0.10 

(3,2) -0.20 0.00 0.00 -0.01 -0.02 -0.01 
(1,3) -1.13 0.19 0.35 0.69 0.88 0.97 

(4,1) 1.49 1.24 -1.73 -1.86 -1.80 -1.74 

(2,3) 0.91 -0.16 -0.24 -0.38 -0.55 -0.69 

(4,2) 0.62 0.00 -0.01 -0.05 -0.11 -0.16 

(3,3) 0.40 0.00 0.00 -0.01 -0.01 -0.02 
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Table 4.5 Comparison of the real part of the modal control forces vs. the modal 

disturbances F(q)f, for a 3130 control system. 
  

  

  

a i MOYn >) U, cme 

A=0.2 A=0.4 A=0.6 A=0.8 A=1.0 

(1,1) 1.37 -0.04 -0.86 -1.14 -1.28 -1.36 

(2,1) -1.10 0.33 0.47 0.60 0.72 0.91 

(1,2) 0.57 -0.04 -0.20 -0.29 -0.39 -0.50 

(2,2) -0.46 0.02 0.22 0.39 0.49 0.53 

(3,1) -0.48 0.00 0.06 0.24 0.40 0.50 

(3,2) -0.20 -0.01 -0.01 0.02 0.08 0.16 

(1,3) -1.13 0.43 0.93 1.05 1.10 1.13 

(4,1) 1.49 -1.80 -1.77 -1.66 -1.60 -1.53 

(2,3) 0.91 -0.27 -0.62 -0.84 -0.93 -0.94 

(4,2) 0.62 -0.01 -0.13 -0.24 -0.30 -0.34 

(3,3) 0.40 0.00 -0.02 -0.04 -0.07 -0.09 
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illustrate the lower level of the design formulation. The optimum values of the unit 

modal control forces and modal error sensor components for this case are included in 

Table 4.6. Similar to the previously discussed configuration, the optimum controllability 

is principally concentrated to mode (4,1) and some contribution to modes (2,1), (2,3), 

(1,3) and (1,1). For completeness, the corresponding contributions to the total controlled 

radiated power using this configuration are shown in Figure 4.6. This control 

configuration yields a reduction of 9.9dB in the total radiated power by further reducing 

the contributions of modes (4,1) and (2,1). 

4.2.2.2 Physical Domain Design 

The first step in the lower level or physical domain design is the selection of the 

type of transducers to be used. One of the advantages of the present design approach 1s 

that different models of actuators and sensors can be investigated with a low 

computational] effort. In the case that the "actual" modal parameters from the actuators 

and sensors are exactly the same as the “ideal” ones, the after control response will be 

exactly the same as the one computed in the upper level. In the present work, the design 

formulation is demonstrated only for one type of actuator and sensor. The control 

actuators will be PZT patches while the error sensors are assumed to be accelerometers. 

4,2.2.2.1 Optimum Actuator Design 

A mechanical model for the PZT elements that relates the physical to the modal 

parameters is required. As shown in the literature, if two PZT patches are symmetrically 

bonded to both sides of the structure and wired out-of-phase, their effect can be 

approximated as line moments applied to the middle surface of the structure along the 
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Table 4.6 Optimum modal parameters for 1110 and A=1.0. 
  

  

Mode Unit Modal Modal Error Sensor 

(ny,ny) Control Force, un; Component, &,; 

(1,1) -0.070 0.161 

(2,1) -0.166 -0.235 

(1,2) 0.005 0.359 

(2,2) -0.002 ~-0.102 

(3,1) -0.002 0.186 

(3,2) 0.001 0.094 

(1,3) -0.154 -0.143 

(4,1) 0.963 -0.460 

(2,3) 0.127 0.455 

(4,2) 0.002 0.534 

(3,3) 0.001 -0.110 
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Figure 4.6 Modal contributions to controlled power using the 1110 configuration 

and A=1.0. Total radiated power: 91.8dB. 
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edges of the patches (Dimitriadis et. al., 1989). In the present example, this configuration 

(i.e., a PZT pair wired out-of-phase) is denoted as a single actuator. 

For the case of a 2-D planar structure, the line moments along the edges of the i" 

PZT actuator will yield an n™ unit modal force in the form of 

Pri (Xie Vers Wai Wij» P)= PC 

42, J2i 

X [Peter ar ae | PaEid) PoC) gy 

ax Ox a oy 

(4.5) 

where P;=+1 1s the relative phase between actuators and the constant Co is a function of 

the thickness and material properties of the plate and the PZT elements given as 

(Dimitriadis et al., 1989). 

  

  

C __E,l+v, Ch? dy (4.6) 
© 6 I=v 1+v-(1tv,)C, h, ’ 

where 

c =-FeleV ¢ (4.7) 
' E1-v”? 

and 

3hh,(h+ h, ) 
2 (4.8) 

G + ‘mn + 3hh? 
2 P p 
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The properties of the PZT patches are given in Table 4.7. Finally, the limits in the 

integral in Eq. (4.5) denote the boundaries of the i” actuator as X=Xei-Wai, X2Z=XeiHWui, 

Yu=Vea-Wy; and yr=Yertwyj; where (x.j, yj) and (w,y;,wy;) are the central coordinates and 

dimensions of the i” PZT pair, respectively. Using this configuration for the unit modal 

control forces, the optimum control inputs U,(@) will be the voltages to be applied to the 

actuators. 

For the case of simply supported plates, the mode shapes are given in Eq. (4.2) 

and the integrals in Eq. (4.4) are found analytically as (Dimitriadis et. al., 1989) 

2 +k? 
Pri (Xi Mois Wars Wyo A) = PC. ——— 

| Kok 
. (4.9) 

x(cos(k 2; ) - cos(k,, 5, ))(cos(k,.%, ) ~ cost k V2; )) 

Finally, Eq. (4.9) can be substituted in Eq. (3.19) to obtain the n' unit modal force due to 

Ng actuators driven in- or out-of-phase by the k” control input. In the present example, 

up to three actuators (i.e., N4=1,2 or 3) were tested. 

The GA method was then used to find a set of solutions for the control] input 

implemented with one, two, and three PZTs, respectively. Ten different GA analyses 

were carried out for each one of the PZT configurations. The best solution from each 

analysis was selected that yielded a final set of thirty possible contro] implementations. 

The performance of these thirty control configurations are summarized 1n Figure 4.7. The 

"actual" modal error sensor components are not known at this stage, the computations are 

carried out using the "ideal" values of the modal error components &, , given in Table 4.6. 

In this figure, the horizontal axis represents the thirty control configurations, e.g. the first 

ten are the best solutions for each one of the GA analyses with a single actuator and so 

forth. The bars represent the power reduction achieved for 
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Table 4.7 Physical properties for the piezoelectric actuators. 

  

Property Value 
  

Piezoelectric Strain Coefficient, d3, 171x10°!? m/volts 

Poisson's Ratio, Vv, 0.31 

Young's Modulus, E, 6.1x10'°N/m? 

Thickness, h, 0.0002m 
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each configuration. For comparison purposes, the solid horizontal line represents the 

predicted power attenuation from the modal domain optimization (1.e., AII(@)=9.9dB). 

In Figure 4.7, the control effort constraint given in Eq. (3.1b) is also plotted 

(dotted line) to illustrate the performance of the solutions. The limit of this constraint 

(i.e., A=1.0) is indicated by the horizontal dotted line. Thus, any value higher that 1.0 

indicates that the constraint is violated. 

The results in Figure 4.7 show that good attenuation in the total radiated power is 

obtained even when using a single PZT. The fifth case gives an increase in the power 

(i.e., clear bar implies negative reduction) but since there are many other alternate 

solutions, the designer just need to discard that one. The good performance of the single 

PZT is at the expense of a significant violation in the control effort penalty. On the other 

hand, the control effort is reduced (i.e., the value of the constraint approaches the "ideal" 

value of 1.0) as the number of PZT patches is increased. This is because as the number of 

actuators is increased the match between the "ideal" and "actual" unit modal control 

forces 1s better and the contro] spillover to undesired modes is reduced. 

From the thirty available solutions, the ninth configuration when using two PZTs 

is selected to be implemented in this example. In this configuration both actuators are 

driven in-phase which yields a reduction of 9.9dB in the total radiated power and a small 

violation in the control effort limit of 1.5. 

4.2.2.2.2 Optimum Sensor Design 

The mechanical model of accelerometer sensors is simply given as the value of 

the mode shape at the sensor location. That is, the n” modal error sensor component for 

the j” accelerometer is 
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Figure 4.7 Performance of optimum actuator configurations (using '‘ideal'' sensor). 

Numerical Results 72



2 (yo Ng) = Pg (Xyo Ny) (4.10) 

where the location of the j" sensor iS (X,,)y). Using Eq. (4.10), the n'” modal error 

sensor component for Neg sensors wired to the s" error channel can be obtained using Eq. 

(3.21). The design variables in this optimization problem are the coordinates of the 

sensors (X5,sj) for j=1,...,Ne. 

The physical domain optimization problem to design the sensors is again exactly 

in the same form as the case of the actuator design using the GA as explained in chapter 

3. Results are obtained for sensing configurations consisting of one, two, and three 

accelerometers (i.e., Ne=1,...,.3). The performance of the best solutions of ten GA 

analyses iS again evaluated in the same way as for the case of the actuators. Figure 4.8 

shows the power reduction and control effort constraint for the thirty sensing 

configurations. To obtain these results, the "ideal" unit modal control forces found in the 

modal domain optimization are used (see Table 4.6). The results in the third figure show 

that using only one sensor (i.e., minimizing the error at only one location ) do not yield 

enough amplitude to the control input U,(@) to induce a significant attenuation in the total 

radiated power. The attenuation for this case is about 4dB. It can also be observed that 

the control effort constraint is not active (i.e., gf (u,,,€,,) = O5< 1.0). As can be seen, as 

the number of sensors is increased there is an increase (in the average) in the reduction of 

the total radiated power. On the other hand, the modal control effort is very low with one 

sensor and also increases with the number of sensors. Based on these results the ninth 

configuration with three accelerometers is selected. This configuration (in conjunction 

with the “ideal” control forces) yields a power reduction of 11.0dB and again a small 

control effort violation (i.e., gj (u,,,6,,) = 12> 1.0). 
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Figure 4.8 Performance of optimum sensor configurations (using "ideal'' control 

forces). 
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4,2.2.2.3 Optimum Actuator/Sensor Configuration 

A schematic of the selected actuator/sensor configuration (i.e., 2-PZT(9) and 3- 

ACC(9) in Figures 4.7 and 4.8) is shown in Figure 4.9. The "actual" modal contro] and 

modal error sensor components are presented in Table 4.8. As can be seen, the "actual" 

unit modal control forces in Table 4.8 show a very good agreement to the "ideal" values 

in Table 4.6. The most significant discrepancy between the “actual" and "ideal" values is 

the change in phase in the first component. On the other hand, when compared to the 

"ideal" values, the “actual" modal error parameters show some differences in terms of the 

relative observability of the modes and phases. From the results in the previous section, 

these differences do not seem to affect the performance of the contro] system. Once the 

actuators and sensors are designed, the performance of the complete "actual" system is 

then compared to the performance of the "ideal" one obtained in the modal domain 

optimization. 

The magnitude of the control input using the selected "actual" configuration is 

19.1 volts. This configuration yields a total reduction in the radiated power of 10.7dB 

that is very close to the "ideal” attenuation predicted in the modal domain of 9.9dB. The 

modal contributions to the total radiated power when implementing the "actual" control 

system are shown in Figure 4.10. This figure can be compared to the "ideal" reductions 

previously shown in Figure 4.6. As can be seen, both results are very similar. Finally, a 

comparison between the far-field radiation of the system before and after control when 

using the “ideal” and “actual” configurations is shown in Figure 4.11. As shown in the 

figure, the radiation directivity of the "ideal” and "actual" systems are also very similar. 

It is important to remember that the selected actuators/sensor configuration is only 

one of the nine hundred available combinations. In practice, the designer could 
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Table 4.8 "Actual" modal parameters. 
  

  

Mode Unit Modal Modal Error Sensor 

(n,,ny) Control Force Component 

(1,1) 0.144 0.380 

(2,1) -0.290 -0.069 

(1,2) -0.022 -0.146 

(2,2) 0.050 -0.274 

(3,1) -0.048 0.096 

(3,2) -0.053 -0.295 

(1,3) -0.122 -0.124 

(4,1) 0.927 0.451 

(2,3) 0.130 0.500 

(4,2) -0.036 -0.218 

(3.3) 0.030 0.380 
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Figure 4.9 Optimum actuator/sensor configuration (coordinates in meter). 
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Figure 4.11 Before (—) and after (---) control radiation directivity (x-z plane) of the 

simply supported plate. 
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check the performances of several configurations. Here, only one configuration was 

investigated to illustrate the method. 

4.3. Optimum ASAC Design for a Cylinder Structure 

The second design example is a simply supported cylinder with rigid end-caps and 

driven by a multiple-frequency point disturbance as shown in Figure 4.12. The cylinder 

is also assumed to be made of steel (i.e., E=2x10!'N/m’, p= 7,800Ns*/m* and v=0.28) 

and have a thickness h=0.0032m, radius a=0.30m and total length L=1.22m. The 

disturbance force is located at 6=90°, z=0.00m with frequency components at 180, 240 

and 300Hz. The amplitude of the disturbance force at the three frequencies is 10, 15 and 

2N respectively. This combination of disturbance frequencies and amplitudes has been 

chosen in order to have more than one mode producing significant contributions to the 

total radiated power. Finally, the properties of the air surrounding the cylinder are 

identical to the ones in the previous example. 

4.3.1 Uncontrolled System Response 

The natural frequencies and mode shapes for the simply supported cylinder are 

obtained using the FE code I-DEAS Master Series (SDRC, 1994). Due to the symmetry, 

only half of the cylinder is modeled using 720 linear quadrilateral elements as shown in 

Figure 4.13. The results for the FE analysis are shown in Table 4.9 where n, and n, are 

the modal indices in the circumferential and axial direction, respectively. The first eight 

symmetric modes are included in the analysis. Similar to the previous example, since the 

disturbance is a point force, the unit modal disturbances are the value of the mode shapes 

at the force location. From the values of the natural frequencies, it can be seen that the 

excitation has two off-resonance components between modes (3,1) and (5,1) and between 

modes (5,1) and (6,1), and an on- resonance component near mode (6,1). The computed 
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Figure 4.12 Simply supported cylinder. 
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Figure 4.13 Finite element mesh for the simply supported cylinder. 
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Table 4.9 Modal properties of the simply supported cylinder. 
  

Mode Modal Index Natural Frequency Unit Modal 

  

n (Ne,Nz) Hz Disturbance f,, 

1] (4,1) 158.6 -0.26 

2 (3,1) 174.2 0.25 

3 (5,1) 213.1 -0.26 

4 (6,1) 302.6 -0.26 

5 (2,1) 314.1 0.23 

6 (7,1) 415.9 0.26 

7 (6,3) 484.5 -0.26 

8 (7,3) 522.1 0.26 
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mode shapes are shown in Figure 4.14 where the areas of lowest and highest amplitudes 

are marked in blue and red, respectively. In addition, a modal damping ratio of 0.05% 

(i.e., B,=0.005) is assumed in all the modes. 

The acoustic pressure distribution of the eight modes included in the analysis are 

obtained using the BE code SYSNOISE (NIT, 1994). The modal pressures are obtained 

after using the mode shapes as acoustic boundary conditions in the BE code. The rigid 

boundary condition at the end-caps is obtained by simply setting their vibration to zero. 

The modal power matrices [K(@)] at each one of the three frequencies are shown 

in Figures 4.15 through 4.17. These figures show that mode (2,1) is by far the most 

significant contributor to the total radiated power at all these frequencies. In addition, it 

can be noticed that as the frequency increases the relative differences between the power 

radiated by each mode decrease. Eventually, as the frequency increases further all the 

modes will be efficient radiators and the cross-terms wil] eventually vanish. 

The contributions of the modes, direct and cross terms, to the overall radiated 

power (i.e., all three frequencies) including the dynamics of the system are shown in 

Figure 4.18. According to the figure, even though modes (3,1) and (6,1) are near 

resonance conditions, it is mode (2,1) who dominates the overall radiated power. This 

result is of no surprise since the radiation efficiency of this mode is far superior to any of 

the other modes in the analysis. Besides this mode, mode (3,1) and the coupling between 

modes (6,1) and (2,1) are also important to the overall radiated power. 
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(a) Mode (4,1) (b) Mode (3,1) 

(c) Mode (5,1) (d) Mode (6,1) 

Figure 4.14 First eight mode shapes of the simply supported cylinder. 
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(e) Mode (2,1) (f) Mode (7,1) 

(g) Mode (6,3) (h) Mode (7,3) 

Figure 4.14 First eight mode shapes of the simply supported cylinder (cont'd). 
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Figure 4.16 Elements of modal power matrix [K(@)] for the simply supported 

cylinder at 240Hz. 
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Figure 4.17 Elements of modal power matrix [K(@)] for the simply supported 

cylinder at 300Hz. 
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Figure 4.18 Modal contributions to overall radiated power. Total radiated power: 

77.5aB. 
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4.3.2 Control System Design: Results and Discussion 

The solution for the modal domain design for the case of the cylinder is exactly 

the same as for the simply supported plate in the previous example. This example already 

shows one of the greatest advantages of the proposed design approach in which the same 

formulation can be used to the design of any structure. Similar to the case of the simply 

supported plate, this upper level optimization problem is solved for six control 

configurations with different control effort penalty parameters A. The results in this 

section are used then to select the desired control configuration to be implemented to the 

cylinder. 

4.3.2.1 Modal Domain Design 

The reductions in the total radiated power due to each one of the six optimum 

control system configurations as a function of the control effort penalty parameter A are 

presented in Figure 4.19. Inspection of this figure shows similar results to the ones already 

shown for the plate excited at a single frequency. For a fixed number of control inputs, the 

number of error signals do not change the result in the total radiated power. As can be 

observed from the chart, for a particular number of control inputs, the reduction in the total 

radiated power will be the same regardless the number of error signals. An increase in the 

attenuation of the total radiated power is obtained by either increasing the number of control 

inputs or relaxing the control constraint by increasing A. 

From the results in Figure 4.19 the 2120 configuration of A=0.4 is selected as the 

one to be implemented in the structure. This control configuration yield an attenuation in 

the total radiated power of 18.8dB. The optimum modal parameters for each channel of this 

configuration are shown in Table 4.10. As can be noticed, the values for the unit modal 
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Table 4.10 Optimum modal parameters for 2120 and A=0.4 
  

Mode — Unit Modal Control Modal Error Sensor 

(11,2) Forces Components 

Un] Un2 En En2 

(4,1) 0.001 -0.012 0.151 0.057 

(3,1) 0.653 0.676 0.247 0.109 

(5,1) -0.003 -0.009 -0.034 -0.022 

(6,1) -0.048 -0.046 0.000 0.002 

(2,1) 0.754 0.732 0.045 -0.160 

(7,1) 0.041 0.042 -0.598 -0.085 

(6,3) 0.001 -0.015 -0.726 -0.792 

(7,3) -0.020 -0.051 0.167 -0.569 
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control forces tend to be the same for both contro] channels. Apparently, having the same 

unit modal control forces in both channels allows to achieve a higher modal controllability 

with less control effort per channel. As could be expected, the optimum unit modal control 

forces show that in order to reduce the total acoustic power, modes (3,1) and (2,1) must be 

controlled. On the other hand, the results show that the optimum modal error sensor 

components for the first error channel should observe modes (4,1), (3,1), (7,1), (6,3) and 

(7,3) while the second error sensor should monitor modes (3,1), (2,1), (6,3) and (7,3). This 

result also agrees to the observations of the optimum modal parameters for the simply 

supported plate, the observation of the modes is not directly related to the contributions of 

the modes to the acoustic field. The observability of the modes is dictated such that the 

constraints in the control efforts are not violated. 

After applying the 2120 control system for A=0.4, the modal contributions to the 

total radiated power of the controlled structure are shown in Figure 4.20. When these 

results are compared to the ones in Figure 4.18, it can be noticed that the direct 

contributions due to modes (3,1) and (2,1) were significantly reduced. In particular the 

radiated power due to these modes have been reduced by 14.0 and 29.2aB, respectively. 

4.3.2.2 Physical Domain Design 

In this example, the transducers to be implemented to the cylinder are exactly the 

same as to the simply supported plate, 1.e. PZT actuators and accelerometer sensors. The 

mechanical actuation of PZT elements on cylinders is similar to the one on plates with the 

exception that the effect of the curvature of the shell has to be taken into consideration. 

Again, a pair of symmetrically placed PZT patches represents a single actuator. 

Similarly, the modeling of the accelerometer sensors is exactly the same as in the 

previous case. 
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Figure 4.20 Modal contributions to overall controlled power using the 2120 

configuration and A=0.4. Total radiated power: 58.7dB. 
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4,3.2.2.1 Optimum Actuator Design 

From Table 4.10 it is clear that the implemented actuator configuration should be 

capable to effectively couple in to the low-ordered circumferential modes (2,1) and (3,1) 

without inducing a significant excitation of the higher order modes. At present there is 

still a debate if PZTs acting in-phase or out-of-phase are better to excite the low-order 

cylinder modes. Lalande and co-authors argue that out-of-phase PZTs, inducing line 

moments on the shell, are better to excite the cylinder's low-order modes (Lalande et. al, 

1995). In their work, the authors present numerical and experimental results in which 

out-of-phase PZTs induce greater vibration levels at very low frequency than the ones 

produced by PZTs wired in-phase (i.e., in-plane forces). However, the mode shapes of 

the tested cylinder are never presented in the manuscript. This brings the possibility that 

the authors have assumed that the order of the circumferential modes increase with the 

values of the natural frequencies as is the case of plates, for example. If this is the case, 

this assumption might be wrong since circular cylinders can have modes with low 

resonance frequencies and high circumferential modal indices (Soedel, 1993). This is 

clearly shown in the cylinder considered here. As shown in Figure 4.16 the mode with 

the lowest circumferential modal order (i.e., (2,1)) is the fifth mode while other modes 

with higher circumference modal indices have lower resonance frequencies. 

On the other hand, Lester and Lefebvre (1991) and Sonti and Jones (1991) 

showed previously an opposed result to the one by Lalande and co-workers. It 1s shown 

in those papers that the in-plane excitation due to PZTs acting in-phase couple much 

better to the low order modes than the line moments produced by the PZTs acting out-of- 

phase. This result agrees with the typical behavior of cylindrical shells 1n which the 

stretching energy far exceeds that of the bending energy for low circumferential mode 

numbers (Junger and Feit, 1993). 
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Preliminary investigations in the present work confirm the results by Lester and 

Lefebvre and Sonti and Jones. The in-plane forces are better to excite the low order 

modes than using line moments. The line moments excite all the modes more uniformly 

with a tendency to couple better into the higher order circumferential modes. Therefore, 

in order to excite only the desired modes as suggested by the optimum unit modal control 

forces in Table 4.10, the in-plane model is selected for the actuation of the cylinder. 

For the case of a pair of symmetrically placed in-phase PZT elements, the 

distributed in-plane forces along the edges of the i” actuator will yield an n” unit modal 

force in the form of 

PI (Zi Scio Wy Weir PF) = PC, Je (z,5,)- 9° (en )de+ [9° (z,,5)- 9° (Z,,5) ds 

(4.11) 

where @° (.) and *(.)represent the component of the n' mode shape in the @ and z 

directions, respectively. For convenience the variable s=a@ and the limits in the integrals 

define the boundaries of the actuators in a similar fashion as in the case of the plate. The 

constant C31s also a function of the thickness and material properties of the shell and the 

PZT elements given as (Chaudry et. al., 1994; Sonti and Jones, 1996) 

  

Eh 2 ad 
= 3 (4.12) 

1-v2+C, h, 

where 

C,= Eh . (4.13) 

Eh, 
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The properties of the PZT patches are identical to the ones used in the plate example 

shown in Table 4.7. 

In addition, it has been found that in order to model the proper actuation of PZTs 

in-phase without inducing incorrect rigid-body transverse forces to the shell a distributed 

force normal to the shell inside the boundaries of the actuators has to be included 

(Chaudry et. al., 1994; Sonti and Jones, 1996). The n™ unit modal force of the i“ actuator 

due to the normal pressure is given as 

Zy S2 

P22, (2,5 Soi Wi W335 P) = rol | entzs dsdz > (4. 14) 

where Cs=-C3/a. Then, the total n” unit modal control force due to the ith PZT pair is the 

combination of Eqs. (4.1 1)and (4.14) as 

Pai (Zei Sci sWai oW W.>F;) + P2,;(Z W,;>F;) . (4.15) oO) = P12 Soi»W zi? SoioW ci? ci? zi? 

Finally, the n” unit modal control force for the k” control input using N4 actuators is 

obtained after substituting Eq. (4.15) into Eq. (3.19). 

The FE results provide the values of the mode shapes only at the nodes of the 

discretized structure. A continuous description of the mode shapes can be obtained then 

by using interpolation functions in the surface of the structure. A suitable approach 1s to 

use the biharmonic spline interpolation as proposed by Sandwell where the interpolation 

surface is obtained as a linear combination of Green's functions centered at each data 

point as (Sandwell, 1987) 

Numenical Results 98



N,, 

¢, (2,5) = Sn 81(25): (4.16) 
[=] 

where the Np is the number of points (i.e., number of nodes) and the amplitudes of the 

Green's functions @, are obtained by solving a linear system of equations and, for the 

case of a 2-D surface, the Green's function is given as 

    

g,(z,5) = (Vie=2,)" H(s=5)') (In Yie= 2,7" +(5—s,)")- 1), (4.17) 

Using the components of the mode shapes in the circumferential (i.e., 0), axial (1.e., z) 

and normal directions, then Eq. (4.16) can be used to approximate the distributions of the 

mode shapes in Eqs. (4.11) and (4.14) to obtain the unit modal control forces. 

In the present example, up to three actuators (i.e., N4=1,2, 3) are tested with 

dimensions (w,,Ws;) restricted to be greater than 0.0254m and less than 0.0508m. 

Though, the same type of analysis could be performed here as done in the plate problem, 

only the best solutions out of four GA analyses for one, two, and three PZT patches are 

presented. The "actual" unit modal control forces for increasing number of actuators are 

presented in Table 4.11. These solutions resulted in the greatest minimization of the cost 

function in this lower level defined in Eq. (3.18). The results clearly show that for each 

control input the "actual" unit modal control forces approach the "ideal" values in Table 

4.10 with the increase in the number of actuators. In general, the greater the number of 

PZTs the less control spillover to unwanted modes. 
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Table 4.11 ''Actual' unit modal control forces. 
  

  

  

Mode Control Input | Control Input 2 

(15M) 
1-PZT 2-PZT 3-PZT 1-PZT 2-PZT 3-PZT 

(4,1) 0.385 -0.088 -0.08 1 -0.385 -0.132 -0.099 

(3,1) 0.563 0.600 0.659 0.562 0.623 0.655 

(5,1) -0.166 0.077 0.067 -0.166 0.108 0.095 

(6,1) 0.056 -0.116 -0.107 0.056 -0.039 -0.122 

(2,1) 0.651 0.782 0.736 0.650 0.760 0.723 

(7,1) -0.281 0.028 0.033 -0.28 1] 0.044 0.093 

(6,3) 0.004 0.026 0.027 0.013 -0.000 -0.044 

(7,3) -0.020 -0.007 -0.008 -0.062 -0.052 -0.063 
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4.3.2.2.2 Optimum Sensor Design 

The mechanical model for accelerometers on cylinders also consists in evaluating 

the normal component of the mode shape at the sensor location as shown in Eq. (4.10). 

For the present case, where the mode shapes are given at the discretized nodes, Eq. (4.16) 

is used to evaluate the n™ modal error sensor component for the j” accelerometer. Again, 

for Ne sensors connected to the s” error channel, the n” modal error sensor component is 

obtained using Eq. (3.21). Up to three accelerometers (i.e., Ne=1,2 or 3) acting in- 

phase are again tested for the case of obtaining the sensor configuration to be 

implemented in the structure. The best results for the "actual" modal error sensor 

components out of five GA analyses for one, two and three accelerometers are shown in 

Table 4.12. Similar to the case of the actuators, a better match to the "ideal" modal 

parameters is obtained with an increasing number of sensors. 

4.3.2.2.3 Optimum Actuator/Sensor Configuration 

AS mentioned in the previous two sections, a total of twelve GA analyses were 

performed for each control input. In the same way, a total of fifteen analyses per error 

channe] were performed to obtain the "actual" modal error sensor components. 

Therefore, by considering only the best solutions from those results, there are more 180 

actuator/sensor combinations that can be investigated. However, from a limited search of 

this extensive number of options, it was found that the best combination consists in 

combining the configurations for three actuators and three sensors in Tables 4.11 and 

4.12, respectively. For both control channels, the selected actuator configurations contain 

one PZT out-of-phase with respect to the other two. 

The position of the transducers in the selected actuator/sensor configuration is 

shown in Figure 4.21. In the figure, the transducers are labeled by its type, number and 
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Table 4.12 "Actual" modal error sensor components. 

  

  

  

Mode Error Output 1 Error Output 2 

1-ACC 2- ACC 3- ACC 1- ACC 2- ACC 3- ACC 

(4,1) 0.081 0.397 0.194 0.134 -0.013 0.046 

(3,1) 0.073 0.385 0.330 0.020 0.152 0.235 

(5,1) 0.222 0.038 -0.034 -0.219 -0.072 0.030 

(6,1) 0.318 -0.074 0.035 0.240 0.261 -0.004 

(2,1) 0.200 0.027 -0.056 0.089 -0.138 -0.145 

(7,1) -0.353 -0.596 -0.573 0.184 0.162 -0.040 

(6,3) -0.551 -0.569 -0.710 -0.727 -0.784 -0.787 

(7,3) 0.608 0.087 0.128 0.553 -0.493 -0.548 
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PZTI-1 -0.18 79.7 0.0300 0.0384 
PZT2-] -0.16 28.4 0.0280 0.0468 

PZT3-1 -0.18 1.4 0.0396 0.0280 
PZT1-2 0.32 77.0 0.0308 0.0388 

PZT2-2 -0.40 6.8 0.0284 0.0416 

PZT3-2 0.53 31.1 0.0480 0.0420 

ACC1-1 0.47 4.3 — — 

ACC2-1 -0.03 -38.5 _— — 
ACC3-1 0.40 67.0 — — 

ACC1-2 0.00 -33.0 — — 
ACC2-2 -0.38 -67.0 — — 

ACC3-2 0.40 -1.4 — — 
  

Figure 4.21 Optimum actuator/sensor configuration for simply supported cylinder. 
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channel number. For example, PZT2-1 is the second actuator wired to the first control 

channel and so forth. Since only half of the cylinder is considered in the analysis, a 

mirror image of the configuration has to be implemented in the unmodeled half of the 

cylinder. This "actual" configuration yields a reduction in the total radiated power of 

8.5dB, which is below the predicted "ideal" one (i.e., 18.8dB). The modal contributions 

to the total radiated power due to this control configuration are shown in Figure 4.22. As 

can be seen in the results, the implemented configuration is not capable to reduce the 

contribution due to mode (2,1) as expected. The radiation due to this mode is only 

reduced by 7.2dB. In addition, the sign of the cross-terms between modes (4,1) and (2,1) 

is changed from negative to positive that deteriorates the performance of the controller. 

A further investigation in the performance of the control system shows that the 

minimization in the total radiated power is very sensitive to the modal error sensor 

components that will yield the correct signal to the actuators. To illustrate this fact, the 

acoustic response is estimated using the "actual" actuators and the "ideal" modal error 

components obtained from the modal domain optimization. This configuration yields a 

reduction in the sound power of 20.8dB, which is closer to the "ideal" one. The modal 

contributions to the radiated power using this configuration are shown in Figure 4.23. 

The results show that in order to minimize the acoustic field as expected, the modal error 

sensor components has to be as close as possible to the "ideal" ones. Such sensor 

configuration would require a much larger number of accelerometers or alternatively 

distributed sensors such as PVDF films (Clark and Fuller, 1992). 

4.4 Summary 

In this chapter the implementation of the developed optimum design formulations 

for ASAC systems has been presented. The results have included the analysis of a simply 

supported plate and a simply supported cylinder. The simply supported plate was studied 
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Figure 4.22 Modal contributions to overall controlled power using the 2I20 

actual" configuration. Total radiated power: 69.0dB. 
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Figure 4.23 Modal contributions to controlled power using the "actual" actuators 

and the “ideal” sensor. Total radiated power: 56.7dB. 
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because both its structural and acoustic responses are well understood which permitted to 

obtain a better understanding of results and the evaluation of the performance of the 

design method. On the other hand, the simply supported cylinder represents a more 

complex system. In this case numerical techniques were used to obtain the structural and 

acouStic responses showing the capabilities of the formulation to the design of complex 

structures. In both design examples the results have shown that: 

1. Separating the modal domain from the physical domain during the design of the 

control system gives a clear insight into the relative contribution of the modes to the 

total power. Moreover, this separation of the design process yields a better 

understanding of how they need to be controlled in order to minimize sound radiation. 

2. The number of error channels using structural sensors do not seem to be relevant to 

the attenuation in the sound field. Having more error signals than control inputs do 

not increase the reduction in the total radiated power. 

3. As expected, an increase in the reduction in the total radiated power can be obtained 

by increasing the number of control channels and/or relaxing the requirement on the 

control effort. 

4. The general observed pattern in the optimum modal control forces is that when the 

allowed control effort is small (i.e., A is small), they tend to contro] the modes that 

contribute the most to the acoustic field. As the penalty parameter is increased, the 

controllability of the modes becomes proportional to the modal disturbances. 

5. The criteria for the optimum modal error sensors components is to be able to yield the 

correct control input amplitudes. As noticed in the results, when the control effort is 
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constrained, the observability of the modes does not necessarily need to converge to 

the most acoustically efficient modes. 

6. Since the contro] mechanism is studied in terms of the controllability of the modes, it 

is shown that a single contro! channel can control the modes in the same way as 

having multiple channels. This is related to having similar unit modal control forces 

in all the channels and therefore similar control inputs. The reason for this is that the 

optimization process simply ranks the modes according to their contributions to the 

total power and then uses the unit modal contro] forces to apply the contro] inputs to 

the most important the modes. Apparently, the most efficient way to reduce the total 

power is to equally distribute the control inputs in all the channels in order to yield a 

higher controllability of the modes with a minimum effort per channel. However, this 

result has to be taken with caution. As explained in the literature (Nelson and Elliot, 

1993), having control inputs too close will result in a matrix of transfer functions 

[T-e(@)] very sensitive to small changes in any of its elements. 

7. The performance of the "actual" actuators and sensors compared to the "ideal" control 

systems is directly related to the complexity of the system. By comparing the results 

in the two examples, it is shown that the physical domain implementation becomes 

more critical when the system is excited by multiple frequencies and the contro] 

system is multi input-multi output (MIMO). As demonstrated from the results in the 

simply supported plate, the performance of the control system resulted robust to 

discrepancies in the modal parameters between "ideal" and "actual" values. On the 

other hand, the design for the simply supported cylinder, where the excitation contains 

multiple frequencies and the contro] system is 2120, the modal sensor parameters 

seem very critical to obtain the desired "ideal" attenuation in the sound field. This 

result is because both control inputs are very similar and, as explained before, the 

matrix [7,.(@)] becomes extremely sensitive to changes in any of its elements. 

Numerical Results 108



Chapter 5 

Experimental Results 

5.1 Introduction 

The previous two chapters presented the formulation and implementation of a new 

approach for the optimum design of feedforward structural acoustic control systems. In 

this chapter, the proposed design approach is tested in an experimental arrangement. In 

the experiment, an optimally designed SISO control system using PZT actuators and 

discrete structural sensors was implemented to minimize the total radiated power from an 

enclosed box structure. The filtered-x algorithm was used to obtain the optimum control 

signals. The performance of the control system was evaluated by estimating the radiated 

acoustic power using a BE model of the structure and the measured structural surface 

velocity before and after control. 

5.2 The Test Structure 

The structure in the experiment was a closed box with five sides made of plywood 

and the sixth side with a flexible steel plate (2mm thick) attached to a rigid steel frame as 

shown in Figure 5.1. The type of boundary conditions between the plate and the rigid 

frame resembled simple supports as previously used by Clark (1992) and Song (1995). 

To avoid any significant contribution to the acoustic field from the transmission of sound 

from the inside of the box, the inside part of the plywood walls were covered with 

acoustic foam and all the possible leak paths were sealed with silicone. 
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Figure 5.1 Schematic of the test structure. 
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To resemble a more realistic structure, the complexity of the system was increased 

by adding four lead masses and a cantilever steel beam to the back of the plate as shown 

in Figure 5.2. The masses of the added components are listed in Table 5.1 As shown in 

the table, the total added mass consisted of about 18% of the mass of the unloaded plate. 

The cantilever beam was implemented by symmetrically supporting a small beam 

to the back of the plate. The beam had a total length of 260mm, width of 32mm and 

thickness of 17mm. Due to the symmetry, the beam had always a zero slope condition at 

the support location. Therefore, when the support was excited through the vibration of 

the plate, the attached beam behaved as two cantilever beams with half its length. The 

first three resonance frequencies of the cantilever steel beam were estimated to be of 84.6, 

530.3 and 1,484.9Hz, respectively. 

The disturbance excitation was provided by an electrodynamic shaker attached to 

the back of the plate at x=0.11m, ye=0.20cm and fixed to the floor of the box. It was 

expected that most of the acoustic radiation would come from the vibration of the panel 

alone. The disturbance signal consisted in a square wave with a fundamental frequency 

of 25Hz. This signal was high-pass and low-pass filtered at 50 and 400Hz, respectively. 

The autospectrum of the resulting disturbance signal is shown in Figure 5.3. As shown in 

the figure, due to the filters, the highest component of the signal was at 76Hz and then it 

decreased rapidly with frequency up to about 500Hz. The last excitation component 

considered here was the 431Hz tone. 

5.3 Structural Response 

As required by the developed design formulation, the first step in the design 

process was to obtain the modal properties of the vibrating plate. In the present case, the 
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Table 5. 1 Mass loading to the steel plate. 
  

  

Mass Id. Mass (g) Percentage to Mass of 

Unloaded Plate (%) 

M1 27.2 1.5 

M2 27.2 1.5 

M3 57.4 3.2 

M4 86.9 4.9 

CB 115.0 6.5 

Total 313.7 17.7 
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Figure 5.2 Schematic of the steel plate with loadings (coordinates in meter). 
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Figure 5.3 Autospectrum of the disturbance signal. 
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natural frequencies, mode shapes, and modal damping ratios were obtained 

experimentally after measuring the frequency response functions (FRF) between a 

reference shaker and an accelerometer. The accelerometer was moved trough fifty two 

locations as shown in Figure 5.4. The reference shaker was placed near one of the 

corners of the plate (at N5) and driven with white noise. This number of measurement 

points was considered to be enough to characterize the mode shapes in the desired 

frequency range (i.e., O-500Hz). A typical experimental FRF curve is shown in Figure 

5.5. This curve corresponded to the driving point (i.e., at the shaker location) and it 

showed that there were about eight modes in the frequency region of interest. 

The modal parameters were obtained after a curve fitting procedure (Ewins, 

1986). In this work, the Orthogonal Polyreference method, as provided by I-DEAS 

Master Series (SDRC, 1994), was used in the curve fitting. The result of the curve fitting 

process is also shown in Figure 5.5 which shows that there was a very good match 

between the experimental results and the analytical model in the 0-500Hz region. 

Inspection of the curve fitting results at the other measurement points showed that, in 

general. the analytical model was very good for the first eight modes. 

The measured natural frequencies and modal damping ratios for the first eight 

modes are presented in Table 5.2. As shown in the table, the resonance frequency of the 

last mode was 451.5Hz. In the same way, inspection of the values of the damping ratios 

showed a marked difference, specially at low frequency, between the different modes. 

This was opposed to the often used assumption of uniform modal damping ratios for all 

the modes. 

The corresponding mode shapes, normalized to unity modal masses, are shown in 

Figure 5.6. The first two modes had basically the same shape. At 75.0Hz and 90.6Hz the 

plate vibrated like the (1,1) mode of an unloaded simply supported plate. This was 
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Figure 5.4 Experimental modal analysis measurement points. 
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Figure 5.5 Typical FRF curve: experimental (red) and curve fitted (green). 
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Table 5. 2 Natural frequencies and damping ratios for mass-beam loaded plate. 
  

Mode Natural Frequency |§ Damping Ratio 

  

Hz (%) 
| 75.0 2.41 

2 90.6 1.34 

3 163.2 1.96 

4 219.1 0.62 

5 289.4 0.42 

6 324.5 0.29 

7 421.3 0.31 

8 451.5 0.29 
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(a) Mode 1 (b) Mode 2 

(c) Mode 3 (d) Mode 4 

Figure 5.6 First eight experimental mode shapes of the vibrating panel. 
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(e) Mode 5 (f) Mode 6 

(g) Mode 7 (h) Mode 8 

Figure 5.6 First eight experimental mode shapes of the vibrating panel (cont'd). 
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because of the interaction of the plate with the attached beam. As mentioned before, the 

first resonance frequency of the beam was at 84.6Hz which is near the first natural 

frequency of the plate. Therefore, the cantilever beam acted as a vibration absorber. In 

the same way, the following six modes resembled the (2,1), (1,2), (2,2), (3,1), (3,2) and 

(1,3) mode shapes of the mentioned structure. As can be seen in the plots, as the 

distortion in the plate increased it was more difficult to clearly identify the modes of 

vibration. A more dense measurement grid would be necessary to characterize the higher 

frequency modes. 

The next step in the evaluation of the structural response was to estimate the 

modal forces induced by the disturbance shaker at the back of the plate. The approach 

was to express the unknown disturbance force amplitude as 

F(@) = R(@)T (a) (5.1) 

where A(q@) is the reference signal shown in Figure 5.2 and I(q@) is an unknown 

calibration coefficient that converts the reference signal into the "actual" force units. The 

unknown coefficient I'(@) was estimated after measuring the acceleration response and 

solving the system of equations 

{|o(@)|e”” = -w? R(w)[®] H(@) { f }(@) (5.2) 

where response vector {| vi(@) |e” } contained the autospectrum of the accelerations |w(@)| 

at measurement points 1 through 28 in Figure 5.4, @ is the phase angle between the 

known reference R(q@) and the response at the measurement points, and the columns of 

matrix [®] contained the eight experimental mode shapes. The vector {f} was obtained 

from the knowledge that the disturbance was a point force and the unit modal forces were 
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given as the value of the mode shapes at the force location. The estimated values for the 

unit modal disturbances are shown in Table 5.3. As shown in the table, the disturbance 

strongly coupled into modes 3 and 5. On the other hand, mode 6 was weakly driven by 

the shaker. 

The system in Eq. (5.2) was solved in a least-square sense to estimate the 

unknown coefficients [(@) and therefore the amplitudes of the disturbance F(q@). The 

results for the estimated force amplitudes (i.e., magnitude and phase) at the excitation 

frequencies and their statistical coefficients of determination r* are shown in Table 5.4. 

The r’ are measures of the "goodness" of the fitted model and, in general, the higher the 

better (Chapra and Canale, 1988). Since the amplitudes of the disturbance signal (Figure 

5.3) decreased with frequency, it was expected that the amplitudes of the forces would 

also decrease with frequency and with similar phase angles with respect to the response. 

As can be seen in the results, almost all the magnitudes and the phase angles showed the 

expected behavior with the exception of the result at 431Hz. The poor estimate of this 

results is indicated by the low value of the r’ (0.6081). 

5.4 Acoustic Response 

Before designing the control system, the acoustic response was obtained by 

estimating the radiated acoustic power by the experimental modes using SYSNOISE as 

shown in Eq. (2.17). The BEM model for the box structure is shown in Figure 5.7. This 

simplified model consisted in 228 surface elements and had the dimensions of the 

vibrating plate (i.e., 0.38x0.30m7) in the frontal face (i.e., positive x-y plane) and the 

same depth dimension as the box (1.e., 0.37m). In order to avoid any irregular frequency 

as explained in the literature (NIT, 1995), it was verified that the first interior acoustic 

resonance of the modeled box was at 451Hz which was above the highest frequency of 

interest (1.e., 431H7z). 
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Table 5. 4 Estimated disturbance force amplitudes F(@). 

  

  

Frequency, Hz Magnitude, NV Phase, degrees r 

76 0.6805 169.5 0.9440 

127 0.3389 173.3 0.9788 

177 0.5597 167.8 0.9695 

228 0.2708 167.6 0.9899 

279 0.1623 167.8 0.9814 

330 0.1232 136.4 0.8820 

380 0.0840 161.6 0.8496 

43] 0.3750 -168.3 0.608 1 
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Figure 5.7 BE model of the test structure. 
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The results for the total radiated power at each one of the eight disturbance 

frequencies are shown in Table 5.5. To make the experiment more realistic, the acoustic 

power was computed in both linear and A-weighted. The results showed that in linear 

scale, the acoustic field was dominated by the response at 76Hz. This frequency 

coincided with the resonance of the first mode which was by far the most efficient 

radiator of the test plate. On the other hand, when the power was A-weighted, there were 

more frequencies that contributed to the total acoustic power. Because of the dBA scale, 

the effect of the acoustic power at 76Hz was greatly reduced in comparison to the other 

frequencies. 

Based on the dBA levels, it was decided to design the control system considering 

the acoustic powers at 76, 177, 228 and 431Hz. Since the dBA levels at the other 

frequencies were considerably lower, it was assumed that they would have no significant 

effect in the design of the control system. The contributions of the different structural 

modes, both direct and cross-terms, to the total radiated power for the selected four 

frequencies are shown in Figure 5.8. As can be seen in the figure, the total radiated 

power was dominated by the radiation of the first mode. The second most important 

contribution came from the seventh mode. As mentioned before this mode resembled the 

(3,2) mode of an unloaded plate which is a fairly efficient radiator. The sixth mode, 

which was similar to the (3,1) mode was also a good radiator but did not contributed 

significantly to the total radiated power because it was not significantly excited by the 

disturbance. 

An important aspect of the results in this section (1.e., Table 5.5 and Figure 5.8) is 

the significance of the accurate estimation of the dynamics of the system (i.e., the modal 

properties and the excitations). An incorrect disturbance amplitude at a particular 

frequency would result in an under- or over-estimate of the acoustic response at that 

frequency. In the same way, incorrect unit modal disturbances would mislead to over- 
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Table 5. 5 Estimated acoustic power before control. 
  

  

Frequency, Hz Linear ,dB A-weighted, dBA 

76 69.7 47.2 

127 49.9 33.8 

177 55.9 42.5 

228 50.6 42.0 

279 41.9 33.2 

330 44.5 37.9 

380 35.0 30.2 

431 52.6 47.8 

Overall 70.1 52.0 
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Figure 5.8 Modal contributions to the total radiated power from 76, 177, 228 and 
431Hz. Total radiated power: 51.6dBA. 
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or- under estimate the modal contributions to the total radiated power. Any of these two 

errors, or both, would lead the modal domain design to a wrong 

controllability/observability of the modes. 

5.5 Control System Design 

The results in the previous two sections provided the necessary information to 

design an optimum control system to minimize the acoustic radiation from the test 

structure. Only the selected design frequencies (i.e., 76, 177, 228 and 431Hz) were 

considered in the analysis. The first step in the design procedure was to solve the modal 

domain optimization problem. At this level, the optimum controllability and 

observability of the modes of the vibrating plate that would minimize the acoustic 

radiation from the box were obtained. This information was then used in a set of physical 

domain problems to design the "actual" actuators and sensors that were implemented in 

the structure. 

5.5.1 Modal Domain Design 

For simplicity, it was decided that the control system would be a 110 

configuration. Following the procedure for the modal domain design outlined in chapter 

3, the optimum unit modal control forces u,; and the modal error sensor components €,,; 

were obtained for values of the modal control effort penalty parameter ranging from 

A=0.2 to A=3.0. The resulted reductions in the total radiated power in dBA for the 

optimum configurations are shown in Figure 5.9. As noticed in the numerical results in 

chapter 4, an increase in the allowed value for the modal control effort penalty parameter 

resulted in an increase in the reduction of the total radiated power. The configuration for 

A=2.0 with a reduction of 10.6dBA was selected. 
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Figure 5.9 Reductions in the total radiated power. 
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The values for the optimum unit modal control forces u,; and modal error sensor 

components ¢,, for the selected configuration are shown in Table 5.6. The results in this 

table indicated that most of the control effort had to be directed to modes 1, 3, 4, 2 and 7. 

Referring back to Figure 5.8, these modes were the ones contributing the most to the 

radiated power of the uncontrolled system. In the same way, the values for the optimum 

modal error sensor components €,, suggested that the necessary control signals could be 

obtained by observing mode 6. As explained in chapter 4, when the control inputs are 

constrained, the optimum observability of the system tends toward observing the modes 

that will result in the correct contro] inputs rather than the most efficient ones. 

The modal contributions to the total radiated power after implementing the 

selected control configuration are shown in Figure 5.10. As can be noticed in the figure, 

the contribution due to mode 1 was completely reduced. This was due to the high control 

effort directed to this mode by its related unit modal control force. On the other hand, the 

contributions due to the other controlled modes (2, 3, 4 and 7) were lowered uniformly to 

the 35dBA level. 

The related "ideal" reductions in the acoustic power at the selected frequencies are 

shown in Table 5.7. As can be noticed, the acoustic power was highly reduced at 76Hz 

(30.8dBA). This was because the radiation at this frequency was directly related to the 

first mode which was completely controlled. On the other hand, the reduction at the other 

frequencies was more or less uniform. The acoustic power at 431Hz was reduced about 

3dBA more than the other two frequencies because, originally, the level at this frequency 

was higher. 
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Table 5. 6 "Ideal'' modal contro! parameters. 
  

  

Mode Unit Modal Modal Error Sensor 

Control Force, u,; Component, &),; 

1 0.649 0.029 

2 0.281 0.036 

3 -0.565 -0.000 

4 0.355 0.001 

5 -0.024 0.077 

6 0.005 0.995 

7 0.230 -0.040 

8 -0.028 0.027 
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Figure 5.10 Modal contributions to the controlled power using A=2.0. Total 

radiated power: 41.1dBA. 
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Table 5. 7 Reductions in acoustic power at the design frequencies. 

  

  

Frequency Reduction in Acoustic 

Hz Power, dB 

76 30.8 

177 6.8 

228 6.7 

43] 10.2 
  

Experimental Results 134



5.5.2 Physical Domain Design 

The physical domain design consisted in finding the optimum _ physical 

characteristics of the actuators and sensors that would yield as close as possible the 

"ideal" optimum modal parameters. As in the numerical examples in chapter 4, this 

optimization problem was solved using the GA. In the present case, single sided PZT 

actuators and accelerometer sensors were selected as the transducers to be implemented. 

The properties of the PZT elements were identical to the ones used in the numerical 

examples and were previously listed in Table 4.7. 

5.5.2.1 Optimum Actuator Design 

In order to obtain an actuator system that yielded a modal controllability as close 

as possible to the "ideal" modal parameters in Table 5.6, up to four PZTs (i.e., N4=1,2,3, 

or 4) were considered in the design. For simplicity, the dimensions of the actuators were 

held fixed at 0.062x0.038mm’ and the actuator design problem consisted in finding the 

optimum position of the PZTs. In addition, the PZTs had the capability of being in-or- 

out of phase with respect to each other. This allowed more freedom in finding an actuator 

configuration that closely matched the "ideal" modal parameters. 

The mechanical model for the actuation of PZT patches on plates was previously 

described in chapter 4. Since the PZTs were single sided, the amplitude of the unit modal 

control forces were half of the ones in Eq. (4.5). In the same way, the modal shape 

information consisted in the values of the mode shapes at the discrete measurement 

points. Therefore, the distribution of the n” mode shape was approximated similarly to 

the case of the cylinder in section 4.3.2.2.1 as 
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Np 

6(29) =) Oy 8i(%9), (5.3) 

I } 

where Np=52 was the total number of measurement points, &, represented the relative 

"strength" of the value of the n™ mode shape at the I" measurement point with respect to 

the other points, and the /” Green's function was already defined in Eq. (4.16). Therefore, 

after substituting Eq. (5.3) into Eq. (4.5), the n' unit modal control force due to the i” 

PZT Y,, (x.; Jy P) was obtained. Since the dimensions of the patches was held fixed, 

the actuator design variables were the coordinates of the center of the patches (x<i,y,i) and 

their relative phases P;. Finally, the “actual” value of the n™ unit modal control force, 

including up to four PZTs, was obtained from Eq. (3.19). 

Following the same solution approach as in chapter 4, the optimum actuator 

configuration resulted in four PZTs with one of them acting out-of-phase with respect to 

the other three. The resulted "actual" unit modal control forces are compared to the 

"ideal" ones in Table 5.8. As can be seen, the “actual” configuration introduced certain 

control spillover to modes 6 and 8. The "actual" effect of this spillover to the radiated 

power could not be identify until finding the sensor configuration. 

5.5.2.2 Optimum Sensor Design 

For the sensor design, up to four accelerometers wired in phase were considered. 

As previously shown in chapter 4, the modal error sensor components due to the 

accelerometers consisted in the value of the mode shapes at the sensor locations. 

Similarly to the unit modal control forces, the modal error sensor components between 

measurement points were obtained using the interpolation approach. Therefore, the 

Experimental Results 136



Table 5. 8 "Ideal" vs. "actual'' unit modal control forces. 
  

  

Mode "Ideal" "Actual" 

Normalized u,; Normalized u,,; 

l 0.649 0.411 

2 0.281 0.435 

3 -0.565 -0.677 

4 0.355 0.343 

5 -0.024 0.084 

6 0.005 -0.115 

7 0.230 0.181 

8 -0.028 0.116 
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mechanical model for the n” modal error sensor component of the /” accelerometer 

Qj (x,..¥,)] was given by Eq. (5.3). Similarly, for the case multiple accelerometers 

wired in phase, the n™ modal error sensor component was given as in Eq. (3.21) 

Although up to four accelerometers were considered in the analysis, the optimum 

sensor configuration resulted in two accelerometers. A comparison between the "actual" 

values for the modal error sensor components to the "ideal" ones is presented in Table 

5.9. As shown in this table, the "actual" sensors had a high observation spillover to the 

first two modes. This was because, since the accelerometers are added in phase, 

anywhere the sensors were located on the plate they would always observed the first two 

modes. In addition, there was also some observation spillover to modes 7 and 8. 

5.5.2.3 Optimum Actuator/Sensor Configuration 

A schematic of the plate as well as a picture of the box structure with the 

transducers are shown in Figures 5.11 and 5.12. From the location of the actuators in this 

figure and the mode shapes in Figure 5.6, the following conclusions can be inferred: (1) 

the combination of PZT! and PZT3 had a high controllability over modes 1 trough 4, (2) 

PZT2 controlled modes 3, 4 and 7 but had some spillover to mode 5 and (3) PZT4, with 

the reversed phase, contributed also to control mode 4 and helped to minimized the 

control spillover of PZT2 on mode 5. 

As can be seen in Figure 5.11, both of the accelerometer sensors were placed near 

the central antinode of mode 6. This mode was the one to observe according to the 

"ideal" optimum modal error sensor components in Table 5.6. In the same way, the 

position of the accelerometers helped to cancel the observation spillover of each one of 

them to modes 3, 4, 7 and 8. Since modes 1 and 2 were always in phase, it was 
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Table 5. 9 "Ideal" vs. "actual'' modal error sensor components. 
  

  

Mode "Ideal" "Actual" 

Normalized &,, Normalized &,,; 

] 0.029 -0.470 

2 0.036 -0.454 

3 -0.000 0.062 

4 0.001 -0.042 

5 0.077 -0.062 

6 0.995 0.720 

7 -0.040 -0.120 

8 0.027 0.177 
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Figure 5.11 Schematic of optimum actuator/sensor configuration 

(coordinates in meter). 
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Figure 5.12 Picture of the box structure with the transducers. 
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impossible to avoid those modes using accelerometer sensors that were simply adding 

contributions (1.e., in-phase). 

The expected reductions in the radiated power at each one of the design 

frequencies after implementing the "actual" control configuration are shown in Table 

5.10. The total reduction was estimated to be 15.6dBA. The modal contributions to the 

total radiated power of the controlled system are shown in Figure 5.13. As can be seen in 

the figure, the "actual" configuration would result in a significant reduction in all the 

modes, specially to modes | through 3. 

5.6 Control Experiment 

The control system experiment consisted in implementing the optimum actuators 

and sensors to the test structure. The optimum control signals that drive the actuators 

were generated using the filtered-x LMS algorithm (Fuller et. al., 1996). A schematic of 

the complete experimental setup is shown in Figure 5.14. In the diagram, the reference 

signal was generated using a function generator. This signal went directly into the 

disturbance shaker and into the controller. 

The signals generated by the controller were first low-pass filtered at 400Hz, 

amplified, and stepped up using a transformer with a factor of 17:1. The error signals 

from the accelerometers were first combined and amplified using a mixer to generate the 

modal error sensors obtained the previous section. The signal was then low-pass filtered 

at 400H7z, and fed into the controller 
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Table 5. 10 Estimated "actual" reductions in acoustic power. 

  

  

Frequency Reduction in Acoustic 

Hz Power, dB 

76 46.7 

177 16.5 

228 9.0 

431 15.6 
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Figure 5.13 Modal contributions to the total radiated power using “actual” 

configuration. Total radiated power: 36.0dBA. 
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HPF: Ithaco high pass filter Mod. 4302 

LPFI: Ithaco low pass filter Mod. 4302 

LPF2: Ithaco low pass filter Mod. 4122A 

AMP: Carver power amplifier TFM-15CB 

MIX: Shure mixer 

T: Transformer with factor 17:1 

Figure 5.14 Schematic of the experimental setup. 
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5.7 Results and Discussion 

The error signal from the accelerometers before and after control is shown in 

Figure 5.15. As can be seen in the figure, the response at the accelerometers was greatly 

reduced at almost all the frequencies with the exception of 431Hz. At this frequency, the 

control actuators were unable to significantly minimize the response at the error sensors. 

In this experiment, the acoustic response was obtained using the BE model 

previously described in section 5.4 and the structural surface velocity. The velocity field 

at each one of the frequencies of the vibrating plate, before and after control, was 

measured using a scanning laser Doppler vibrometer. The measured responses are shown 

in Figures 5.16 through 5.23. Each one of these figures contain the magnitude of the 

velocity fields, before and after control, at each one of the eight frequencies. In order to 

allow a direct comparison of the response before and after control, the color scale is the 

same on each plot but different for each frequency. 

As can be seen in Figure 5.16, at 76Hz the uncontrolled response consisted mainly 

of the first mode. After control, the vibration level was significantly reduced. At 127Hz 

(Figure 5.17), the plate was excited off-resonance between the second and third mode. 

After control, the velocity was reduced without changing the pattern. In the same way, at 

177Hz (Figure 5.18) the excitation was closer to the third mode and was also minimized 

uniformly. 

Figures 5.19 and 5.20 show more interesting results. Before control, the 

responses at 228Hz and 279Hz resembled the shape of the fourth and fifth mode, 

respectively. The reason for these changes in shape were because of the location of the 

sensors. After control, the response at the accelerometer locations was greatly reduced 
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creating an artificial nodal line at the center of the plate yielding a weak radiating (2,1) 

like response shape. 

At 330Hz (Figure 5.21), the excitation frequency was close to the resonance of the 

sixth mode of the plate. As mentioned before, the shape of this mode resembled the (3,1) 

mode of a simply supported plate which is an efficient radiator. Before control, this mode 

was not significantly excited by the disturbance and for that reason its acoustic response 

was not included in the design. After control, the vibration level in the left hand side of 

the plate increased considerably. 

Finally, the response at the last two frequencies is shown in Figures 5.22 and 5.23. 

At 380Hz, the response was completely minimized. At 431Hz, the response was reduced 

in the center of the plate but increased slightly near the borders. 

The experimental radiated acoustic power at all frequencies, before and after 

control, are summarized in Table 5.11. Even though the acoustic power was estimated 

from surface velocity measurements, the results in this table are denoted as experimental 

to differentiate from previous estimated acoustic results in Tables 5.5, 5.7 and 5.10. As 

can be noticed, even though the uncontrolled acoustic responses in Tables 5.5. and 5.11 

were estimated using different approaches, the results are very similar. As explained in 

section 5.4, the acoustic response in Table 5.5 was estimated using modal superposition 

while the results in Table 5.11 were estimated directly from the velocity measurements. 

As can be seen in the results in Table 5.11, after control, the acoustic response 

was reduced at almost al] the frequencies with the exception of 330 and 431Hz. In 

particular, the acoustic power at the first three design frequencies (i.e., 76, 177 and 

228Hz) was minimized by 36.1, 12.4 and 7.9dB, respectively. These results were very 

similar and following the trend of the analytical prediction in Table 5.10. Moreover, 
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other frequencies that were not included in the design and resulted with good levels of 

attenuation were at 127Hz and 380Hz. The acoustic power was reduced at these 

frequencies by 10.6 and 7.3dB, respectively. As previously shown in Figures 5.16 

through 5.20, the vibration response was reduced at all these frequencies. 

From the results in Table 5.10, the implemented control system performed poorly 

at 330 and 431Hz. Since the level of acoustic power at 330Hz was not significant before 

control (Table 5.10), this frequency was not included in the design. As shown in Figure 

5.21, after control the vibration level increased on the left hand side of the panel resulting 

in an increased in the acoustic power of 4.7dB. This result clearly showed that in order to 

have a robust control system, all the disturbance frequencies should be considered at the 

design stage. 

At 431Hz, the acoustic power increased by 2.3dB. This frequency was included in 

the design and therefore this result was not expected. This increase in the acoustic 

response occurred even though the vibration level was minimized near the center of the 

plate. It is possible that, before control, there was radiation cancellation between adjacent 

zones on the plate that was eliminated after control. The poor performance at this 

frequency is attributed to the high error (i.e., low r’) in the estimation of the disturbance 

amplitude at this frequency as shown in Table 5.4. The uncertainty of this parameter lead 

to an incorrect design to reduce the sound at this frequency. 
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Figure 5.15 Autospectrum of the error signal: before (—) and after (---) control. 
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(a) Before Control 

  
(b) After Control 

Figure 5.16 Before and after control velocity field at 76Hz. 
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(a) Before Control 

  
(b) After Control 

Figure 5.17 Before and after control velocity field at 127Hz. 
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(a) Before Control 

  
(b) After Control 

Figure 5.18 Before and after control velocity field at 177Hz. 
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(a) Before Control 

  
(b) After Control 

Figure 5.19 Before and after control velocity field at 228H7z. 
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(a) Before Control 

  
(b) After Control 

Figure 5.20 Before and after control velocity field at 279Hz. 
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(a) Before Control 

  
(b) After Control 

Figure 5.21 Before and after control velocity field at 330Hz. 
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(a) Before Control 

  
(b) After Control 

Figure 5.22 Before and after control velocity field at 380Hz. 
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(a) Before Control 

  
(b) After Control 

Figure 5.23 Before and after control velocity field at 431 Hz. 
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Table 5. 11 Experimental before and after control acoustic power. 
  

  

Frequency , Hz Acoustic Power, dB Acoustic Power, dBA 

Before After Before After 

76 71.8 35.7 49.3 13.2 

127 49.1 38.5 33.1 22.4 

177 53.6 41.2 40.2 27.8 

228 48.6 40.7 40.0 32.1 

279 41.5 40.4 32.9 31.8 

330 46.3 51.2 39.7 44.6 

380 44.8 37.5 40.0 32.7 

43] 49.1 51.4 44.3 46.6 

Overall 72.0 55.1 51.9 49.0 
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5.8 Summary 

In this chapter an optimally designed control system was implemented to attenuate 

the sound radiation from an enclosed box structure. This structure was of relative 

complexity combining the vibration of a loaded plate excited by multiple frequencies and 

the acoustics of a box. The optimum control system was designed using the developed 

approach presented in chapter 3. This control system was implemented in the experiment 

using PZT actuators and accelerometers sensors in conjunction to the filtered-x LMS 

algorithm. 

The results showed that the proposed formulation provides a practical mean to the 

design of control systems for realistic structures. In general, the performance of the 

control system showed good attenuation of the radiated sound power at almost all the 

frequencies. The maximum attenuation in radiated power was at 76Hz (36.1dB) and five 

out of the eight frequencies that were considered in the analysis showed a reduction of at 

least 7.0dB. 

In particular, the implemented control system showed poor performance at 330 

and 431Hz. The result at 330Hz was because this frequency was not originally considered 

in the design. This demonstrated the importance of including all the disturbance 

frequencies at the design stage. In the same way, the poor performance at 431Hz was 

accredited to inaccuracies in the modeling of the system (1.e., the disturbance component 

at this frequency) that lead to incorrect transducer locations to minimize the sound at this 

frequency. This result showed the need to account for the variability of the parameters in 

the system during the design of the control system. 
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Chapter 6 

Conclusions and Recommendations 

6.1 Conclusions 

A new approach for the optimum design of actuators and error sensors to be 

implemented in ASAC applications has been developed. The formulation is based in a 

multi-level optimization scheme. The upper level is defined in the modal domain and 

solves for the optimum relative controllability and observability of the modes that the 

contro] system should implement in order to minimize the total radiated acoustic power. 

An efficient general sensitivity analysis was developed to improve the performance of the 

solution of this upper level optimization problem. Then, the optimum results at the upper 

level are used in a set of lower level or physical domain optimization problems in order to 

find the actuators and sensors to be implemented in the structure. 

The formulation allows the implementation of numerical techniques, such as FEM 

and BEM, during the analysis. The utilization of such numerical techniques permits the 

applicability of the proposed approach to the design of complex structures with complex 

excitations that are not tractable under previous optimization formulations. In the present 

work, the design formulation has been implemented on three structures of increasingly 

complexity from the analytical, numerical, and experimental point of view. Although only 

PZT actuators and accelerometer sensors were considered, the formulation can be easily 

implemented in conjunction with any type of structural actuators and sensors. 

The first studied case was a simply supported plate excited at a single off- 

resonance frequency. The investigation of this relatively simple system served as a 
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benchmark for more complex applications permitting the evaluation of the performance 

of the design approach. Then, the formulation was implemented for the case of a simply 

supported cylinder under multiple frequency excitations. In this case the FEM and the 

BEM were used to obtain the structural and acoustic responses showing the capabilities 

of the formulations to be implemented to complex structures. Finally, the design 

approach was tested in an experimental arrangement for the attenuation of sound from 

and enclosed structure under a realistic periodic signal demonstrating the applicability of 

the approach for practical implementations. 

From the analytical, numerical and experimental results the main following 

conclusions can be drawn: 

1. The separation of the modal domain form the physical domain during the design 

process gives a clear insight into the relative contribution of the modes to the total 

radiated power. This separation provides a better understanding of how the different 

modes have to be controlled in order to efficiently minimize the sound radiation. 

2. An increase in the reduction in the total radiated power can be obtained by increasing 

the number of control inputs and/or relaxing the penalty in the control effort. 

3. According to the results in the upper level optimization, using structural sensors the 

number of error channels is not relevant to the attenuation in the sound field. Having 

more error signals than control inputs do not increase the minimization of the total 

radiated power. Although this result was observed in both the plate under a single 

frequency excitation and the cylinder with a multiple frequency excitation, this 

conclusion can not yet be generalized to any arbitrary system and more investigation 

is needed with this respect. 
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4. The optimum controllability of the modes depends on the allowed control effort. For 

a small control effort, the optimum unit modal control forces put more emphasis in 

controlling only the modes that contribute more to the total radiated power. On the 

other hand, as the control requirement is increased the optimum controllability of the 

modes becomes proportional to the modal disturbance forces. 

5. The criteria for the optimum modal error sensors components is to be able to yield the 

correct control input amplitudes. As noticed in the results, when the control effort is 

constrained, the observability of the modes does not necessarily need to converge to 

the most acoustically efficient modes. 

6. Since the control mechanism is studied in terms of the controllability of the modes, it 

is shown that a single control channel can control the modes in the same way as 

having multiple channels. This result implies that for multiple channels the optimum 

controllability tend to be the same for each control input. The reason for this is that 

the optimization process simply ranks the modes according to their contributions to 

the total power and then uses the unit modal control forces to apply the control inputs 

to the most important the modes. Apparently, the most efficient way to reduce the 

total power is to equally distribute the contro] inputs in al] the channels in order to 

yield a higher controllability of the modes with a minimum effort per channel. 

However, this result has to be taken with caution. Even though having multiple 

similar control inputs is mathematically feasible, the resulted matrix of transfer 

functions between the control inputs and error outputs [7,(@)] is very sensitive to any 

change in the actuators and sensors. 

7. The performance of the "actual" actuators and sensors compared to the "ideal" control 

systems is directly related to the complexity of the system. For SISO cases such as 

the studied plate the control system resulted robust to discrepancies in the modal 
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parameters between "ideal" and "actual" values. On the other hand, for the case of 

MIMO the modal sensor parameters seem very critical to obtain the desired "ideal" 

attenuation in the sound field. This result is directly related to the fact that the control 

inputs were very similar and, as explained before, the transfer functions between the 

control inputs and the error sensor become very sensitive to changes in the modal 

parameters. 

The experimentally tested box structure represented the first time that an optimum 

ASAC design has been implemented in a complex structure. The results showed that 

the proposed formulation provides a practical mean to the design of control systems 

for realistic structures. In general, the performance of the control system showed 

good attenuation of the radiated sound power at almost all the excitation frequencies. 

Five out of the eight tones showed a reduction in the acoustic power of at least 7.0dB. 

However, it was also demonstrated the importance of considering all the disturbance 

frequencies and the reliability of the experimental parameters at the design stage. Not 

including frequencies that may seem irrelevant before contro] can become important 

after the control system is implemented. In the same way, incorrect parameters in the 

model such as the forcing amplitudes can lead to wrong decisions at the design stage 

that can result in a poor performance in the control system. 

6.2 Recommendations 

Although the presented design approach showed much promise in the design of 

ASAC systems for complex structures there are a few aspects that have to be improved: 

1. In order to improve the applicability of the design approach to real life systems it 

advisable to include restrictions in the upper level formulation in order to require that 

for MIMO systems the control inputs has to be different for each channel. For 
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example, constraints could be included in the upper level optimization that would 

result in linearly independent modal control vectors. 

. In addition, it is also recommended to include in the modal domain optimization the 

variability in the values of some parameters such as natural frequencies, damping 

ratios, disturbance inputs, etc. These uncertainties can be included assuming that 

these parameters are random variables and using probabilistic optimization methods. 

This will result in a more robust control system design. 

In the present work, the physical domain optimization was implemented using a SGA. 

Even though this algorithm performed very well for the studied cases, for more 

complex applications more advanced GA will be more efficient in handling large 

number of variables. 

At present, the design approach is only capable to handle multiple frequency 

excitations. In order to expand the applicability to more realistic system the 

formulation should be expanded for the case of random inputs. 
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Appendix A 

The unit modal control forces and the modal error sensor components are a 

measure of the relative controllability and observability of the modes, respectively. 

Therefore, the important information of these modal parameters, for a particular control 

input and error sensor, is their relative values. The goal of this appendix is to show that 

the normalization of the unit modal control forces and the modal error sensor components 

does not affect the final outcome of the process. 

The total radiated acoustic power, as presented in Eq. (2.35), is a function of the 

unit modal control forces and the modal error sensor components through the modal 

displacements q‘(w). Therefore, if the values of the modal displacements are not 

affected from the normalization of the modal parameters the acoustic response will not be 

affected either. 

Suppose the case of a SISO control system. For this configuration, it can be 

shown that the control input in Eq. (2.34) becomes 

Sheth (@) 
U(@) = -F(@) = (A.1) 

Debate) 
n=l 

Then suppose that the unit modal control forces and the modal error sensor components 

in Eq. (A.1) satisfy the following relations 
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ye ak (A.2) 

ve = K,, (A.3) 

where K, and K are positive scalar constants. Normalizing Eqs. (A.2) and (A.3) to "1" 

implies multiplying each unit modal control force u, and modal error sensor component 

€, by the factors = and B= TE , Tespectively. After substituting the 
K, 

"normalized" modal components into Eq. (A.1), the "normalized" control input becomes 

mo u,6,H,(@) ° (A.4) 

When this "normalized" control input is replaced into Eq. (2.36) it becomes 

(F(@) f, +u,U(@))H,(@) 

(F(a) f, + ou,U (@))H, (@) 
U(@) 

q,(@) 

(A.5) 
  F(o) f, + Gu, co) 

=(F(w)f, +u,U(@))H,(@) 

As can be noticed in Eq. (A.5), the factors involved in the normalization of the 

modal parameters cancel inside the expression for the modal displacements. Therefore, 
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the normalization do not have any effect in the computation of the acoustic response. The 

same analysis can be performed for a MIMO with the same result. 
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Appendix B 

Genetic Algorithms are search techniques based on the mechanics of natural 

genetics. The design parameters are encoded as a string of binary bits called 

chromosomes. Each chromosome corresponds to an objective function evaluation 

denoted as its fitness. The algorithm starts with an initial population of chromosomes in 

what is denoted as the first generation. Subsequent generations are obtained by using 

randomize parents selection along with crossovers and mutations from the previous 

generation. This process of simulated evolution will improve the fitmess of the 

chromosomes as the parents are replaced by better and better children. 

The implementation of the GA in this work corresponds to the Simple Genetic 

Algorithm (SGA) of Goldberg (1989). A flow diagram of the SGA is shown in Figure 

B.1. First an initial population of chromosomes (i.e., candidate designs) of size P is 

generated randomly. In the present implementation, each chromosome contains the 

physical design parameters of the actuators (sensors). The next step is to compute the 

fitness of each one of the chromosome in the population. For the case of designing 

actuators (sensors), the fitness is given as the inverse of the cost function in Eq. (3.18) 

(1.e., Eq. (3.20) for the sensor design). Therefore, when the fitness is improved the cost 

function C; (C;) will be minimized. In addition, the relative fitness of each chromosome 

with respect to the others is used as a measure of its probability of survival ps;. into the 

next generation. These probabilities of survival are used to select the parents for the new 

generation. The children in the new generation are obtained then after implementing the 

genetic operators (i.€., crossover and mutation) to the selected parents encoded as binary 

strings. This procedure continues until a selected maximum number of generations is 

reached. 
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The main steps in the algorithm is the implementation of the crossover and 

mutation operators that will yield the chromosomes in the new generation. The crossover 

operator consists in creating two children chromosomes after swapping parts of the two 

parent chromosomes beginning at a randomly selected location as 

Parent 1:[100110] Child 1:(101101) 

Parent 2:(011101) Child 2: {0 10110) 

  

On the other hand, the mutation operator simply consists in replacing a single bit on each 

string if a probability test is passed. That is 

(101101) 
4 

  

{101141 1] 
a 

The probabilities that crossover (p, ) and mutation (p, ) will occur are selected by the 

user. 
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Figure B. 1 Flowchart of the SGA. 
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