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(ABSTRACT )

In this work, the potential of an active-skin is demonstrated for the reduction of

broadband acoustic radiation from a vibrating structure.  A simplified representation of

the active-skin, employing acoustic monopoles as secondary sources, is explored as a

precursor to the more complicated analyses of the device.  Many design issues are

addressed at this stage, taking advantage of the simplicity of this model.  Numerical

Methods, such as the Finite Element Method (FEM), are employed in the development of

both structural and acoustic models for the active-skin.  These modeling techniques are

also employed for the primary structure, a simply-supported steel plate.  The obtained

models of the plate are validated using both theoretical and experimental comparisons.

Experimental results are also used to verify the structural and acoustic models of the

active-skin.  Integration of these models into the control simulation provides a

methodology for investigating the control characteristics of the active-skin.  Two

different skin configurations are investigated.  The first employs the active-skin as a
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partial covering of a steel plate, while in the second configuration the active-skin

completely covers a clamped aluminum plate.  In each case, experimental results are

presented, in which microphones are used as error sensors, for validation of the analytical

active-skin model.  The model is then used to investigate the effect of Structural Acoustic

Sensing (SAS) on the control performance as an alternative to microphone error sensing.

The adaptive feedforward Filtered-x Least-Mean-Square (LMS) algorithm is employed

for both analytical and experimental control simulations showing the utility of such an

active-skin in the control of structure-borne sound.  A summary of the analytical and

experimental findings is given and conclusions are drawn from these findings regarding

the potential for the active-skin in the broadband attenuation of structurally radiated

sound.
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Chapter 1

Introduction

What is man in nature?  Nothing in relation to the infinite, everything
in relation to nothing, a mean between nothing and everything.

Blaise Pascal

Only since the dawn of time has mankind struggled with its environment,

bringing forth tools of ever-increasing power to ensure the survival of its kind.  Already

possessed of the ability to destroy the planet times over, interests turn towards other

matters.  The control of sound is one such matter, in which devices of varied natures are

implemented in the attempt to reduce unwanted sound.  Such noise, as it is termed, may

disagree with the listener for a variety of reasons, among them the simple reason that it

alerts others to one’s presence.  This case is separated from all others, as the noise one

creates is the only noise one cannot escape.  Thus, in order to erase one’s acoustic

“shadow”, devices for the control of sound are required.  In the development of these

noise-control devices, the present-day acoustician must often make careful use of the

computer.  Through an intelligent application of the computer to the problem at hand, one

is capable of feats unimaginable a mere twenty years ago.  The Finite Element Method

(FEM) is a prime example of such application of the computer, whereby the behaviour of
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a structure may be characterized by combining the known, or assumed, behaviours of its

component parts, or elements.  In this text, the power of this method will be demonstrated

by application to the active-skin in search of structural and acoustic models.  From these

models, an entirely analytical representation of the active-skin is achieved.  This model,

once experimentally validated, may then be used for the evaluation of various active-skin

configurations.

1.1  Noise Control Techniques

Though noise control methods may take on nearly any imaginable form, they may

be neatly arranged into three distinct categories:  passive, active, and active-passive

approaches.  In this instance, the term passive indicates that the device requires no power

inputs for operation.  In general, passive noise control consists of either an addition to or

a modification of the original system in such a way as to decrease the unwanted sound

emitted by the net system.  Mufflers, enclosures, and barriers are all examples of passive

attempts to reduce noise.  On the other hand, the term active implies that, along with

system additions, a supplementary energy input to the system is necessary.  Devices of

this nature often make use of speakers or force transducers to affect the response of a

system.  The final term, active-passive, suggests that a combination of the two

approaches is implemented for the reduction of noise.  While the most effective approach

is largely system dependent, in general, passive techniques work best for high frequency

disturbances, while active techniques prove most useful for low frequency noise.
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The advent of high-speed computers has allowed for significant advancement in

the active control of sound, as the speed with which control algorithms may be practically

implemented has increased dramatically.  Two primary approaches have arisen in active

control of sound which make use of this new found computer power, Active Noise

Control (ANC) and Active Structural Acoustic Control (ASAC).  The first, ANC,

consists of the generation of an “anti-sound” field with a number of secondary acoustic

sources.  This “anti-sound” field destructively interferes with the sound field due to the

primary structure thereby decreasing the net radiated sound [1].  For ANC to be effective,

the control sound field must be generated within sufficient time to interfere with the

airborne structural sound.  For harmonic disturbances this is a small concern; however, in

broadband applications this constraint first limited the realization of ANC to systems

where the control source(s) could be placed a considerable distance down stream of the

noise source [2].  For this reason, ANC is quite effective for the cancellation of one-

dimensional acoustic fields, such as those often found in ducts [1,3].  With modern

computers, however, the computation time for the necessary control input(s) is greatly

reduced, allowing for application of ANC to a greater variety of noise problems.  For

instance, Elliot et. al. have implemented ANC configurations of up to 16 loudspeakers

and 32 microphone error sensors for the reduction of propeller-induced cabin noise [4].

Smith and others have experimentally demonstrated the effectiveness of ANC in the

attenuation of low-frequency jet engine exhaust noise over a desired sector in the far-field

[5].  The second active approach, ASAC, takes advantage of the causal relationship

between vibration and sound.  Illustrated first by Fuller [6,7], ASAC has been shown in

many cases to provide global attenuation of structural radiation with fewer control inputs
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than an ANC approach [8,9].  Rather than direct cancellation of sound, ASAC consists of

the development of secondary control inputs to a structure which result in a vibrational

response corresponding to the minimization of acoustic radiation [10].  This idea of

modifying the vibrational response of a structure has lead to the investigation of  modal

restructuring, in which inefficient radiating modes are amplified in the controlled

response while efficient radiating modes are suppressed [11,12].  Baumann, Ho, and

Robertshaw [13] simulated the application of Linear-Quadratic-Gaussian (LQG) control

theory to a clamped-clamped beam and found that minimization of radiated power even

required an increase in the system vibration in some cases.

1.2 Control of Sound by Means of an Active-Passive Skin

As opposed to the common realizations of ANC and ASAC, where the control

actuators comprise a relatively small portion of a system, the use of a secondary layer, or

skin, for reduction of structurally radiated sound implies a complete covering of all

vibrating, and hence radiating, surfaces of the primary structure.  Now one is concerned

with sound radiated from the surface of the skin rather than the primary structure.  The

combined passive and active effects of the skin on the primary structure must be

considered in design.  The use of an entirely passive foam layer on the surface of a

radiating piston has been shown by Gentry et. al. to reduce radiated sound for high

frequencies [14].  To take advantage of both active and passive methods, control

actuators may be added to the skin for the attainment of low frequency attenuation to

complement the absorptive effect of the foam at high frequencies.  In these active-passive

configurations, the skin may be divided into a number of independently controlled cells,
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whose dynamics are governed by the application of a voltage signal to a piezoelectric

element contained in the active-skin cell.  Two primary piezoelectric materials are

commonly used in the construction of these cells.  The first, polyvinylidene fluoride

(PVDF), was discovered in 1969 by Kawai [15]. The second group of materials,

discovered by Jaffee, are the piezoelectric transducing polymers (PZT’s) [16,17].  The

inception of these piezoelectric materials has spawned much work in the area of “smart”-

materials and “smart”-structures.  Gentry, Guigou, and Fuller have implemented active-

passive PVDF foam skins on pistons which attain global attenuation for harmonic

excitations [14,18].  This approach takes advantage of the inherent absorptive

characteristics of the foam, while also coupling with the vibration of the primary

structure.  Another active-skin tactic consists of the development of skin cells which,

rather than absorbing sound, prevent radiation by minimizing an acoustic cost function in

terms of vibration at the surface of the skin.  Thus, the control actuators provide

substantial control authority over the entire control bandwidth.  In this instance, the only

passive effect is seen as a result of the mass loading of the skin cells on the primary

structure.  Kugel and others have developed analytical models for the characterization of

PZT acoustic transducers intended for use in an active-skin of this nature [19].

1.3 The Finite Element Method

The Finite Element Method (FEM) is another of the many engineering tools made

available by the vast advancement of the microprocessor.  As a result, FEM has become a

fixture in many areas of science, including mechanical design, fluid dynamics, heat

transfer, vibrations, and acoustics [20].  By 1977 a thorough treatment of FEM techniques
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had already been compiled, despite the relatively humble computing capabilities of the

time [21].  More important than the computer, however, is the understanding of the

physics governing a particular application of FEM.  Timoshenko is among those who are

indirectly responsible for the success of FEM techniques [22], as his work allowed for a

foundation upon which FEM formulations could be based.  FEM consists of the sub-

division of a system into small components, or elements, whose behaviour may be

approximated by an assumed stress-strain relationship, or element formulation.

Definition of an element includes the specification of its composition and geometry.  The

boundaries of such elements are defined by nodes, which may be shared between

adjacent elements.  Collectively, the elements, nodes, and element formulation define the

mesh of an FEM representation of a system.  After defining a mesh, nodal constraints,

such as displacement restraints or force loads, are defined.  These constraints, or

boundary conditions, are then combined with the element formulation to produce a

system of equations describing the behaviour of the system subject to the defined

constraints.  It is the solution of these equations that taxes the majority of the computer

effort.

A sub-set of FEM techniques often used for acoustic modeling is the Boundary

Element Method (BEM) [23].  This approach to numerical modeling of acoustic

problems requires definition of a mesh on the fluid boundary of a system, where

boundary conditions are applied as in a more general FEM approach.  The boundary

conditions on the mesh are then used to determine the behaviour of the fluid at points off

the mesh.  A common boundary element problem consists of the determination of
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radiated pressure from the surface of a structure with a known velocity distribution.

Either theoretical or experimental velocity data may be used with the BEM approach,

which allows for the prediction of radiated acoustic pressure without direct measurement.

For example, Rodríguez-Dávila used the BEM approach to evaluate radiated acoustic

power from a structure using experimental measurements [24].  Once a mesh of the

radiating structure is complete, velocity boundary conditions would be generated on the

radiating surfaces.  From this information, a BEM acoustic solver yields the radiated

pressure at any desired point in the fluid.  The BEM method has also proved valuable in

tandem with FEM formulations for the modeling of fluid-structural interaction in three-

dimensional acoustic scattering problems [25].

1.4 Thesis Overview

It is the intent of this research to demonstrate the potential of an active-skin for

the attenuation of broadband acoustic radiation from a vibrating structure, as well as to

develop a dynamic characterization of the individual cells comprising the skin.  The cells

are controlled by application of a voltage to PZT bimorphs which, in turn, excite a

diaphragm responsible for the radiation of sound.  Consideration will be given to many

design issues such as:  the materials used, the necessary number of control channels,

optimal cell location, and error evaluation.  Configurations of increasing complexity will

be analytically developed in order to most efficiently illuminate useful information from

each simulation.
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While this thesis depends heavily upon the analytical, the experiments performed

provide the validation necessary for the support of analytically determined conclusions

regarding the modeling and performance of the active-skin.  The primary structure for

both simulation and experiment is a baffled, simply-supported steel plate.  The adaptive

feedforward filtered-x LMS algorithm is used for implementation of control, in which

digital filters represent both the control-to-error and disturbance-to-error transfer

functions.  The active-skin is experimentally and analytically examined in configurations

that rely on far-field microphones as error sensors, while analytical results are also

presented for configurations where an array of accelerometers mounted on the surface of

the skin is used for the creation of error signals.  Both Sound Power Level (Lw) and

Sound Pressure Level (SPL) data are used for evaluation of the performance of the

active-skin in each configuration.

As a baseline of the potential of the active-skin, a simplified representation of the

active-skin is investigated, where the skin cells are treated as acoustic monopoles.  This

analysis, presented in Chapter 2, encompasses many of the issues to be addressed for the

more complicated analyses of the active-skin.  The primary structure and control

algorithm will also be introduced and used throughout the remainder of the thesis.  In

Chapter 3, a structural modeling technique, using FEM, will be introduced and

experimentally validated for the simply-supported steel plate.  This technique will then be

applied to the active-skin cell and compared to experimental findings.  Once a structural

model has been determined, a BEM analysis may be performed to reveal the acoustic

radiation characteristics of the structure.  This analysis is contained in Chapter 4, along
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with a second approach to acoustic modeling, which takes advantage of the known

radiation characteristics of elementary radiators.  Again, experimental measurements are

included to support the models of both the plate and the active-skin cell.  Once a

methodology for the modeling of the active-skin is introduced, it remains only to

demonstrate its effectiveness in the attenuation of broadband structural radiation from the

control structure.  Thus, Chapter 5 is an investigation into the performance of the active-

skin in varied configurations, providing for insightful conclusions as to the behaviour of

the active-skin.  Both analytical and experimental findings will be presented.  Lastly, in

Chapter 6, a summary of the important conclusions will be made along with a

commentary regarding the overall utility of the active-skin for the control of broadband

structural radiation.
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Chapter 2

Control Issues

Human subtlety…will never devise an invention more beautiful, more
simple or more direct than does nature, because in her inventions nothing
is lacking, and nothing is superfluous.

Leonardo daVinci

When posed with a difficult and complicated task, great reward may be found in

the careful examination of the problem in a simplified format, so long as the

fundamentals of this problem are retained.  This approach allows for a complete

understanding of the basic principles involved that, in turn, grants one the ability to

isolate the finer intricacies of a system upon further investigation.  More importantly,

however, such a tactic acts to prevent one from being misled by the behaviour of a

system.  Thus, before formulating a model that includes all the dynamics of the active-

skin, it is beneficial first to study the problem in its simplest form.  Viewing each active-

skin cell as an independent acoustic actuator, the active-skin may be reduced to the

application of ANC to a vibrating structure.  To further simplify this preliminary model,

the dynamics of the active-skin cells themselves are ignored in the adoption of acoustic

monopole representations.  This chapter serves to formally introduce the active-skin
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problem using this model, providing detailed descriptions of the primary structure and

control algorithm to be used in subsequent representations of the active-skin.

2.1  Description of the Active-Skin System

The primary structure used throughout this thesis is a baffled, simply-supported

steel plate.  The plate is rectangular and of dimensions 380 x 300 x 2 mm.  The plate is a

useful geometry, as it serves as a building block in the creation of models for generalized

structures, such as building walls, windows, etc.  Hence, the effective application of an

active-skin on a plate indicates potential for application to generalized structures. The

plate is excited with a broadband disturbance, provided either by a point force or a

piezoelectric actuator located for effective excitation of the first six plate modes.  The

nodal lines associated with the vibrational mode shapes for these six modes are given in

Figure 2.1.  The resonant frequencies for these modes are also presented in the figure.

Appendix A of this text provides a description of the vibration response of the simply-

supported plate subject to the two disturbances adopted in this text.  For the purposes of

this chapter, the presence of the active-skin on the plate is ignored; however, in later

portions of this text, the active-skin will be accounted for in both structural and acoustic

modeling.  Here, the skin cells are replaced with acoustic monopoles coincident with the

surface of the plate.  The active-skin cells are small in relation to the acoustic

wavelengths relevant to this analysis and, thus, may be treated as monopoles for the

purposes of this preliminary model of the active-skin.  The introduction of these

simplifications allows for isolation of the fundamentals of the active-skin control problem

without the added complexities associated with the dynamics of the control actuators and
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their interaction with the primary structure.  The control algorithm, to be discussed in the

following section, requires error information for determination of the optimal control

outputs.  These error signals come in the form of sound pressure measured at a number of

far-field locations.  The sound pressure at a number of distinct observation points is also

monitored for estimation of the control performance.  Both acoustic directivity and

radiated sound power comparisons are made between the controlled and uncontrolled

responses of the system.  Figure 2.2 depicts the control system in an anechoic chamber

from an overhead vantage point, including the plate, baffle, error sensor locations, and

coordinate axes.  The origin of the coordinate system is at the center of the plate and all

five error sensors lie on a hemisphere, with a radius of 1 meter, about this origin.  The

angle θ locates a given error sensor in the X-Y plane, while φ is the angle measured

between the sensor coordinate and the Z-axis.

Mode (1,1) - 88 Hz

Mode (2,1) - 189 Hz Mode (2,2) - 352 Hz

Mode (1,2) - 250 Hz

Mode (3,1) - 358 Hz Mode (3,2) - 521 Hz

Figure 2.1  Resonant Frequencies and Nodal Lines for the First Six Simply-Supported
Plate Modes.  (Plate is Steel of Dimensions 380 x 300 x 2 mm)
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Plate
Baffle

θ=0°,φ=0°

θ=135°,φ=30°

θ=-135°,φ=60°

θ=45°,φ=30°

θ=-45°,φ=60°

≡ Error Sensor
x

z

y

2.5 m

4.2 m

Figure 2.2  Top-View of the Plate-Baffle System in the Anechoic Chamber  (4.2 x 2.5 x
2.2 m)

2.2  Experimental Control Approach

In the previous section, the various components of the active-skin system were

identified, including the primary structure, the secondary sources, the error sensors, and

the experimental setup of this control system.  In order to collectively implement these

components of the control system, a control algorithm must be devised and employed.

Chapter 1 provided a brief overview of the various approaches used in the active control

of sound and vibration, while in this work the feedforward filtered-x LMS algorithm is

employed for all active control experiments with the active-skin [26,27].  Using a Digital

Signal Processor (DSP), the filtered-x algorithm is applied in real-time to the iterative
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adaptation of digital control filters, or control compensators, which, in turn, provide for

the generation of control inputs necessary to minimize a defined cost function.  With this

gradient method, a model of the control path and an estimate of the noise field are

required.  All work in the active control of sound depends heavily upon the successful

implementation of these control algorithms on a DSP at high sample rates.  Therefore a

careful survey of this material is necessary before the active-skin control system may be

adequately analyzed in either experiment or simulation.

2.2.1  Digital Filters

A fundamental of the real-time control strategy is the digital filter.  By means of

two simple operations, addition and multiplication, a complex frequency response may be

represented.  The speed with which digital filters may be practically implemented makes

the feedforward approach a viable option in the control of sound.  Two varieties of digital

filters are used in these feedforward control algorithms:  Finite Impulse Response filters

(FIR) and Infinite Impulse Response filters (IIR).  FIR filters consist of a series of

coefficients from which the output is determined by a linear combination of previous

inputs to the filter.  The output of an FIR filter at the kth iteration may be expressed as

∑
=

−=
N

i
ikik xwy

0

(2.1)

where the subscript k indicates the kth iteration, y represents the filter output, x is the filter

input, N is the FIR filter order, and the wi’s are the FIR filter weights.  The convolving

action of the filter in the time-domain may be equivalently stated as a multiplication in

the Z-domain by

Y z W z X z( ) ( ) ( )= ⋅ (2.2)
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where Y(z) represents the z-transform of the filter output, X(z) is the z-transform of the

filter input, and W(z) is the z-domain filter transfer function.  An FIR filter W(z) possesses

poles only at the origin, which, although ensuring stability, prevents accurate modeling of

transfer functions possessing multiple non-zero pole behaviour (with a reasonable

number of weights) such as that associated with a structure at resonance [26].  The

recursive IIR filter model remedies this limitation by including both poles and zeros in

W(z); however, stability now becomes an issue.  For IIR filters, W(z) is of the form

W z
B z

A z
( )

( )

( )
=

−1
(2.3)

where B(z) and A(z) represent polynomials in z.  The output of an IIR filter is due not

only to the input sequence, but also to the output sequence. The output of an IIR filter at

the kth iteration may be expressed as

y b x a yk i k i
i

M

j k j
j

N

= +−
=

−
=

∑ ∑
0 1

(2.4)

where bi and aj respectively indicate coefficients from B(z) and A(z) defined above, M is

the polynomial order of B(z), and N is the polynomial order of A(z).  Although IIR filters

provide for more accurate representations of many systems, care must be taken to avoid

an unstable filter response.  This issue will be addressed in detail in subsequent sections

of this text.

2.2.2  The MIMO Feedforward Filtered-x LMS Algorithm

Despite the extensive research conducted in the application of adaptive

feedforward algorithms to the control of sound, care must be taken in the introduction of

these algorithms in new situations [28,29].  In this text, a brief survey of the important
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aspects of the filtered-x LMS algorithm are given using a Multiple Input Multiple Output

(MIMO) formulation.  Note that a single reference will be considered throughout this

text.  While the presence of additional references does not dramatically affect the

formulation of this algorithm, such multiple-reference configurations do represent a

substantial complication in implementation.  Figure 2.3 contains a generalized block

diagram representation of the MIMO filtered-x sequencing algorithm.  In this depiction, x

is the disturbance (and reference) signal, en represents the total error signal due to the

combined effects of the disturbance and control inputs on the nth error sensor, um is the

input to the mth secondary (or control) path, andmnx̂ is the filtered-x signal relating the mth

secondary path to the nth error sensor.  The primary structure is represented by the z-

domain transfer functions Tden(z), while Tcemn(z) represents the transfer function between

the mth control actuator and the nth error sensor.  On the other hand, (z)ceT mn

~  represents

the modeled behaviour of the mth control actuator relative to the nth error sensor,

represented by an FIR type digital filter.  ~T (z)ce  is found through system identification, in

which the actual control-to-error paths are directly modeled using FIR filters in

conjunction with an LMS approach [29].  The intent of these models is to provide

knowledge of the effect that the secondary path has on the error signals.  With this

knowledge, the necessary secondary control inputs may be determined using the error

information provided by the sensors.  Thus, the accuracy of this system identification is

crucial to the successful implementation of this algorithm.  The time-varying adaptive

control compensator associated with the mth secondary path is represented by the z-

domain transfer function, Wm(z), and the LMS block denotes the application of the

filtered-x algorithm to the iterative updating of control compensator coefficients.  In
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general Wm(z) is modeled using an FIR filter, although in some instances an IIR model is

assumed [26].  Two dashed-boxes define those portions of the block diagram belong to

the controller and plant of this control system.
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Figure 2.3  Block Diagram of MIMO Filtered-x LMS Algorithm

Before delving into a discussion of this algorithm, special consideration of the

reference signal, x, should be given as it applies to this research.  Probably the most

fundamental necessity for the successful application of this algorithm is the existence of a

reference signal coherent to the disturbance of the primary structure.  In this work, the

disturbance signal used to excite the primary structure is known and, thus, the disturbance

signal itself is passed into the controller.  Obviously, this results in a perfect coherence
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between the disturbance and reference signals, thus allowing the focus of this work to lie

in other aspects of control.

After a brief introduction to the filtered-x LMS algorithm, a look into the

compensator-update scheme is in order.  The LMS block of this algorithm is responsible

for the adaptation of the control compensator leading to the minimization of a defined

cost function.  This adaptation process belongs to the class of gradient methods.  A

common cost function assumed in active control is the sum of the square of the error

signals for each time sample, k:

[ ]∑
=

=
N

k
keEJ

1

2 (2.5)

where J is the cost function defined by the summation of the N error signals, ek, and E[-]

denotes the expected value operator.  Minimization of this cost function provides the best

possible control performance for a system, but fails to ensure reasonable inputs to the

control actuators.  For some systems, the control actuators have nearly identical transfer

functions to the error sensors.  This co-linearity problem necessitates large control

voltages for the simultaneous attenuation of each error signal.  In order to counter this

weakness and limit the effort of the controller, another, more practical, cost function, J, is

introduced as
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where ek is the kth error signal, ul is the lth control input, α is a defined penalty weight on

the control input.  With this cost function, an increase in the control voltages will result in

an increase in the cost associated with the compensator coefficients.  Thus, control inputs
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will be sought for which the total error is reduced without an unacceptable control effort.

In order to determine α, it is useful to have a rough estimate of the disturbed response of

the primary structure.  With such an estimate, a value for α is sought which assigns equal

penalty to the total energy present in the error and control signals.  Cost functions of this

sort have been implemented in the active control of sound and vibration [27]; however, in

all experiments with the active-skin the first type of cost function (given by equation 2.5)

is adopted.  For each time sample, k, the gradient of this quadratic cost function with

respect to the i th compensator coefficient of the mth compensator, wm,i, may be computed

as

∑∑
=

−
=

==
N

n
iknmn

N

n im

n
n

im

xe
w

e
e

w

J

1
,,

1 .,

ˆ22
∂
∂

∂
∂

(2.7)

where �x  is the filtered-x signal given by

)(
~

ˆ , zceTxx mnnm ∗= (2.8)

Minimization of the cost function occurs when each of these partial derivatives is equal to

zero.  Thus, in order to step towards this optimal compensator solution with this gradient

search method the updated compensator coefficients may be determined by

im
kimkim w

J
ww

,
,,1,, ∂

∂µ−=+ (2.9)

where the first subscript on wm,i,k indicates the associated secondary path, the second

subscript identifies a particular coefficient in the mth compensator, the third subscript

relates the time step, and µ is termed the convergence parameter.  The convergence time

for the compensator is reduced as µ is increased, but a maximum µ exists for which the
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convergence procedure remains stable.  One guideline for the choice of µ is offered by

Widrow and Stearns as

)(

1
0

Rtrace
<< µ (2.10)

where R is the input correlation matrix given by





















=

−−−−

−−−−

−−

2
1

1
2

11

1
2

nkknkknk

nkkkkk

nkkkkk

xxxxx

xxxxx

xxxxx

R

�

���

�

�

(2.11)

where x represents the reference signal [26].  When µ is greater than the maximum value,

an instability in the adaptation results, causing the secondary control inputs to increase in

an unbounded manner.  Thus, a safe bound on µ must be carefully determined.

The filtered-x LMS algorithm requires no knowledge of the primary structure and

merely adapts to the best possible compensator solution for a given cost function.

Limitations exist in the performance of the algorithm which are governed by many

parameters including the coherence between the reference signal and the disturbance, the

accuracy of system identification, the sample rate, the FIR filter order, µ, and the number

of control channels.  Although in this work the ideal reference (the disturbance signal) is

used, attention must be paid to the remainder of these factors as the algorithm is applied

to the active-skin.
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2.3  Theoretical Control Approach

In the previous section, details concerning the MIMO formulation of the

feedforward filtered-x LMS algorithm were presented in the context of real-time

implementation.  In other words, the preceding discussion applies directly to the

experimental application of the control algorithm, while in this section the theoretical

control approach is to be discussed.  A major difference in execution exists between

experimental and theoretical control approaches, due to the environments in which each

is employed.  In experiment, the control algorithm is implemented in real-time using a

computationally powerful DSP in a “bare-bones” configuration.  In simulation, however,

a code must be written in a computer environment that itself taxes a significant portion of

the resources of computational power.  Furthermore, in simulation a greater number of

calculations is necessary for the representation of the plant behaviour, which, in

experiment, is provided by real devices.

Several possible simulation approaches may be assumed in gauging the potential

performance of an active control system.  The most obvious of these methods consists of

the generation of a computer code that mirrors the experimental implementation of the

filtered-x algorithm, presented in the previous section.  But as implied by the discussion

in the previous paragraph, this iterative approach is computationally inefficient.  An

alternative to this method is found in a combined frequency/time-domain approach based

on Linear Quadratic Optimal Control (LQOC) theory.  LQOC theory is used to determine

the optimal control compensator responses in the frequency domain.  Once the frequency

responses have been isolated, the Matlab® function INVFREQZ may be used to design
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digital filters for use in time-domain simulation [30].  This transformation uses a curve-

fitting technique to provide the best possible representation (for a defined number of

weights) of the desired complex frequency response. Upon determination of the control

compensators, any disturbance signal may be generated and fed through the primary and

secondary control paths for evaluation of the control performance.  Thus, this hybrid

approach to simulation entails the design of digital filters from frequency-domain transfer

functions, along with the time-domain implementation of these filters with respect to an

arbitrary disturbance.  With this brief overview in mind, the LQOC theory involved will

be introduced for arbitrary disturbance and control paths before, in turn, discussing the

mathematical models used for representation of these paths with the active-skin system.

2.3.1  Linear Quadratic Optimal Control Theory

LQOC theory provides a methodology for the determination of optimal control

inputs for steady-state harmonic disturbances of the primary structure.  In this text,

LQOC will be used for the determination of frequency responses for each control

compensator by obtaining the LQOC solution at a number of discrete frequencies

spanning the desired control bandwidth of the simulation.

Consider a control system having a single disturbance, M secondary control paths,

and N error sensors.  Let us denote the magnitude and phase of the nth error signal by en,

and let e represent a column vector defined by

( )T
neeee �21= (2.12)
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where the frequency dependence is suppressed.  Now let us define a set of disturbance

and control inputs by fd and the vector fc (M x 1), respectively.  Representing the transfer

functions (at frequency ω) between these inputs and the N error sensors by the vector D

(N x 1) and the matrix C (M x N), respectively, the error at frequency ω may be found by

cd fCfDe ⋅+⋅= (2.13)

Adopting the type of cost function introduced by equation 2.5, the cost function, J, may

be written as
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where ()H denotes the Hermitian operator.  By substitution of equation 2.13 into equation

2.14, the cost function may be expressed directly in terms of the disturbance and control

inputs to the system:

c
HH

cc
HH

dd
HH

cd
HH

d CfCfCfDfDfCfDfDfJ +++= (2.15)

The cost function is now seen to be quadratic with respect to the control inputs fc.  In

order to find the control inputs that minimize this quadratic function, the partial

derivatives of J with respect to each of the control inputs must be constrained to zero.

With this in mind, partial differentiation of J (as given in equation 2.15) with respect to

each term of fc yields a set of M simultaneous equations, the solution of which reflects the

optimal control inputs, fc
opt.  The result may be expressed in vector form by

d
HHopt

c DfCCCf 1)( −−= (2.16)

Note that the inclusion of the Hermitian operator throughout this analysis provides

solutions both for systems possessing an equal number of error sensors and control inputs

(M = N), as well as for over-determined systems (M < N).  For over-determined systems,
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the minimum of the cost function will not necessarily be reduced to zero, while in the

first instance use of the optimal control inputs will provide complete cancellation of the

each error signal.

Recalling that for this work the ideal reference (the disturbance signal) is used,

one may determine the optimal compensator response, wc
opt (M x 1), directly from

equation 2.16 by merely canceling the effect of the disturbance input, fd, from each side:

DCCCw HHopt
c

1)( −−= (2.17)

Again, note that wc
opt represents a vector of complex values corresponding to the optimal

compensator response for a particular frequency, ω.  Application of this approach at a

number of frequencies will yield the frequency-domain solution for the optimal

compensator frequency responses.

Once this optimal response is known, a finite order digital filter may be created

for representation of this compensator in time-domain control simulations.  The

INVFREQZ function in the MATLAB environment is used to perform this transformation

[30].  Error is introduced into these calculations via two routes.  First, the optimal

compensator response may be noncausal for some frequencies, i.e. the control outputs

can not be generated in sufficient time to interact with the disturbance.  The INVFREQZ

transformation constrains the digital filter to be causal, introducing error and a decreased

control performance.  Second, for the finite filter sizes of the real world, this

transformation introduces modeling error in the complex frequency response of the

control compensators.  For small filter sizes, the performance of the designed control
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compensators is likely to be significantly worse than that of a system in which the filter

weights are determined iteratively; however, as the order of the filters are increased, this

effect is reduced.

2.3.2  The Analytical Active-Skin Plant Models

In order to simulate control with the active-skin using the control theory discussed

in this chapter, a complete model of the plant is required.  Thus the behaviour of the

primary structure and secondary actuators must be characterized.  As discussed in the

previous section, the simulation approach adopted in this text requires frequency-domain

transfer functions for the design of digital filters used in the time-domain simulation of

control.  The following paragraphs summarize the modeling techniques used for

determination of the respective primary and secondary transfer functions.

The Primary Structure

The primary structure used for investigation of the active-skin is a simply-

supported steel plate of dimension 380 x 300 x 2 mm, as introduced in section 2.1 of this

text.  Two approaches are adopted for modeling the vibration response of this structure.

The first consists of a continuous method based on classical thin-plate theory, while the

second results from the FEM modeling of the structure using a commercial finite element

code.  A modal approach is assumed in each case, in which a limited number of distinct

(and orthogonal) eigen-functions are used as a basis for the out-of-plane vibration

response of the planar structure, expressed by
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where the (x,y) coordinate is in reference to the lower, left-hand corner of the plate as

viewed from the front of the surrounding baffle.  Wmn denotes the complex amplitude

associated with the response of the (m,n) vibrational mode of the plate and φmn(x,y) is the

corresponding mode shape.  In this chapter, the continuous model of the simply-

supported plate is assumed for determination of the plate response under a point-force

excitation.  The vibration analysis for this excitation of the plate is outlined in section A.1

of Appendix A.  While this representation is adequate for the simplified version of the

active-skin investigated in this chapter, in later chapters this model will be discarded in

favor of a more realistic excitation associated with a piezoelectric bimorph actuator such

as will be used in actual control experiments with the active-skin.  The continuous

vibration response for this excitation is found in Appendix A.2.

Since the end product of this modeling is a frequency-domain relationship

between a disturbance of the primary structure to the acoustic pressure observed at a

number of locations in the far-field, the vibrational model thus obtained is not of primary

interest.  Therefore, the vibration response of the structure, once known, must be

incorporated into an acoustic model of the plate.  For the continuous method, the

radiation from a baffled plate has been analytically derived under far-field limitations,

while the FEM vibration response is combined with a numerical acoustic technique,

BEM, for prediction of the radiated pressure.  The continuous acoustic radiation

response, presented in section A.3, allows the pressure at any point in the far-field to be

written as a sum of modal contributions analogous to the vibrational case:
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where the vector r
*

 describes a point in the acoustic medium with reference to the center

of the plate and )(rp
mn

*φ  is the acoustic influence function relating the complex vibrational

amplitude of the (m,n) mode to the radiated pressure at location r
*

.  The linearity of these

structural-acoustical models allows for the direct summation of the modal contributions

to the total radiated pressure at a given location in the acoustic medium.

The two preceding paragraphs briefly describe the analysis used in the

determination of the acoustic pressure radiated from the primary structure.  A detailed

mathematical description of this structural-acoustic model is given in Appendix A of this

text.  In later portions of this work, more specifically Chapter 5, the classical models

adopted here will be discarded in favor of FEM/BEM models of the primary structure.

Chapters 3 and 4, respectively, are devoted to the development of these FEM and BEM

numerical modeling techniques.  For clarity, all discussion of these numerical methods is

deferred to Chapter 3, after which the control simulations exclusively adopt FEM/BEM

representations for the primary structure.

The Active-Skin Cell

For modeling the control actuators comprising the active-skin, the choice between

continuous and FEM/BEM structural-acoustic models again exists.  The geometry of the

active-skin cell, however, provides substantial difficulties in the formulation of a

continuous model.  It is for this reason that numerical modeling techniques are adopted

for the modal characterization of the active-skin cell.  After validating the numerical

methods for the primary structure, these methods may be applied to the active-skin cell
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with confidence.  As with the primary structure, the radiated pressure may be written as a

modal summation:
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where Am denotes the complex vibrational amplitude associated with the mth mode, and

)(rp
m

*φ  represents the acoustic influence function relating the mth modal vibration

amplitude to the pressure at point r
*

 (relative to the plate center).  Again, chapters 3 and 4

provide detailed explanations of the model development for the active-skin cell.  In this

chapter, however, each active-skin cell is represented in simulation by an acoustic

monopole located on the surface of the plate.  In this instance, the transfer functions

relate unit source strengths for the monopoles to the radiated pressure at the error

microphones.  The pressure radiated by a baffled monopole to a point in the acoustic

medium is given by

)(
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),( krtje
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cjtrp −= ω

π
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where p denotes the complex pressure a distance r from the monopole, Q is the source

strength of the monopole, ρ0 is the density of the acoustic medium, c is the speed of

sound in the acoustic medium, ω is the frequency of the emitted sound, and k is the

acoustic wavenumber [31]  Note that the coordinates adopted take the plate center as the

origin.

The preceding paragraphs provide an overview of the methods used in the

modeling of the primary and secondary structures of the plant for the active-skin control

system.  Each simulation presented in this text will be premised by a description of the
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models used for that specific configuration, along with a summary of the important

control parameters such as the sample frequency, the digital filter sizes, the disturbance

type, and the actuator and sensor locations, etc.

2.4  Acoustic Radiation from a Simply-Supported Plate

The simply-supported rectangular plate possesses four types of acoustic mode

radiation, as described by Maidanik in 1962 [32].  These types of radiation provide a

useful design aid for the determination of the number of necessary active-skin cells, as

well as the optimal locations for these cells.  These radiation types, depicted in Figure

2.4, are referred to as surface mode radiation, x-edge mode radiation, y-edge mode

radiation, and corner mode radiation.  In the figure, the hatched areas correspond to those

responsible for far-field radiation, while the remaining areas act to cancel each other.

The type of radiation associated with a given mode at a given frequency depends upon

the ratio of the flexural and acoustic wavenumbers.  The critical frequency of a mode is

defined as the frequency for which the flexural and acoustic wavenumbers are equal.

Below the critical frequency, adjacent areas of the plate vibrating out-of-phase effectively

cancel one another in the far-field.  Thus, a reduced area of the plate is actually providing

far-field acoustic radiation.  The following criteria suggest the type of radiation

appropriate for a given set of wavenumber ratios
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where k is the acoustic wavenumber, and kx and ky, respectively, represent the flexural

wavenumbers in the x and y directions [39].
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Figure 2.4  Types of Mode Radiation for a Simply-Supported Plate

Of specific interest in this text is Corner Mode Radiation type, as this radiation

type prevails in the frequency range of interest for this control scheme.  Maidanik, in his

analysis, went on to discuss the modeling of plate radiation by means of acoustic

monopoles for sub-critical frequencies.  For odd-odd modes, such as the (1,1) mode of

the rectangular plate, a monopole representation is appropriate, whereas a dipole

representation results when an odd-even or even-odd mode is encountered.  A quadrupole

model is required for even-even plate modes.  This can be seen as a direct result of Figure
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2.4 (d).  Taking this conclusion one step farther, employing monopoles in the described

manner as secondary sources should allow for control of these modes below the critical

frequency.  The following simulations demonstrate the validity of these findings.

2.5  Monopole Representation of the Active-Skin

As a preliminary investigation into the performance of the active-skin, a

simplified rendition of the active-skin is modeled which makes use of acoustic

monopoles in the control of sound radiated from the primary structure.  Deffayet and

Nelson have theoretically demonstrated the effectiveness of monopoles in the

cancellation of low frequency panel radiation using a frequency domain approach [33],

while in the analysis presented here a time-domain approach is applied.  The control

input to the monopoles is complex source strength (magnitude and phase), which gives

no indication of required voltages for the active-skin PZT elements.  This model,

therefore, is useful only for the determination of the potential reduction and the value of

various geometric configurations for the active-skin, under the assumption of monopole-

like radiation for the skin cells.  Another important issue addressed is the required

number of independent control channels, which, in general, greatly affects the

performance of a control system.  It is important to determine the minimum number of

channels necessary for a satisfactory reduction of the sound power radiated by the

primary structure.  In this section, configurations of one, two, and four control channels

will be investigated, while in each case five error sensors will be employed in the attempt

to attain global attenuation.
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2.5.1  One Control Channel

In this configuration one acoustic monopole is located on the plate (see Figure

2.5) for cancellation of sound radiated from the primary structure.  It is intuitive that such

a configuration should yield fair results only for those frequencies in which the radiation

from the plate surface resembles that of a monopole.  Thus, of the included modes, only

radiation due to the (1,1) and (3,1) modes are expected to be globally reduced, while the

remaining modes will be attenuated only near the error sensors.  Results are presented for

a single location of the secondary source, where the monopole is placed at the center of

the radiating surface of the plate.  In this simulation, a sample rate of 1500 Hz was used

along with a 200 coefficient FIR control compensator.  The optimal compensator

response was derived using the behaviour of the plant and control source by application

of the LQOC-based time-domain method described in section 2.3.1.  The plant was

modeled using an order 15 IIR filter, while the secondary sources were modeled using

order 15 FIR filters.  A broadband disturbance is applied to the plate through a point

force as shown in Figure 2.5.  Figure 2.6 contains two measures of the acoustic

attenuation.  The first, found in Figure 2.6 (a), is a directivity pattern in terms of total

Sound Pressure Level (SPL) for the primary structure before and after application of

control.  This curve is generated using pressure in the y = 0 plane for 19 points (10°

angular increment) at a radius of 1 meter.  While not providing for a significant reduction

of the radiated sound, a 3 dB reduction in total SPL is observed throughout the

observation plane.  Figure 2.6 (b) depicts frequency spectra of the radiated acoustic

power before and after the implementation of control.  It is evident from this data that

reduction is attained only for frequencies near the natural frequencies of the (1,1)  and
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(3,1) modes, which is in accordance with Maidanik’s characterization of plate radiation.

This power estimate is computed using the FFT from time histories at 49 points on a

hemisphere at a radius of 1 meter, as discussed in Appendix B.  An overall reduction in

acoustic power of approximately 3.5 dB is attainable for a single secondary acoustic

source in this configuration.

# 1
(0,0)

0.30 m

0.38 m

x

y

Point Force
(-0.115,-0.09)

Figure 2.5  Secondary Acoustic Source Location - One Control Channel
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Figure 2.6  Control Results:  Single Secondary Source
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2.5.2  Two Control Channels

In accordance with Maidanik’s plate characterization, the implementation of two

control channels allows for the attenuation of the radiation due to the appropriate even-

odd modes and all the odd-odd modes.  Figure 2.7 shows the locations of the two

secondary acoustic sources used for this configuration.  These positions on the x-axis

where determined for alignment of the sources with the dipole acoustic radiation

associated with the (2,1) mode of the plate.  To attenuate the (1,2) mode, the sources

should be located in a similar manner on the y-axis.  The system parameters used for the

single channel control configuration are retained here, including the sample rate and filter

orders; however, now two independent control variables exist which correspond to the

source strength of each monopole.

# 1
(-0.095,0)

# 2
(0.095,0)

0.30 m

0.38 m

x

y

Point Force
(-0.115,-0.09)

Figure 2.7  Secondary Acoustic Source Locations - Two Control Channels

Figure 2.8 contains both the acoustic directivity and acoustic power data before

and after the implementation of a two channel controller in the time-domain active-skin

model.  Again, the optimal compensator is determined directly by modeling both the
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plant and control paths to the error signals.  Comparing Figure 2.8 (a) with Figure 2.6 (a)

it can be seen that a greater attenuation is achieved with two secondary sources than with

one, as expected.  From Figure 2.8 (b) it is evident that reduction is attained near the

natural frequencies of the (1,1,), (2,1), and (3,1) modes, while for frequencies near the

resonances of the  (1,2), (2,2), and (3,2) modes the radiated power is unchanged.  An

overall reduction of 4.25 dB is observed in radiated acoustic power, a small gain for the

use of a second control channel.  Thus, substantial global attenuation may only be

achieved when all of the modes are reduced.  To meet this end, a four channel controller

must be devised.
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Figure 2.8  Control Results:  Two Secondary Sources
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2.5.3  Four Control Channels

 In order to mimic the quadrupole radiation behaviour of the even-even modes,

four secondary acoustic sources are distributed over the surface of the plate.  Figure 2.9

depicts the locations of these sources for the simulation results presented here.  Using the

same time-domain control system parameters as the two previous simulations, an 8.5 dB

reduction in radiated acoustic power is achieved.  The control compensator was again

determined by LQOC-based time-domain techniques.  Figure 2.10 shows the control

results for acoustic directivity and acoustic power.  In this case, attenuation is observed

for radiation due to all six modes included, providing the desired global attenuation.  As a

comparison between the iterative and LQOC-based time-domain approaches to control

simulation, the iterative approach was also applied for this control configuration.  In this

simulation approach, the control compensators are adaptively determined by

implementation of equation 2.9.  These results of this iterative simulation, which

corresponds to approximately 7 seconds of real-time control, are contained in Figure

2.11.  A 6.75 dB reduction in acoustic power was obtained, notably less than that

observed for the LQOC-based approach to compensator solution.  It is evident that the

control compensator weights have not sufficiently converged, despite the substantial

computation time required to generate this example.  Thus, it is computationally

expensive to perform simulations by means of this iterative approach.  In experiment,

however, a realistic convergence time is generally much longer than that used in this

simulation, allowing for the greater evolution of the weights comprising the control

compensators.  In Figure 2.12, the first control compensator frequency responses are

compared for the LQOC-based and iterative control simulation approaches.  Looking
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back at Figures 2.10 (b) and 2.11 (b), it becomes apparent that the iterative approach

provides comparable acoustic power reduction at those frequencies where the LQOC-

based and iterative frequency responses are approximately equal.  Furthermore, the

LQOC-based approach provides greater acoustic power attenuation for frequencies

corresponding to a difference between the two compensator responses.  These

observations serve as a confirmation of the validity of the LQOC-based approach, which

is, because of the relative ease of computation, the superior approach to finding the

control compensator weights in time-domain simulation of the filtered-x algorithm.

0.30 m

0.38 m

# 1
(-0.095,0.095)

# 2
(0.095,0.095)

# 3
(-0.095,-0.075)

# 4
(0.095,-0.095)

x

y

Point Force
(-0.115,-0.09)

Figure 2.9  Secondary Acoustic Source Locations - Four Control Channels
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Figure 2.10  Control Results:  Four Secondary Sources
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Figure 2.11  Control Results:  Four Secondary Sources, Iterative Approach.
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Figure 2.12  Comparison of Compensator Frequency Responses for the First Control
Channel.
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Chapter 3

Structural Modeling of the Active-Skin and Plate

Mathematics…would certainly have not come into existence if one had
known from the beginning that there was in nature no exactly straight line,
no actual circle, no absolute magnitude.

Friederich Nietzsche

After investigating the more general principles involved in the implementation of

the active-skin control system, a step backwards will be taken in order to formulate

realistic models of the active-skin cells and primary structure for inclusion in subsequent

simulations with the active-skin.  In reality, both the primary structure and the active-skin

cells are excited by means of a piezoelectric actuator.  Thus, the vibration response of

each structure must be determined with respect to the voltage applied to this PZT.

Ultimately the applied voltage is to be related to the acoustic radiation of the structure;

however, structural acoustic radiation is, as the name suggests, intimately related to

structural vibration.  Thus, a reliable structural model is necessary before questions

regarding the acoustic characteristics of a vibrating structure may be addressed.  In this

chapter, the FEM approach to structural modeling is applied both to the active-skin

element and the primary structure.  The model for the primary structure will be presented
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first, along with classical theoretical models, before the modeling of the active-skin

element is undertaken.

3.1  The Primary Structure:  A Simply Supported Rectangular Plate

As described in section 2.1, the primary structure is a steel, simply-supported

rectangular plate of dimensions 380 x 300 x 2 mm.  The IDEAS FEM package was used

for the creation of a 285 element, 320 node, representation of the steel plate [34].  The

shell element type was adopted for this model, which provides six degrees of freedom

(DOF) for each of the four nodes comprising an element.  These DOF include

translational motion along and rotational motion about the three coordinate axes.  The

element formulation also requires definition of the element thicknesses and the mass

density, Modulus of Elasticity and Poisson’s Ratio for the material.  The steel plate is

assumed to possess isotropic properties, which are given in Table 3.1.  In order to

simulate the simple support conditions along an edge of the plate, each of the three

translational DOF’s and the rotational DOF’s about axes perpendicular to the edge must

be fixed to zero for each node on the simply-supported edge.  The remaining DOF,

corresponding to rotation about the axis parallel to the simply-supported edge, is left

unconstrained.  After the appropriate boundary conditions were generated on the mesh,

the IDEAS package is used to perform a modal analysis on the structure, by means of

Simultaneous Vector Iteration [34,35].  Figure 3.1 displays the FEM model of the plate,

including the nodes, denoted with an asterisk, and boundary conditions, represented by

arrows at the nodes.  Resonant frequencies for the first six plate modes were obtained

along with the associated nodal mode shapes.  The resonant frequencies determined by
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the FEM model are compared to the theoretical values in Table 3.2.  A maximum of 1.15

percent-difference exists between the two data sets.  In Figure 3.2, each of the six plate

mode shapes obtained from the FEM model is depicted.  The color shading indicates the

relative magnitude of vibration, blue being the least and red being the greatest.

Table 3.1  Mechanical Properties of Steel

Mass
Density
(kg/m3)

Modulus of
Elasticity

(Pa)

Modulus of
Rigidity

(Pa)

Poisson’s
Ratio

7630 200 x 10+9 76.6 x 10+9 0.305

Figure 3.1  IDEAS Mesh of the Primary Structure
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Table 3.2  Resonant Frequencies for the Primary Structure.

Mode
(m,n)

Theoretical
Resonant Frequency

(Hz)

FEM
Resonant
Frequency

(Hz)
(1,1) 88 88

(1,2) 250 251

(2,1) 189 189

(2,2) 352 349

(3,1) 358 358

(3,2) 521 515
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Mode (1,1) - 88 Hz Mode (1,2) - 251 Hz

Mode (2,1) - 189 Hz Mode (2,2) - 349 Hz

Mode (3,1) - 358 Hz Mode (3,2) - 515 Hz

Figure 3.2  Primary Structure Mode Shapes - IDEAS.
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After the modal information defining the structure has been determined, modal

analysis may be applied to the structure for the determination of the vibrational response

to a generalized force. The response to a harmonic input may be expressed by

)sin(),(),,(
1

tyxAtyxw
M

m
mm∑

=
Φ= ω (3.1)

where w represents the plate displacement function, x and y refer to the nodal coordinate

system, t is time, Am is a complex modal amplitude, Φm is the mth mode shape, and ω is

the excitation frequency of the mth mode [35].  The FEM approach to modal analysis is

analogous to that of a multi-degree of freedom lumped parameter system.  To determine

these modal amplitudes, the assumed solution of equation 3.1 must be substituted into the

transformed equation of motion, which reduces to

[ ] [ ][ ]{ } [ ] [ ][ ]{ } [ ] { }Φ Φ Φ Φ ΦT T T
M t K t f t��( ) ( ) ( )η η+ = (3.2)

where Φ is the modal matrix, M is the mass matrix, K is the stiffness matrix, η(t)

represents the modal coordinate vector, and f(t) is the vector forcing function.  Further

reduction of equation 3.2 yields the modal amplitudes as

{ } [ ] [ ] { }FI
m

A T

d

Φ−Λ=
−121 ω (3.3)

where A is the vector of modal amplitudes, md is the normalization constant, Λ is a

diagonal matrix of the squares of the modal resonant frequencies, I is the identity matrix,

ω is the excitation frequency, and F is the nodal force vector.

To test this model of the simply supported plate, the FEM response at a node is

compared to the classical continuous model prediction outlined in Appendix A [36].

Figure 3.3 depicts the plate, showing the normal point force location, the observation
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coordinate, and the corresponding observation node number.  Using the described

harmonic analysis, the Function Response Function (FRF) relating the input point force

to the out-of-plane displacement of the observation point was determined.  The

magnitude and phase of this FRF for both models are contained in Figure 3.4 (a) and (b),

respectively.  The models agree well and, thus, a reliable structural model for the primary

structure has been obtained in the frequency domain.

x

y

0.30 m

0.38 m

Point Force
(4 mm, 4 mm)

Node 284

Observation Point
(18 cm, 18 cm)

Node 74

Figure 3.3  Plate Configuration for Structural Simulation
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Figure 3.4  Comparison of Continuous and FEM Plate Models



157 51

3.2  The Active-Skin Cell

Having demonstrated the utility and accuracy of the FEM method in the structural

modeling of the simply supported plate, the FEM approach will now be applied to

modeling the active-skin.  The active-skin concept, as applied to a plate, is depicted in

Figure 3.5.  By exciting the PZT bimorphs comprising the flexible “leg” elements of the

active-skin, an amplified diaphragm response is obtained.  It is the objective of this FEM

modeling to characterize the vibrational response of a single cell of this skin due to a

voltage excitation of the PZT bimorph legs.  As with the primary structure, the IDEAS®

FEM package was used.  In this section, a discussion of the cell geometry is first

presented, before consideration is given to the FEM modeling of the device.  Once the

cell model has been presented, experimental results are introduced for validation of the

numerically derived model.

Vibrating Plate Surface

PZT Bimorphs
Active-Skin
Diaphragm

Figure 3.5  The Active-Skin Concept

3.2.1  The Active-Skin Cell Geometry

The geometry of a single active-skin cell is depicted in Figure 3.6.  Note that the

dimensions are not to scale.  The primary goal in the design of the cell geometry is to

provide maximum acoustic output from the device for a given input voltage to the PZT
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bimorphs comprising the legs of the cell.  The cell design employed here provides two

means for amplification of the acoustic response.  First, the use of bimorph PZT patches,

driven out-of-phase, provides an amplified flexural response of the legs of the cell.  Since

the cell legs are clamped at their base, the maximum leg displacement occurs at the joint

between the legs and the cell diaphragm.  By driving the two legs of a cell with opposite

polarity, the diaphragm is forced to vibrate.  Here the second stage of amplification is

encountered as the response of the diaphragm tip is geometrically amplified with respect

to the leg motion.  Assuming that the cell diaphragm is rigid, the vertical tip displacement

may be written in terms of the horizontal leg displacement as

HWddHd llt −+−= 222 (3.4)

where dt is the tip displacement, dl is the leg displacement at the leg-diaphragm joint, H is

the diaphragm tip height, and W is the cell width (see Figure 3.6).  This leads to another

important consideration in the cell design.  Although under the rigid diaphragm

assumption, the active-skin cell provides the desired amplifying effect, the presence of

high-order modes in the cell vibration response may deteriorate this effect.  Thus,

designing the high-order modes to be outside the intended control bandwidth of the

source should ensure that the presence of the desired geometric amplification.
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H

Speaker Paper
Diaphragm

PZT-Brass-PZT
Bimorph Leg

tl

td

Figure 3.6  The Active-Skin Element.

3.2.2  Modeling Decisions

In contrast to the relatively simple plate, the active-skin element is possessed of

much complexity.  Three important modeling dilemmas are outlined here.  The first

decision is made with regards to the proper modeling of the diaphragm.  Referring again

to Figure 3.6, one notices that the paper diaphragm is directly bonded to the bimorph legs

of the device.  For modeling purposes this bond is assumed rigid, while in experiment

this may not be the case.  Furthermore, at this bond a fold exists in the paper that causes

the material at this fold to behave in an unpredictable manner.  Another bend of this sort

exists at the diaphragm tip.  There are several possible approaches to the modeling of

these bends.  First, it may be assumed that the material in the bend may be treated as

elastic, retaining the same properties as the remainder of the diaphragm.  In this instance,

all six DOF’s would be shared between the leg and diaphragm elements along this edge.

Second, a hinge representation may be used in the modeling of the bends, such that the
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rotation of the diaphragm is unhindered along these folds.  For this approach all but the

rotational DOF about the edge would be shared between adjacent leg and diaphragm

elements.  It is expected that these two solutions will bracket the actual solution.  In order

to find the middle ground between these extremes, a third method is introduced in which

the bends are modeled as hinges with additional torsional springs added to provide

resistance against the free rotation of the diaphragm about these hinges.  Thus, the edge-

rotational DOF of a leg element would have some influence on the adjacent diaphragm

element.  The appropriate stiffness of the torsional springs may be determined by

comparison with experimental data from an actual active-skin cell.

More modeling dilemmas exist in the modeling of the PZT-bimorph legs of the

active-skin cell.  Figure 3.7 is a depiction of the cross-section of the PZT-bimorph legs.

The bimorphs are a sandwich composite of three layers of material, in which two 0.6 mm

layers of PZT surround a 0.1 mm layer of brass. The variation of material properties is

ignored for this model, with PZT material properties assumed over the entire cross-

section.  Table 3.3 gives the mechanical properties of the three constituent materials of

the active-skin cell.  Since the brass and PZT properties are quite similar, the inclusion of

the brass should not significantly affect the results.

The PZT-bimorph leg representation deals yet another modeling question.

Looking at the base of the leg, in Figure 3.7, it is apparent that the leg is clamped by a

groove in the supporting base.  Glue is distributed throughout this groove for further

assurance of a good clamp, although some deflection is still expected beyond the
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clamping point.  In the FEM model, all six DOF’s associated with nodes at the edge of

the clamp are constrained to zero displacement.  With this modeling constraint, the

effective length of the clamped leg must be determined.  If the clamp were perfectly

rigid, the effective leg length would not include the material beyond the clamping point,

while a loose clamp would require modeling of some or all of this material.  As with the

torsional spring modeling question, it is best to use experimental results for determination

of the appropriate answer.

0.1 mm

PKI550
PZT

Brass

1.3 mm

Clamp 2 mm

Figure 3.7  PZT/Brass Bimorph Leg Cross-Section.
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Table 3.3  Mechanical Properties of Active-Skin Element Materials

Material Mass
Density
(kg/m3)

Modulus of
Elasticity

(Pa)

Modulus of
Rigidity

(Pa)

Poisson’s
Ratio

 Speaker Paper 545 7.84 x 10+8 3.04 x 10+8 0.29

PKI550 PZT 7500 6.3 x 10+10 2.44 x 10+10 0.29

Brass 8700 11.0 x 10+10 4.26 x 10+10 0.29

3.2.3  Modeling Approaches and Results

After raising questions as to the appropriate modeling of various complexities of

the active-skin element, numerous models were created for the investigation of the

various approaches.  The nominal dimensions for the active-skin cell, referring to Figure

3.6, are given in Table 3.4.  Experiments were conducted with a cell of these dimensions

for comparison and correlation with the FEM representations.  In these experiments, a

white noise voltage excitation was issued to the PZT-Bimorphs and a laser vibrometer

was used for the collection of velocity data on both the cell legs and diaphragm.  By

computing the experimental Frequency Response Function (FRF) relating the applied

voltage to the cell vibration at various positions, the experimental modes and mode

shapes of the active-skin cell were obtained.  This information is then used to isolate the

FEM approach that best represents the behaviour of the active-skin cell.
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Table 3.4  Nominal Active-Skin Cell Dimensions

Cell Dimension Variable Name Value (mm)

Diaphragm Tip Height H 2

PZT Leg Length L 34

Cell Width W 50

Cell Depth D 60

PZT Leg Thickness tl 1.3

Diaphragm Thickness td 0.56

In order to sort out the best modeling approaches, the resonant frequencies

obtained from a number of FEM models are compared to experimentally observed

resonances for the active-skin cell of nominal dimensions.  The resonance frequencies

found using these models are summarized in Table 3.5 along with the experimental data.

The table also associates an index with each set of resonant frequencies, which will be

used in reference to the table for the explanation of the findings for that case.

In case 1, the bends in the diaphragm are assumed to behave the same as the

remainder of the material, while the PZT-Bimorph legs are modeled without the length

contained in the support groove.  Comparing the top line of data, determined by

experiment, to the following line, labeled as case 1, one sees that the FEM resonant

frequencies are far too high, with an average percent error of approximately 29 percent.

Both assumptions made in the creation of this model would tend to increase the resonant
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frequencies of the cell if incorrect and, therefore, one or both of these assumptions must

be invalid.

For case 2, the first of these assumptions is changed, as the bends of the

diaphragm are modeled as hinges.  This change significantly lowers ω1 and ω2, while

leaving ω3 relatively unchanged.  One concludes that the hinge representation is more

realistic, although other factors in the model are yet unaccounted for.  To remedy this, the

effective PZT-Bimorph leg length is modified to include the portion of the leg in the

support groove.  This scenario is represented as case 3 in Table 3.4.  This brings ω3 into

excellent agreement with the experimental value, but causes ω1 and ω2 to decrease

significantly.  It is reasonable to assume that the hinge representation is merely too

compliant to approximate the vibration of the diaphragm bends.  The inclusion of

torsional springs along this bend allows for a variable hinge stiffness with which the FEM

representation of the skin cell may be calibrated.  Model 4 represents the final results of

this modeling approach. The adjustment of the hinge stiffness lowered the average error

to less than 1 percent.  Figure 3.8 depicts the final FEM model and the three mode shapes

determined.
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Table 3.5  Comparison of Actuator Resonant Frequencies

Model Index ω1

(Hz)
ω2

(Hz)
ω3

(Hz)
Average Error

(%)

Experiment ~250 ~370 ~525 -

Model # 1 367 475 583 28.7

Model # 2 228 354 593 8.7

Model # 3 210 344 528 7.9

Model # 4 246 374 524 0.96

After correlating the FEM representation with experiment, the model may be used

for the investigation of the effects of a varied actuator geometry.  Retaining the same

variable names as used in Figure 3.6, the dimensions of the active-skin cell were

modified by 10 percent for determination of the effect of the resonant frequencies.  This

information is tabulated in Table 3.6.  In general, it is expected that the increase of size of

a structure be paralleled by a decrease in resonant frequencies.  This statement holds for

all but one of the active-skin cell dimensions.  As it turns out, a 10 percent increase in the

diaphragm tip height, H, results in a 5 percent increase in the first two resonances.  It is

also interesting to note that many of the dimensions produce varied affects on the

different modes and, thus, may be adjusted for the independent tuning of the actuator

modes.
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(a)  FEM Actuator Model (b)  Mode 1 - 246 Hz

(c)  Mode 2 - 374 Hz (d)  Mode 3 - 525 Hz

Figure 3.8  IDEAS FEM Active-Skin Cell Mesh and Mode Shapes.
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Table 3.6  Geometric Dependencies of Actuator Resonant Frequencies.

Model
Description

ω1

(Hz)
Change

(%)
ω2

(Hz)
Change

(%)
ω3

(Hz)
Change

(%)

H - 10 % Increase 259 5.3 394 5.4 524 0

H - 10 % Decrease 232 5.7 353 5.6 524 0

L – 10 % Increase 223 9.35 356 4.8 435 17.0

L – 10 % Decrease 275 11.8 395 5.6 649 23.9

W - 10 % Increase 215 12.6 327 12.8 525 0.2

W - 10 % Decrease 284 15.4 431 15.2 527 0.6

D - 10% Increase 251 2.0 355 5.1 524 0

D – 10 % Decrease 249 1.2 396 5.9 524 0

3.3  PZT Modeling

In this section, the PZT model first proposed by Crawley and de Luis [37] for the

representation of one-dimensional piezoelectric actuators is introduced as extended to

two-dimensional scenarios by Dimitriadis, Fuller, and Rogers in 1991 [38].  The

approach is applied here to the FEM models of both the primary structure and the active-

skin element, before introducing experimental results in the next section as a means for

validation of these models.  Before presenting the PZT model, it is important to consider

the limitations of the analysis as they regard application to real structures.  The primary

assumption made in the development of this model is the existence of a perfect bond

between the PZT actuator and the plate upon which it is mounted [37].  Such a bond
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ensures continuity of strain between the PZT actuator and the plate.  Thus, it is important

that these bonds be carefully treated on real structures.  Another important consideration

when using this model is that the PZT actuator and the plate are assumed infinite [37].

The presence of a free-edge associated with a finite actuator constrains the normal stress

on the actuator boundary to be zero.  Liang and Rogers investigated this limitation,

showing that the effect of a free-edge on the imposed stress-field is insignificant up to

four actuator thicknesses from the boundary [39].  After considering these caveats, a

numerical introduction to this model is now in order.

The goal in the implementation of this model is to determine equivalent external

edge-moments to apply to the FEM models for determination of vibrational transfer

functions.  This begins with an electromechanical relationship between the applied

voltage and the induced strain of the piezoelectric actuator.  For simplicity the following

linear model is assumed

V
t

d31=ε (3.4)

where ε is the imposed strain, d31 is the piezoelectric strain constant, t is the thickness of

the actuator, and V is the applied voltage [37].  It must be noted that this relationship

describes the unconstrained behaviour of the actuator.  This strain is developed equally in

each of the two directions normal to the polarization direction, e.g. if the actuator is

polarized in the z-direction, strain will be developed in the x- and y-directions.  Since the

two actuators comprising the bimorph are driven out-of-phase, pure bending is developed

over the portion of the plate surface within the actuator boundary.  After assuming the

appropriate linear stress distribution over the plate cross-section, application of Hooke’s
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Law to the actuator/plate interface yields a relationship between the constrained actuator

and plate stresses.  Combining this with a relationship between the unconstrained and

constrained  actuator strains, the desired edge-moments may be determined.  For the

details of this analysis, the interested reader is referred to the work of Dimitriadis, Fuller,

and Rogers [37].  The final result of this model is contained in the following equations
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where K and P are non-dimensional parameters, C0 is the piezoelectric strain-plate

moment coupling constant, m is the equivalent moment per unit actuator length, t is the

actuator thickness, h is the plate half-thickness, Epzt and Eplt are the Moduli of Elasticity

for the actuator and plate, respectively, and νpzt and νplt are the respective Poisson ratios

for the actuator and plate.  The moment per length, m, reflects the induced moment about

the actuator boundary and is, thus, equal in each of the planar directions on the surface of

the plate.

To incorporate this PZT model in the FEM representations of the plate and the

active-skin cell, one first needs to identify the nodes corresponding to the boundary of the

PZT actuator.  Obviously, for accurate representation of this loading, a number of FEM

nodes are necessary for definition of this boundary.  Next, the moment per length found
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by application of this PZT model must be distributed amongst the nodes along the

actuator boundary.  At this point, the response may be directly obtained by application of

the modal analysis presented in section 3.1 of this text.  For comparison, the theoretical

response of the plate resulting from this PZT excitation is discussed in section 1.2 of

Appendix A.

3.4  Experimental Verification

After developing the FEM models for the primary structure and the active-skin

cell, it is necessary to validate these models before proceeding to use them in the

development of acoustic characterizations of these structures.  Here, transfer functions

will be presented between the PZT input voltage and the velocity response at various

points on each of the structures.  A schematic of the experimental set-up is given in

Figure 3.9, in which the plate is represented.  A similar configuration is used with the

active-skin cell.  The experimental transfer function is determined directly using the

signal analyzer, with a Hanning window applied to the sampled data, while the analytical

transfer function is determined by the frequency-domain simulation of a unit voltage

input for each frequency line investigated.  The analytical simulations are carried out

using modal analysis, as discussed in sections 3.1 and 3.2, in which the external loads are

found by applying the PZT model described in the previous section.
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B&K 2034
Pseudo-Random
Signal Generator

HPF AMP

PZT

Steel Plate

Vibration
Response

Laser
Vibrometer

BA

Figure 3.9  Experimental Setup for Vibrational Model Verification

Sticking to the order of presentation adopted at the beginning of this chapter, the

results for the primary structure are again presented first.  The velocity response at two

locations on the simply supported steel plate is investigated as identified in Figure 3.10.

The location of the 3.78 x 3.16 cm PZT actuator is also depicted in this figure.  Figure

3.11 (a) and (b) show comparisons that demonstrate the effectiveness of the model for the

primary structure.  The content of the disturbance signal below 50 Hz was filtered, which

is evident when looking at the experimental transfer function in this frequency range.
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x

y

0.30 m

0.38 m

Point # 2
(20.9 cm, 7.5 cm)

Node 117

PZT Bimorph
(26.6 cm, 9 cm)

Point # 1
(9.5 cm, 19.5 cm)

Node 279

Figure 3.10  Primary Structure PZT Actuator and Observation Point Locations
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(b)  Observation Point # 2

Figure 3.11  Primary Structure Velocity Transfer Function Comparison
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A similar setup was used in the experimental determination of the velocity

transfer function associated with the active-skin cell.  In this case, however, the

disturbance signal was filtered below 100 Hz, for protection of the cell.  Figure 3.12

depicts the six-cell array used in the experiment, giving the locations of the two

observation points used for this comparison.  Data for Cell # 2 is presented in Figure

3.13.  Looking at Figure 3.13 (a), it is seen that the model predicts the behaviour of the

cell fairly well, however with less accuracy than that observed for the primary structure.

This is largely due to the variance in the construction of the individual cells.  Comparing

the theoretical and experimental transfer functions of Figure 3.13 (b), it is obvious that

the resonant frequencies are not equal.  While the first resonance is fairly consistent

between the six cells investigated, the higher modes vary significantly as evidenced by

Figure 3.14.  The result is that the predictive value of the model for high frequencies is

compromised.  This model is satisfactory for characterization of the active-skin cells;

however, the overall variability between the actual active-skin cells makes exact

modeling impossible.

Point # 1
(0 mm, 0 mm)

Node 84

Point # 2
(0 cm, 24 mm)

Node 48

x

y
# 1 # 2

# 3

Figure 3.12  Active-Skin Cell Observation Point Locations
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Figure 3.13  Active-Skin Cell Velocity Transfer Function Comparison



157 70

Cell #1 
Cell #2 
Cell #3 

100 150 200 250 300 350 400 450 500 550 600
−4

−2

0

2

4

Frequency (Hz)

P
ha

se
 o

f T
F

 (
ra

di
an

s)

100 150 200 250 300 350 400 450 500 550 600
10

−5

10
−4

10
−3

10
−2

10
−1

|T
F

| (
m

/(
s 

V
))

Figure 3.14  Comparison of Experimental Velocity Transfer Functions for Various
Active-Skin Cells (Observation Point # 2)
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Chapter 4

Acoustic Modeling of the Active-Skin and Plate

The only fence against the world is a thorough knowledge of it.

John Locke

As Chapter 3 sought to introduce and validate numerical models for the prediction

of the structural response for both the primary structure and the active-skin resulting from

voltage excitations of the attached PZT bimorphs, the intent of this chapter is to extend

these models for the prediction of acoustic radiation from these structures.  Thus, this

chapter begins with an introduction of the methods employed, first presenting the

Boundary Element Method (BEM) and secondly describing a simpler approach based on

the known free-field radiation of elementary sources.  Next, a short comparison between

the two methods is made, in which the advantages and disadvantages of each approach

are discussed.  A procedure for the construction of a generalized acoustic model using

these methods is then outlined.  The final section of the chapter is devoted to the

application of these approaches to the primary structure and the active-skin cell.  In this

section, the BEM and elementary radiator approaches are compared and each model is

validated using experimental results.
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4.1  The Boundary Element Approach

BEM is a numerical integration technique employed in the determination of

solutions to the acoustic wave equation for both interior and exterior acoustic fields [23].

In this text only exterior acoustic fields are investigated; therefore, this method will be

presented and discussed solely in the context of the exterior radiation problem.  As

mentioned previously, the BEM approach requires normal velocities to be prescribed on

the boundary of the acoustic space, which consists of the nodes belonging to the mesh of

the vibrating structure.  A solution for the reduced-acoustic wave equation, or Helmholtz

equation, is then sought which satisfies the imposed boundary conditions.  While the

details of such an analysis are beyond the scope of this text, a brief introduction of the

key results is in order.  Each frequency is treated separately in the BEM analysis and,

therefore, the wave equation may be written in terms of a harmonic acoustic pressure

field as
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where p is the acoustic pressure, k is the acoustic wavenumber, and x, y, and z

collectively define a Cartesian coordinate system [40].  In order to determine the pressure

throughout the acoustic medium, a solution to the Helmholtz equation must be sought

which satisfies the imposed normal velocity boundary conditions on the surface of the

vibrating structure.  It has been shown that the combination of the wave equation and the

velocity boundary conditions on the vibrating surface results in the Kirchoff-Helmholtz

integral equation, given by
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where r
*

 denotes a position vector, G
~

 is the free-field acoustic Green’s function, ρ0 is the

density of the acoustic fluid, nv  is the normal velocity over the surface S, and nG ∂∂ ~
 is

the partial derivative of the acoustic Green’s function with respect to the local outward

normal n [40].  The subscripts s and o denote surface and observation position vectors,

respectively.  The free-field acoustic Green’s function for a simple harmonic pressure

field is given by
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in which srr
** −  represents the magnitude of the vector srr

** −  [39].  Although Equation

4.1 is written both in terms of the surface pressure, )( srp
*

, and the normal surface

velocity, nv , a dependency exists between these quantities, simplifying the solution of

this radiation problem [40].  Application of Equation 4.1 for each node of the BEM mesh

provides a set of simultaneous equations relating the surface pressure at these nodal

locations to the normal velocity defined over the mesh.  Assuming any linear

combination of these two quantities is known, each may be directly determined by

solution of the obtained set of algebraic equations.  Having isolated both the normal

velocity boundary conditions and the surface pressure over the entire mesh, the pressure

at any point in the acoustic medium may be computed by the numerical evaluation of

Equation 4.2 [23].

In this thesis, the commercial package SYSNOISE® is used for all applications of

the BEM.  SYSNOISE® offers two additional features that simplify the formulation of

the exterior radiation problems found in this text.  First, is the simulation of an infinite



157 74

baffle.  With this option, two-dimensional surfaces may be baffled, so as to isolate

radiation from the backside of the radiating structure.  This makes it much easier to

model the primary structure of the active-skin control system, as the steel plate is a planar

object.  In the absence of a planar geometry, however, it is necessary to include the baffle

in the BEM mesh of the radiating structure.  This is the case with the active-skin cell.

This greatly increases the complexity of the solution, which requires more time for

solution and more memory for storage of data.  Second, SYSNOISE® is capable of

generating a plane with one of two prescribed conditions:  pressure release or rigid wall.

With the pressure release condition, the pressure on the plane is constrained to zero,

while the rigid wall condition constrains particle velocity to be zero on the plane.  The

pressure release condition is useful for the modeling of finite ducts, while the rigid wall

condition has behaves similarly to a baffle or barrier.  This second option, however,

allows for the application of a baffle to non-planar mesh geometries, while with the

baffled option only planar geometries may be used.

4.2  The Elementary Radiator Approach

While BEM may be applied to an increasingly larger number of acoustic problems

as software evolves, in this text it is the simple half-space radiation problem that requires

attention, as both the primary structure and the active-skin cell are baffled.  Under this

limitation, the Kirchoff-Helmholtz integral equation (equation 4.2) may be reduced to a

more useful form depending only on the surface velocity field of the radiating structure.

It will be shown that the FEM meshes of a complex radiating structure provides a means

for evaluating this reduced integral equation by approximating the integral with a
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summation over the elements of the FEM mesh.  Thus each element is treated as a

component source of the complex radiating structure.  Furthermore, each of these

component sources is small compared to the acoustic wavelength (maximum dimension

<< λ) which implies that such an analysis will appropriately model the phase variation of

the radiated pressure [31].  With this in mind, a treatment of the mathematics outlining

this method may be undertaken.

For baffled, planar radiators, a Green’s function may be constructed for which

nG ∂∂ ~
 is equal to zero over the entire radiating surface (Neumann boundary condition):
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Thus, for this class of radiators, the pressure radiated to a point in the acoustic medium

may be written solely in terms of the normal vibration of the radiating surface (see

section 5.2).  This eliminates the complicated task of determining the surface pressure

over the vibrating surface, which is required in the BEM approach.  Removing the

surface pressure component of the Kirchoff-Helmholtz integral equation and substituting

the half-space Green’s function, the radiation of a baffled, planar structure is given by

Rayleigh’s Integral as
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where, r
*

 is the position vector of the point at which the pressure is determined and sr
*

 is

the position vector locating a surface element of the vibrating structure [40].  At this
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point, it remains to be shown how this formulation may be used in conjunction with the

vibrational results provided by the FEM approach outlined in the previous chapter.

From the FEM representation of a vibrating structure, the velocity of the structure

at a number of defined nodal locations is known.  Combining the nodal velocities with

knowledge of the structure’s geometry, the normal surface velocity may be computed for

each element comprising the structure.  This discretized normal surface velocity suggests

that Rayleigh’s Integral must be approximated by a summation over the elements

comprising the complex structure.  This discretization takes the following form:
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where the index m identifies an element of the vibrating structure, N is the total number

of elements, Am is the area of the mth element, vm is the normal velocity of the mth

element, and Rm is the distance between the center of the mth element and the point in

acoustic medium at which the pressure is to be evaluated.  So long as the maximum

element dimension satisfies the above low-frequency assumption, a discretized evaluation

of Equation 4.5 will yield an accurate measure of the pressure radiated to desired points

in the acoustic medium.  All of the information necessary for implementation of this

approach is readily extracted from the FEM vibrational model already developed for

these structures.  This method is most appropriately applied to planar, baffled radiators;

however, when the size of a non-planar source is small compared to the acoustic

wavelength, it may also be represented in this manner [31].
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4.3  A Comparison of Approaches 

The previous two sections of this chapter have each introduced a technique for the

creation of acoustic models relating normal velocity boundary conditions to radiated

pressure.  Although both methods are numerical in nature, the first requires use of a

complicated workstation code, SYSNOISE®, while the second requires only a means for

the logical processing of large amounts of data.  Along with the capability of

SYSNOISE® comes a proportional amount of complexity, which makes the first

approach a cumbersome, though effective, means for determining radiated pressure.  The

elementary radiator approach, on the other hand, takes advantage of the simplicity of the

problem, which greatly decreases computation time while increasing flexibility.  Due to

the relative ease with which the elementary radiator approach may be employed, this

method is adopted for the control simulations presented in the next chapter.  In this

chapter, however, each method will be applied to both the primary structure and the

active-skin cell.  As a further means for establishing these numerical methods, each

method is applied to the radiation analysis of a baffled, circular piston.  The results of this

comparison are presented in Appendix A, along with theoretical predictions.

4.4  Construction of an Acoustic Model

Regardless of which approach is adopted, care must be taken in the development

of an efficient acoustic model.  After consideration of sections 4.1 and 4.2, it is evident

that knowledge of the structural response of a structure is sufficient information for the

determination of the radiated pressure.  In situations where varied responses are

generated, the radiated pressure must be determined separately in each case.  With the
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relatively high computational requirement associated with this pressure determination, a

more general acoustic model is desired.  Realizing that the pressure response is assumed

to be linear, it is apparent that twice the amplitude of vibration induces twice the

amplitude of radiated pressure.  Further, the linearity assumption of these models yields

an additive property for velocity inputs and pressure outputs in complex form.  Knowing

that the structural response may be written as a summation of modal contributions, as

discussed in section 3.1, it may be concluded that the radiated pressure may also be

written in this form:
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where p
mΦ  denotes the acoustic influence function relating the modal vibrational

amplitude to the radiated pressure at a point defined by the position vector r
*

 and Am is

the modal vibrational amplitude of Equation 3.1.  Using the displacement vectors

associated with the FEM mode shapes in the generation of normal velocity boundary

conditions, the pressure radiated by each mode to the desired locations may be

determined with either of the two approaches presented in this chapter.  By characterizing

each mode individually for a set number of points in the acoustic medium, one needs only

to determine the modal amplitudes of Equation 4.6 associated with a given loading to

evaluate the radiated pressure at any of these points.  In other words, the acoustic model

is made independent of the loading, as it accepts modal velocity data and directly

computes the acoustic response from this information.
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4.5  Experimental Validation

After considering the theoretical aspects of acoustic modeling, it is now time for

the application of these techniques to real structures.  The intent of this section is to

introduce and validate acoustic models for both the primary structure and the active-skin

cell.  For each structure, two comparisons will be made.  First, models relating modal

velocity boundary conditions to the radiated acoustic pressure will be presented for the

BEM and elementary radiator approaches.  Second, the elementary radiator method will

be used in the prediction of pressure in the far field for a broadband voltage excitation of

the PZT actuator of the structure.  The primary structure will be first dealt with, before an

investigation of the active-skin cell model is undertaken.

4.5.1  The Primary Structure

The FEM mesh of the steel plate used in Chapter 3 (see Figure 4.1) is again

utilized here to represent the primary structure.  The first six modes of vibration are

included in this analysis, however only the first two will be presented for a comparison of

the BEM and elementary radiator radiation solutions.  In SYSNOISE®, the “baffled”

option was used, while the baffle is inherent in the formulation of the elementary radiator

model.  The mesh used in each analysis is depicted in Figure 4.1, along with the

coordinate system assumed.  Figures 4.2 (a) and (b), respectively, depict pressure transfer

function results for the (1,1) and (2,1) modes of the steel plate radiating to a location five

meters out from the center of the plate.  Thus, it is evident in this case that the two

methods of acoustic modeling are equivalent.  Similar results were obtained for the

higher vibrational modes.  Note that the pressure shown in these plots corresponds to the
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application of unit modal displacements (Am = 1) in the generation of the velocity

boundary conditions.  Next, a comparison of the elementary radiator model to

experimental observations will be made.  Along with a presentation of the predicted and

measured transfer functions, a third estimate will be given which combines experimental

velocity measurements with the BEM approach.  In this hybrid model, laser velocity data

is input to SYSNOISE® for determination of the radiated pressure.  The experimental

setup used here is the same as that of the vibration experiments of Chapter 3, while in this

case a B&K condenser-type microphone is used additionally for the acquisition of

pressure information.  The analytical, experimental, and hybrid transfer functions relating

the input voltage to the pressure at the Cartesian coordinate (-0.35, 0, 0.35) are given in

Figure 4.3.  Note that the experimental voltage input was high-pass filtered at 80 Hz.  The

acoustic model agrees fairly well with experiment, however, one surprising result is

obtained.  In theory, the (1,2) mode should dominate the vibration response of the plate in

the vicinity of the associated natural frequency of 250 Hz.  The observation point of this

data occurs on the dipole axis associated with the (1,2) mode, implying that the pressure

should be near zero around 250 Hz.  The measured pressure, on the other hand, shows the

resonance of the (1,2) mode as does the hybrid model.  This is likely due to asymmetries

in the plate construction, which prevent perfect phase cancellation from the out-of-phase

portions of the plate.  Referring to section 2.4, the dipole-like corner mode radiation

associated with this mode is disturbed, allowing for the radiation of acoustic pressure on

what would otherwise be the dipole axis for this mode.
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Figure 4.1  Steel Plate FEM/BEM Mesh
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Figure 4.2  Modal Radiation Comparison:  Primary Structure
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Figure 4.3  Transfer Function Comparison:  Primary Structure

4.5.2  The Active-Skin Cell

After demonstrating the capability of acoustic modeling with the primary

structure, the technique will now be applied to the active-skin cell.  As with the steel

plate, results comparing the BEM and elementary radiator models will be first introduced.

Five modes of vibration are included in the analysis of the cell.  In order to take

advantage of the “baffled” option in SYSNOISE®, a 2-D representation of the active-skin

cell is adopted.  The relative stiffness of the PZT bimorph legs with respect to the paper

diaphragm causes the diaphragm to vibrate at much higher vibrational levels than the

legs.  Thus, in this mesh the PZT bimorph legs of the cell are ignored, as the contribution

of the legs to the radiated pressure is considered negligible.  Figure 4.4 depicts the mesh

used for the BEM representation of the active-skin cell.  Note that the mesh used for the
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elementary radiator approach is that presented in Chapter 3 (see Figure 4.4), which

includes the contribution of the legs.  Figures 4.5 (a) and (b), respectively, contain

pressure transfer function results for the first and second modes of the active-skin cell

radiating to a location one meter along the z-axis.  As with the primary structure,

excellent agreement is found between the two models for each mode investigated.

Furthermore, the assumption that radiation from the legs is negligible is confirmed in this

comparison as the legs are ignored in the SYSNOISE formulation.  As for experiment,

the only difference in setup between the primary structure and the active-skin cell is the

filtering of input voltage below 120 Hz, instead of 80 Hz.  The transfer functions relating

the input voltage to the radiated pressure at the Cartesian coordinate (0, 0, 0.5) are shown

in Figure 4.6.  Five modes of vibration are included in this analysis.  Unfortunately, the

results obtained here are not as good as those seen for the primary structure.  It is difficult

to explain why the structural resonance that is observed near 235 Hz in the vibration

response is not present in the acoustic data.  Both the elementary radiator and hybrid

models show a resonance in the radiated pressure, however this is not seen

experimentally.  The models were devised under the assumption that the actuator is

perfectly sealed, eliminated the possibility of cancellation from radiation stemming from

the back-side of the diaphragm.  Small gaps present around the diaphragm are suspect in

affecting the radiation from the cell.  Despite this shortcoming in the cell construction,

the determined acoustic model for the active-skin cell is useful for implementation in

control simulation.
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Figure 4.4  Active-Skin Cell BEM Mesh
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Chapter 5

Implementation of the Active-Skin

Traditional Scientific method has always been at the very best, 20-20
hindsight.  It’s good for seeing where you’ve been.  It’s good for testing
the truth of what you think you know, but it can’t tell you where you ought
to go.

Robert M. Pirsig

Each of the four previous chapters sought to isolate and investigate a single piece

of the active-skin control problem, while in this chapter the pieces of this puzzle are

collected and arranged for the demonstration of the active-skin as a legitimate means for

the control of sound.  To meet this end, several aspects regarding the implementation of

the active-skin must be addressed.  First, experimental data is used to quantify the

acoustic characteristics of the active-skin cell, leading to an understanding of the utility of

these devices as control actuators.  Second, the concept of Structural Acoustic Sensing

(SAS) is introduced as a practical alternative to microphones for error sensing with the

active-skin.  The last two sections of this chapter are devoted to the application of the

active-skin in two distinct configurations.  In the first embodiment, a six-cell active-skin

is employed as a partial covering of a simply-supported steel plate.  Experimental control

results, in which microphones are adopted as error sensors, are introduced as a first

estimate of the potential for the active-skin.  These results are then compared to
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predictions of an equivalent analytical representation of the active-skin, providing an

experimental validation of the active-skin model.  This time-domain model is, in turn,

used to investigate the importance of the cell locations and, further, to analytically

establish SAS as an effective error sensing approach.  Once each of these topics has been

discussed, the second active-skin configuration is undertaken.  In this instance, the six-

cell active-skin is applied as a complete covering of a clamped aluminum plate.  As with

the steel plate, the potential of the active-skin, using microphones as error sensors, is

studied by means of experimental and analytical control results.  The effect of SAS on the

control performance is again studied by application of the analytical active-skin model to

this configuration.

5.1  Experimental Characterization of the Active-Skin Cell

In this section, the experimentally observed acoustic characteristics of the active-

skin cell are to be studied.  Items of specific interest to the control system designer are the

frequency dependence of the acoustic output and volume velocity, the linearity with

regard to the input voltage, the acoustic directivity, and the maximum output of the

device.  Before examining these characteristics, a physical description of the device is

appropriate.  The six-cell unit used for the collection of all experimental results for the

active-skin is depicted in Figure 5.1.  Each of the six cells comprising this device is

firmly clamped (and glued) to the plexi-glass base depicted below.  Experimentally, this

means that the locations of the six cells are fixed relative to each other.  The effect of this

constraint will be discussed later in this chapter.
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Figure 5.1  The Six Cell Active-Skin Device

The single most important characteristic of an acoustic control source is the

frequency dependence of the pressure output on the applied voltage.  Obviously, for a

active control system to achieve substantial control of a given disturbance, the control

sources must have adequate authority in the necessary frequency range.  Figure 5.2

depicts the SPL output, relative to 1 Volt, of a single baffled active-skin cell at a point

approximately 50 cm directly out from the center of the device.
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Figure 5.2  SPL Radiated by a Single Active-Skin Cell at a 50 cm Radius.  (Relative to 1
Volt)
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From this data it is apparent that the cell provides little acoustic output below 200

Hz, which suggests that the device is best employed for control above this frequency.

While the response is not terribly flat, a variance of less than 10 dB in the radiated SPL is

seen across the 200 to 800 Hz bandwidth.  Assuming, for now, that the active-skin cell is

linear with respect to the input voltage, the 40 dB SPL relative to a 1 Volt (RMS) input at

250 Hz corresponds to approximately 75 dB at the 75 Volt limit (RMS) of the device.

The output of an acoustic actuator may also be expressed in terms of its volume velocity,

or source strength.  The transfer function relating the input voltage to the source strength

of a single active-skin cell is given in Figure 5.3, below.  Here, the fundamental structural

resonance of the cell, near 240 Hz, is readily observed, while the effect of the second

structural resonance is seen in the vicinity of 350 Hz.  For this data set, the source

strength is approximated by averaging the measured surface velocity at twenty-five

locations over the cell diaphragm and then multiplying by the area of this surface.
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Figure 5.3  Volume Velocity Transfer Function for a Single Active-Skin Cell
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At this point, the linearity and acoustic directivity of the active-skin cell remain to

be analyzed.  Although ideally one would desire a control source with uniform acoustic

directivity, this is far from necessary for successful implementation of control.  Linearity,

however, is a fundamental assumption in the formulation of the filtered-x LMS algorithm

and is quite necessary for the achievement of control.  These two characteristics will be

addressed together, by consideration of the acoustic directivity (in-plane) for the active-

skin cell for two frequencies and three increasing voltage inputs.  This data was collected

for harmonic disturbances at 278 and 462 Hz, with voltage inputs of 5, 10, and 15 Volts

(amplitude).  These frequencies were chosen to represent the behaviour of the cell over

the intended control bandwidth of the active-skin.  Figure 5.4 (a) and (b), respectively,

show the three corresponding acoustic directivities at 278 and 462 Hz.  It is immediately

evident by investigation of this data that the cell does not radiate uniformly.  The linearity

of the device, however, is clearly demonstrated by the preservation of the directivity

pattern for the three voltages at each frequency.  Furthermore, the doubling of the input

voltage from 5 to 10 Volts should induce a 6 dB increase in SPL, while the 50 % increase

from 10 to 15 Volts is expected to cause a 3.5 dB increase in SPL.  These values may be

loosely confirmed by inspection of the directivity patterns presented below.

To summarize, this data has shown that the active-skin cell used for experiments

in this thesis may be treated as a linear device, with a reasonably flat frequency response

between 200 and 800 Hz.  The acoustic directivity of these devices is non-uniform,

though adequate for use in this control scenario.  The devices are capable of generating

an SPL of approximately 75 dB (at maximum voltage) at a location 50 cm out from the
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diaphragm of the device.  While in real situations this level may prove insufficient, these

sources do provide adequate control authority in the experimental environment

encountered in this text.
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Figure 5.4  Acoustic Directivity of the Active-Skin Cell under Harmonic Excitation
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5.2  Structural Acoustic Sensing

As an introduction to a more practical error-sensing scheme, this section is

devoted to the development of a methodology for the prediction of the radiated acoustic

pressure using a number of accelerometers, which are distributed over the radiating

surface(s) of the active-skin.  The signals provided by these accelerometers are used in

conjunction with an array of specially designed digital filters, to construct error signals

corresponding to the acoustic pressure at desired points in the far-field.  The use of

structural error sensors in this fashion is referred to as Structural Acoustic Sensing (SAS)

[41].  Thus, SAS provides a practical technique for the computation of acoustic error

signals without the use of microphones, which are a cumbersome and often unreasonable

means of error sensing.

As with the acoustic modeling undertaken in the previous chapter, the

development of an SAS system requires solution of the Kirchoff-Helmholtz integral

equation, given as equation 4.2 in this text.  In order to evaluate the acoustic pressure

using this formulation, knowledge of both the surface pressure and normal velocity over

the radiating surface is required.  A dependency exists between these two quantities,

which allows for the direct determination of the surface pressure from the normal surface

velocity.  This is the foundation of the BEM approach to numerical acoustic modeling,

described in section 4.1 of this thesis.  This method, however, is ill suited for application

to SAS, as the computational effort required makes real-time implementation

technologically impossible.  Hence, an alternative approach to solution of the Kirchoff-

Helmholtz integral equation is sought which is suitable for real-time application.



157 95

One simplification would be simply to find an acoustic Green’s function for

which nG ∂∂ ~
 satisfies the Neumann boundary condition given by
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Assuming such a Green’s function may be found, the pressure at a point in the acoustic

medium may be expressed in a simplified form of the Kirchoff-Helmholtz integral

equation:
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where r
*

 denotes a position vector, G
~

 is the acoustic Green’s function, ρ0 is the density

of the acoustic fluid, nv  is the normal velocity over the surface S, and the subscript s

refers to a position on S [42].  With this formulation, only the normal acceleration of the

radiating surface must be known for a complete prediction of the radiated pressure.

Fortunately, the baffled planar sources encountered in this text admit a Green’s function

satisfying the Neumann boundary condition [42], allowing for direct computation of the

pressure from the structurally mounted accelerometers:
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It remains to be shown how the integral of equation 5.2 is evaluated in terms of the

discretized acceleration field provided by the finite number of structural sensors.

One logical approach to this integral is to associate each accelerometer with a

small elemental area of the radiating surface.  At this point, the radiation from a given
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elemental area may be determined by application of one of several models.  First,

monopole radiation behaviour may be assumed for the element, leading to a point-source

pressure formulation.  Secondly, the element may be assumed to radiate as a piston,

implying application of the corresponding piston pressure estimate.  Many other pressure

formulations may be assumed for this discretization; however, due to the relative

simplicity of these two examples one of these approaches is generally adopted [41].  In

this work, the half-space monopole representation is exclusively applied.  For this model,

the pressure estimate at a point in the acoustic medium may be written, in the frequency

domain, as a summation of the accelerometer signals as
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where the index m identifies an accelerometer of the SAS array, N is the total number of

SAS sensors, Am is the area of the radiating surface associated with the mth sensor, am is

the acceleration measured by the mth sensor, and Rm is the distance between the mth sensor

and the point in acoustic medium at which the pressure is to be evaluated, which is

defined by the position vector r
*

.  Note that with the monopole model presented here, the

absolute locations of the sources and sensors are irrelevant as the pressured depends only

upon the distance between the two points.

In order to implement SAS as a supplement to the filtered-x LMS algorithm, an

array of digital filters modeling the various sensor paths is required.  The frequency

response of one such filter is expressed as
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where Hm,n is the frequency response associated with the sensor-to-error path relating the

mth accelerometer to the nth error signal, Am is the elemental area associated with the mth

accelerometer, and Rm,n is the distance between the mth structural sensor and the nth far-

field location at which the error signal is to be determined.  The appropriate digital filters

necessary for modeling these transfer functions must be found using a numerical curve fit

with a reasonable number of FIR filter weights, as discussed in section 2.3.1.  Note that

the number of digital filters required for implementation of an SAS system employing M

accelerometers for the prediction of the acoustic pressure at N locations in the acoustic

medium is NM × .  Hence, the difficulty in developing a practical SAS system lies in

achieving an adequate representation of the acoustic radiation with a minimal number of

structural sensors.

5.3  Application of a Partial Active-Skin on a Steel Plate

Having shown the satisfactory acoustic characteristics of the active-skin cell and

introduced a practical alternative for error sensing with the active-skin, in this section a

six-cell version of the active-skin is studied as a partial covering of a simply-supported

steel plate.  Experimental and analytical control results will be presented and compared,

providing for validation of the analytical active-skin model including the FEM

representations of the plate and the active-skin cell derived in chapters 3 and 4.

Following this comparison, the analytical skin model is used for the demonstration of a

superior active-skin configuration, leading to generalized conclusions as to the proper

distribution of active elements in an active-skin.  Finally, this improved cell configuration

is used to evaluate the effect of SAS on the control performance of the active-skin via the
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analytical skin model.  In each of these configurations, a broadband disturbance is

applied to the plate through a piezoelectric bimorph patch (38 x 30 x 0.1 mm), as

depicted in Figure 5.5

x

y

0.30 m

0.38 m

PZT Bimorph
(26.6 cm, 9 cm)

Figure 5.5  The Piezoelectric Disturbance Actuator - Steel Plate

5.3.1  Experimental-Analytical Comparison

In this embodiment of the active-skin, six active-skin cells are mounted in the

center of plate, covering approximately 20 % of the vibrating plate surface.  The

distribution of the cells on the plate is seen in Figure 5.6, along with the coordinate axes

used for location of the cells and microphones for this system.  Note that the origin of this

coordinate system is actually at the center of the plate.  Tables 5.1 and 5.2, respectively,

give the coordinates of the actuators and microphones of this skin configuration using

this coordinate system.
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Figure 5.6  Six Channel Active-Skin Cell Configuration – Steel Plate

Table 5.1  Active-Skin Cell Locations – Steel Plate

Cell Number x (mm) y (mm) z (mm)
1 -51 45 2.5
2 -51 -45 2.5
3 0 45 2.5
4 0 -45 2.5
5 51 45 2.5
6 51 -45 2.5

Table 5.2  Error Microphone Locations – Steel Plate

Mic. Number x (cm) y (cm) z (cm)
1 -20 33 39
2 0 0 65
3 -43 -15 44
4 0 -36 40
5 48 0 41
6 32 38 30

The control experiments for this system were conducted in a fully anechoic

chamber, divided by a baffle, as described in section 2.1. Steel brackets were used to
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mount the cells approximately 2.5 mm off the surface of the plate, eliminating structural

coupling between the plate and the active-skin.  A hemisphere constructed from small

plastic tubing was used to locate 16 microphones in the chamber.  Six of these are used as

error sensors, while the remaining 10 are used for the estimation of radiated power from

the plate/skin system.  The method used in the power estimate is described fully in

Appendix B.  Figure 5.7 contains both a picture of this setup inside the anechoic chamber

and a close-up of the active-skin cells.  The feedforward filtered-x LMS control

algorithm, as described in section 2.2, was implemented by means of a Texas

Instruments® C40 Digital Signal Processor.  With this control code, a 1600 Hz sample

rate is attainable with 96 coefficient FIR filters modeling the control path and 255

coefficient FIR filters acting as control compensators.  The control bandwidth for this

experiment ranges from 175 Hz to 600 Hz, encompassing four structural modes of the

steel plate.  Where appropriate, the parameters in the analytical time-domain model of

this active-skin were chosen to mirror those of the experimental system.  Note that the

simulation is performed using the LQOC-based time-domain approach discussed in

section 2.3 of this text.
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Figure 5.7  Experimental Setup:  Anechoic Chamber

With the specifics of the setup in mind, a discussion of the control performance of

the active-skin on the steel plate is in order.  Initial experimentation with the steel plate

provided no substantial reduction, the primary trend of the controlled response indicating

spill-over for off-resonance frequencies with little or no reduction in on-resonance bands.

This lead to the conclusion that the 255 coefficient FIR filter model was inadequate for

modeling the resonant behaviour associated with the lightly-damped plate.  To remedy

this, damping was introduced to the steel plate in the form of a foam layer.  The foam was

applied to the side of the plate behind the baffle.  After the introduction of this structural

damping, a 3.5 dB reduction in the radiated sound power was achieved between 175 and

600 Hz.  In Figure 5.8, the controlled and uncontrolled sound power spectra for this

experiment are presented, showing moderate reduction of the resonant peaks in the

uncontrolled response.  Again, note that this experimental power estimate was computed
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from ten microphone measurements as explained in section 2 of Appendix B.  Figure 5.9

depicts the sound power comparison corresponding to the simulation of this experiment,

which reflects a 4.1 dB attenuation.  This power estimate relies on 49 pressure time-

histories computed in even distribution over a hemishpere of one meter radius.  In each

case, substantial attenuation of the resonant peaks is observed for only three of the four

included modes, limiting the potential sound power reduction.  Thus, upon comparison of

the analytical skin model to the experimental results, it is apparent that the FEM tactics

employed provide a useful tool for investigating varied active-skin configurations.
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Figure 5.8  Experimental Sound Power Comparison:  6I6O Configuration on a Simply-
Supported Steel Plate
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Figure 5.9  Analytical Sound Power Comparison:  6I6O Configuration on a Simply-
Supported Steel Plate

Two conclusions may be drawn from these results.  First, one is lead to the

conclusion that the relatively low damping associated with the steel plate represents a

problem in the adaptive construction of the control compensator.  In general, a high order

FIR compensator model is required to model the rapid phase and magnitude variation

associated with the poles of the primary structure.  In this system, the added difficulty of

actuator dynamics is introduced, resulting in a degradation of the control performance.  A

second factor to be addressed for this configuration regards the types of mode radiation

associated with the steel plate.  As discussed in Chapter 2, the radiation of a simply-

supported plate, below its critical frequency, is characterized by corner mode radiation.

This implies that the corners of the plate are good locations for the secondary acoustic

actuators.  With the six-cell device used in this experiment, the locations of the cells with

respect to one another are fixed, which makes the center of the plate the only reasonable
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mounting position.  In the next section, the analytical active-skin model is used to study

this effect, as the six cells are spread out for better duplication of the plate radiation.

5.3.2  Distribution of the Active-Skin Cells

In this section, results from another six-channel active-skin time-domain

simulation are presented, with regard to the appropriate distribution of the skin cells over

the radiating plate surface.  In the previous active-skin configuration, the skin cells were

grouped together in the center of the plate, leaving the entire plate edge uncovered.  Upon

consideration of the corner mode radiation of the plate, it becomes apparent that the

control sources are radiating from the center of the plate, while the plate itself is radiating

from its four corners.  In order to compensate for this design problem, each cell is placed

in the center of a sixth of the simply-supported steel plate (see Figure 5.10).  The intent of

this configuration is to divide the plate into six component radiators, each with an active-

skin cell at its center.  The corresponding actuator coordinates are given in Table 5.3,

while the error microphone locations given in Table 5.2 are retained here, providing for a

direct comparison of the two simulated results.  The origin is once again at the center of

the plate.
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Figure 5.10  Analytical Six Channel Active-Skin Cell Configuration

Table 5.3  Analytical Active-Skin Cell Locations

Cell Number x (mm) y (mm) z (mm)
1 -95 75 2.5
2 -95 -75 2.5
3 0 75 2.5
4 0 -75 2.5
5 95 75 2.5
6 95 -75 2.5

In this time-domain simulation, a 1600 Hz sample rate is utilized with 96

coefficient FIR filters modeling the control path and 255 coefficient FIR filters serving to

model the control compensators.  Again, the control bandwidth ranges from 175 Hz to

600 Hz, which encompasses four structural modes of the steel plate.  As with the

previous simulation, the LQOC-based time-domain approach to compensator solution is

undertaken as described in section 2.3.
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The control performance for this configuration will be presented in terms of both

sound power and sound pressure level data.  Figure 5.11 (a) and (b), respectively, depict

the overall sound pressure (in-plane acoustic directivity) and sound power comparisons

of the uncontrolled and controlled responses of the system.  By comparing Figure 5.11

(b) to Figure 5.9, one sees that the uncontrolled and controlled sound power spectra

between this and the previous simulation are similar.  In this case, however, a slightly

greater attenuation is seen, resulting from the change in the cell locations.  An overall

reduction of 6.5 dB is obtained in the radiated sound power, computed from 49 pressure

time-histories using the procedure outlined in Appendix B.  These results confirm the

characterization of plate radiation given by Maidanik and discussed in section 2.4 of this

text.
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Figure 5.11  Analytical Active-Skin Control Results:  6I6O Configuration on a Simply-
Supported Steel Plate
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5.3.3  Implementation of the Active-Skin with SAS – Steel Plate

In this system, six active-skin cells are distributed over the plate surface, with an

accelerometer mounted to the diaphragm of each cell, as depicted in Figure 5.12.  From

these six sensors, only the acoustic radiation of the active-skin cells may be

characterized.  In order to model the radiation from the plate itself, four additional

accelerometers are mounted directly on the surface of the plate.  Tables 5.4 and 5.5,

respectively, give the locations of the control actuators and the SAS accelerometers

(relative to the plate center).  These accelerometers are used to predict the pressure at six

points in the acoustic medium, corresponding to the locations of the error microphones

used in the previous section (see Table 5.3).
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Figure 5.12  Active-Skin Configuration Including SAS – Aluminum Plate
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Table 5.4  SAS Active-Skin Cell Locations – Steel Plate

Cell Number x (mm) y (mm) z (mm)
1 -95 75 2.5
2 -95 -75 2.5
3 0 75 2.5
4 0 -75 2.5
5 95 75 2.5
6 95 -75 2.5

Table 5.5  SAS Accelerometer Locations – Steel Plate

Sensor Number x (mm) y (mm) z (mm)
1 -95 75 34
2 -95 -75 34
3 0 75 34
4 0 -75 34
5 95 75 34
6 95 -75 34
7 -60 50 0
8 -60 -50 0
9 60 50 0
10 60 -50 0

With the exception of SAS, this time-domain active-skin simulation is equivalent

to that used in the previous section.  Thus, the cost in control performance associated

with the SAS system may be evaluated by comparing the results of these two simulations.

For this six-channel system, the filtered-x LMS feedforward algorithm is again applied.

A 1600 Hz sample rate is used for implementation of control over the 175 to 600 Hz

frequency bandwidth.  The control path transfer functions are modeled using 96 FIR filter

weights, while the control compensators are modeled using the LQOC-based time-

domain approach of section 2.3 and FIR filters of 255 coefficients.
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Figures 5.13 and 5.14, respectively, depict comparisons between the SAS-

predicted and the actual analytical transfer functions associated with the disturbance and

control paths of the above active-skin system.  Note that four accelerometers are used for

the portion of SAS corresponding to the plate, while a single accelerometer is used to

model the radiation from a single active-skin cell (see Figure 5.12 and Table 5.5).  It is

apparent that the active-skin cell is easier to model with a small number of sensors, while

the radiation of the primary structure is not perfectly predicted using four accelerometers.

Nonetheless, these transfer functions provide good phase prediction, which is required for

the control of sound.
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Figure 5.13  Comparison of SAS and Theoretical Disturbance Path Models – Steel Plate
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Figure 5.14  Comparison of SAS and Theoretical Control Path Models – Steel Plate

Using this SAS configuration, a 5 dB reduction was achieved in the sound power

radiated from the primary structure, only 1.5 dB less than that obtained when

microphones are used as error sensors (see section 5.3.2).  The controlled and

uncontrolled acoustic directivity and the associated sound power frequency spectrum

resulting from this time-domain simulation are shown in Figure 5.15 (a) and (b),

respectively.  Thus, it is evident that despite the error in the SAS-predicted transfer

functions, significant attenuation is attainable.  The performance of the active-skin with

SAS suggests that the added modeling requirements associated with the implementation

of the SAS system are worth the gained practicality with respect to a bulkier microphone

sensing approach.
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Figure 5.15  Active-Skin Control Results:  6I6O SAS Configuration on a Simply-
Supported Steel Plate
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5.4  A Full Active-Skin on a Clamped Aluminum Plate

The second structure used for implementation of the active-skin is a clamped

aluminum plate.  The plate is nearly square, having dimensions of 171 x 149 x 1.5 mm.

Two major differences exist between this scenario and that of the steel plate.  First, with

the steel plate the active-skin covered a relatively small area of the radiating surface of

the plate.  Here, the aluminum plate is completely covered by the six-cell active-skin.

Second, as will be evidenced by the uncontrolled response of this plate, more structural

damping is present in this example.  As with the steel plate configuration, experimental

control results will be presented in which microphones are used as error sensors.  This

experimental data is then compared to analytical results for validation of the active-skin

model, which now includes an FEM representation of the clamped aluminum plate.  After

successful validation, the analytical model is utilized for the evaluation of the aluminum

plate skin configuration after the integration of SAS.  In the control result for the

aluminum plate, a broadband voltage excitation is applied to the plate through a single-

sided piezoelectric patch(38 x 30 x 0.1 mm), as depicted in Figure 5.16.

x

y

15 cm

17 cm

PZT Unimorph
(-60, -53) mm

Figure 5.16  The Piezoelectric Disturbance Actuator - Aluminum Plate
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5.4.1  Experimental-Analytical Comparison – Aluminum Plate

The distribution of the cells over the aluminum plate is represented in Figure 5.17,

along with the coordinate axes used for location of the cells and microphones for this

system.  The origin of this coordinate system is at the center of the plate.  The actuator

and microphone locations used in this skin configuration are given in Tables 5.6 and 5.7,

respectively.
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Figure 5.17  Six Channel Active-Skin Cell Configuration – Aluminum Plate

Table 5.6  Active-Skin Cell Locations – Aluminum Plate

Cell Number x (mm) y (mm) z (mm)
1 -51 45 2.5
2 -51 -45 2.5
3 0 45 2.5
4 0 -45 2.5
5 51 45 2.5
6 51 -45 2.5
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Table 5.7  Error Microphone Locations – Aluminum Plate

Mic. Number x (cm) y (cm) z (cm)
1 -20 33 39
2 0 0 65
3 -43 -15 44
4 0 -36 40
5 48 0 41
6 32 38 30

The experiment for this configuration was again conducted in a fully anechoic

chamber, divided by a baffle, just as in the case of the steel plate.  As seen in Figure 5.18,

the aluminum plate is clamped in a steel frame.  Threaded holes in this frame allow for

the mounting of the active-skin over the aluminum plate.  A hemisphere, mounted

directly on the baffle (see Figure 5.7), supports sixteen microphones; six of which

provide the pressure information necessary for control, while the remaining ten are used

in the evaluation of the radiated sound power before and after the application of control.

As with the previous experiment, a Texas Instruments® C40 Digital Signal Processor is

used for implementation of the filtered-x LMS control algorithm.  A sample rate of 1600

Hz is used, with 96 coefficient FIR filters modeling the control path and 255 coefficient

FIR filters acting as control compensators.  The control bandwidth for this experiment

ranges from 250 Hz to 750 Hz, encompassing six structural modes of the clamped

aluminum plate.  The parameters in the analytical model of this active-skin were again

chosen to duplicate those of the experimental system.
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Figure 5.18  The Aluminum Plate with and without the Active-Skin Cells

The experimental sound power results, corresponding to an overall reduction of

approximately 10 dB, are presented in Figure 5.19.  Some noise corruption is present in

this data, most notably at 360 and 480 Hz.  The analytical results for this system are

presented in terms of the acoustic directivity and the radiated acoustic power in Figure

5.20 (a) and (b), respectively.  Using the direct time-domain approach, based on LQOC

theory, presented in section 2.3, a simulation of this experiment was performed yielding

an 11.7 dB attenuation in the overall sound power radiated by the plate-skin system.  The

analytical active-skin model used here differs from that of the steel plate only in the

disturbance path.  Thus, the only questionable ingredient in this formulation is the FEM

model of the aluminum plate itself.  The trends between the experiment and simulation

are similar enough to suggest the utility of this model.

In both the experimental and the analytical data, a large attenuation of the radiated

acoustic power is achieved; however, very little plate response was induced below 400

Hz by the disturbance.  This is likely due to the size and location of the piezoelectric
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patch (disturbance actuator) used to excite the plate (see Figure 5.16).  It is suspected that

the increased damping associated with this plate allowed for better experimental

representation of the ideal compensator with the 255 FIR filter weights.  Furthermore, in

this instance the active-skin covers the entire radiating surface, which suggests that the

active-skin cells may mimic any radiation type associated with the plate.
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Figure 5.19  Experimental Sound Power Comparison:  6I6O Configuration on a
Clamped Aluminum Plate
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Figure 5.20  Analytical Control Results:  6I6O Configuration on a Clamped Aluminum
Plate
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5.4.2  Implementation of the Active-Skin with SAS – Aluminum Plate

In the previous section, the analytical model of the skin was extended to cover the

application of the active-skin to the clamped aluminum plate.  Here, this model will be

used for a second implementation of the active-skin including SAS.  This system, which

again includes six active-skin cells distributed over the aluminum plate, is depicted in

Figure 5.21.  Tables 5.8 and 5.9, respectively, give the locations of the control actuators

and the SAS accelerometers, relative to the center of the plate.  In the previous example

of SAS, four accelerometers were used for representation of the plate while each of the

remaining six provided information for a single active-skin cell.  This was necessary

because both the plate and the cells could be considered radiating surfaces.  In this

example, however, the plate is completely covered by the active-skin and, thus, is can not

be considered a radiating surface.  This implies that the radiation of the plate-skin system

may be predicted directly from the vibration of the skin surface, which is now due in part

to both the plate vibration and the applied control voltages.
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Figure 5.21  Active-Skin Configuration Including SAS – Aluminum Plate
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Table 5.8  SAS Active-Skin Cell Locations – Aluminum Plate

Cell Number x (mm) y (mm) z (mm)
1 -51 45 2.5
2 -51 -45 2.5
3 0 45 2.5
4 0 -45 2.5
5 51 45 2.5
6 51 -45 2.5

Table 5.9  SAS Accelerometer Locations – Aluminum Plate

Sensor Number x (mm) y (mm) z (mm)
1 -51 45 34
2 -51 -45 34
3 0 45 34
4 0 -45 34
5 51 45 34
6 51 -45 34

In order to isolate effect of SAS on the control performance of this system, the

simulation parameters (sample rate, filter lengths, sensor locations, etc.) from section

5.4.1 are retained here.  For convenience, these parameters are briefly summarized here.

The filtered-x LMS feedforward algorithm is again applied for this simulation with the

six-cell active-skin.  A 1600 Hz sample rate is utilized for application of control over a

frequency bandwidth ranging from 250 to 750 Hz.  The control path transfer functions

are modeled using 96 FIR filter weights, while the control compensators are modeled

using FIR filters of 255 coefficients.

As with the first encounter with SAS, the accuracy of the SAS-predicted control

and disturbance paths is a prime concern.  Since the control paths between this and the

previous example are nearly identical, only the disturbance path of this system is suspect.
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Figure 5.22 provides a comparison between the SAS-predicted and the analytical transfer

function associated with the disturbance of the aluminum plate.  It is evident from this

comparison that SAS again provides an adequate prediction of the radiated pressure.
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Figure 5.22  Comparison of SAS and Theoretical Disturbance Path Models – Aluminum

Plate

Implementation of this SAS active-skin system provided a 7.9 dB reduction in the

overall sound power radiated from the plate-skin system.  The acoustic directivity and

sound power frequency spectrum for this simulation are shown in Figure 5.23 (a) and (b),

respectively.  While the integration of the error sensors into the active-skin degrades the

power attenuation by nearly 3 dB, a significant reduction is still attained.  This suggests

that a limited number of structural sensors can provide a reasonable approximation of the

system transfer functions, which greatly simplifies the implementation of the active-skin

on a generalized structure.
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Figure 5.23  Active-Skin Control Results:  6I6O SAS Configuration on a Clamped
Aluminum Plate
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Chapter 6

Conclusions and Recommendations

But if the arrow is straight
And the point is slick,
It can pierce through dust no matter how thick.

Bob Dylan

The effectiveness of a piezoelectric double-amplifier active-skin has been

demonstrated both analytically and experimentally for the attenuation of broadband

acoustic radiation from a vibrating panel.  Analytical investigations were performed for

active-skin configurations employing both far-field microphones and accelerometers as

error sensors.  In experiment, the active-skin was applied as both a partial and a complete

covering of a plate, leading to the conclusion that the active-skin elements must be

distributed evenly over a radiating surface for maximum acoustic power attenuation.

Furthermore, the utility of FEM models for the prediction of both the vibrational and

acoustic responses of structures undergoing broadband excitation has been established.

FEM characterizations of both the primary structure and the active-skin cell were

assembled and validated using experimental results with the real structures.
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The primary objective of this work was to demonstrate the potential of an active-

skin in conjunction with the feedforward filtered-x LMS algorithm for the control of

structural radiation from a vibrating panel.  In order to most effectively perform this task,

many component objectives were isolated and achieved.  First, a simplified rendition of

the system was investigated, in which the control sources were represented by monopole

sources.  This lead to an understanding of how many secondary sources were necessary

for control and how these sources should be distributed over the radiating structure.

After gaining a fundamental understanding of the control system, FEM models were

sought for inclusion in a more practical analytical model of the active-skin.  Both the

velocity and pressure responses of the FEM representation of the active-skin cell were

experimentally validated.  The FEM study of the active-skin cell also lead to an

understanding of the cell construction, which is paramount in the optimal design of these

acoustic transducers.  The fully validated FEM models were then included in the time-

domain simulation of control, providing confirmation of the results first seen with the

monopole representation of the active-skin.  At this point, control experiments were

conducted on two different panels:  a simply-supported steel panel and a clamped

aluminum panel.  Significant reduction was achieved in each case, while experimentation

with the aluminum panel lead to an understanding of the importance of the assumed

control compensator model.
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A summary of the main conclusions follows:

1. A piezoelectric double-amplifier active-skin applied in conjunction with the

feedforward filtered-x LMS control algorithm has been shown both

analytically and experimentally to be an effective means for the control of

broadband radiation from a vibrating panel.

2. The FEM method provides an accurate means for the determination of the

vibrational response of the active-skin and, thus, may be used in the design of

the active-skin cells.

3. Prediction of the acoustic pressure radiated from a complex structure, such as

the active-skin, is possible using a FEM model.  Furthermore, either a BEM or

an elementary radiator formulation may be applied in the prediction of

radiated pressure from the velocity response of a structure.

4. FEM results may be integrated into numerical models of a complex control

system for the analytical evaluation of various control configurations.

5. Either FIR or IIR filter models may be used for to model the control

compensator in the active-skin system; however, use of an IIR model

significantly reduces the required filter order.

6. The investigated cell geometry provides a satisfactory low-frequency acoustic

transducer for use in the creation of an active-skin.

7. The active-skin, with integrated SAS, was analytically shown to provide

comparable attenuation to an active-skin in which microphones are used for

error sensing.
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A list of recommendations for future work follows:

1. Experiments with the active-skin should be performed in which an SAS

system is used for error sensing.  The results should be compared to the same

active-skin system using microphones as error sensors.

2. The effectiveness of an IIR control compensator model should be

experimentally quantified relative to the performance of a FIR model for the

same system.

3. A new active-skin cell should be developed with greater output below 150 Hz.

This would allow for implementation of the device in a greater number of

applications.

4. The diaphragm of the active-skin cell should be constructed from a stiffer,

more durable material.  This would prevent higher modes from affecting the

radiation of the cell, while at the same time increasing the robustness of the

device.

5. Accelerometers should be integrated directly into the active-skin cell,

eliminating the need for external sensors, which may affect the performance

of the device.

6. The active-skin concept may be introduced to systems of greater complexity,

such as the cabin of an airplane or automobile.

7. A direct comparison should be made between equivalent active-skin and

ASAC control systems to determine the relative efficiency of the active-skin

with respect to structurally mounted piezoelectric actuators.
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APPENDIX A

Plate Theory

Throughout this thesis, classical plate theory is used for the evaluation of

disturbance path transfer functions necessary for the simulation of active control with the

active-skin.  Furthermore, the classical approach is used as a baseline for the validation of

the FEM techniques employed in Chapter 3.  Therefore, a concise treatment of this

material is presented here in support of this usage.  Ultimately, it is the acoustic radiation

response of the plate that is of interest in this text; however, the acoustic radiation of the

plate is dependent on the vibrational response.  Thus, the vibration response of the plate

subject to harmonic excitation will be considered before investigating the acoustic

radiation from the plate.

A.1  Vibration Response of a Simply-Supported Plate

The response of a simply-supported plate to a harmonic excitation may be

expressed as a summation over the modes of the structure by
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where w is the out-of-plane displacement, ω is the excitation frequency, Wmn represents

the complex modal amplitude associated with the (m,n) mode shape, denoted by φmn.  The

mode shapes of the simply supported plate are given by
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where a and b, respectively, refer to the x- and y-dimensions of the rectangular plate.

The resonant frequencies of the simply-supported plate are determined by
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where ωmn is the resonant frequency of the (m,n) mode, ρ is the area density of the plate,

and De is the flexural rigidity of the plate given by
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where E is the Modulus of Elasticity of the plate, h is the thickness of the plate, and ν is

the Poisson’s Ratio of the plate [36].

Having premised the vibration response analysis with a summary of the necessary

results, the modal amplitudes may now be determined for an arbitrary harmonic

excitation of the plate.  In this text, two excitations are of concern.  The first is the simple

point force excitation, used both in Chapter 2 and again in Chapter 3 for validation of the

FEM model of the simply-supported steel plate.  The second corresponds to the edge-

moment loading associated with a PZT bimorph disturbing the plate.

A.1.1  Point Force Excitation

Figure A.1 depicts the plate along with the arbitrarily located point force

excitation.  Since the point force is assumed harmonic, f(x,y,t) is given by

)()(),,( 000 yyxxeFtyxf tj −−= δδω (A.5)

where F0 is the magnitude of the point force, and δ denotes the Dirac Delta Function.

The equation of motion for the plate under this harmonic excitation is
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fwwDe =+∇ ��ρ4  (A.6)

By substituting the assumed modal solution into the equation of motion and integrating

over the plate surface, the modal amplitude associated with the (m,n) mode is found as
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Figure A.1  Simply-Supported Plate Subject to a Point Force Excitation

A.1.2  Edge-Moment Excitation

The generalized location of the PZT on the plate is shown in Figure A.2.  The

edge-moments, mx and my, were determined for the PZT bimorph in the work of

Dimitriadis, Fuller, and Rogers [38].  The results of this analysis are presented in section

3.3 of this thesis.  Again, a harmonic nature is assumed for the loading, , given by

[ ] [ ])()()()(
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==
ω
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where u denotes the Step Function.  The equation of motion for the plate written in terms

of the transverse displacement including the PZT actuator-induced bending load is given

by
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=+∇ ��ρ (A.9)

At this point, the internal moments must be rewritten in terms of the out-of-plane

displacement of the plate.  The internal bending induced by the PZT actuator is replaced

by an equivalent set of edge-moments, allowing for the application of modal

orthogonality.  The modal amplitudes are then given by











 −×






 −

×















+







−
−

=

b

yn

b

yn

a

xm

a

xm

ab

mn
b

n

a

m
m

ab
W

mn

x
mn

2121

22

22

coscoscoscos

4

ππππ

ωωρ
(A.10)

x

y
a

b
mx(x,y,t), my(x,y,t)

x1

y1

y2

x2

Figure A.2  Simply-Supported Plate Excited by a PZT Bimorph Actuator
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A.2  Acoustic Radiation Response of a Simply-Supported Plate

Once the vibration response of the plate has been determined, in terms of the

modal amplitudes, Wmn, the acoustic radiation from a given mode of the simply-supported

plate, in an infinite baffle (see Figure A.3), may be found by application of Rayleigh’s

Integral, given by

∫
−

=
S

jkR
smntj

mn dS
R

erw
e

j
trp

)(

2
),( 0

*
�* ω

π
ωρ

(A.11)

in which pmn is the complex pressure due to the (m,n) mode, r
*

 is a position vector

defining a point in the acoustic medium, sr
*

 is a position vector corresponding to an

element on the plate surface, ρ0 is the density of the acoustic medium, mnw�  represents the

normal velocity field of the plate associated with the (m,n) mode, R is the distance

between the surface element and the observation point in the acoustic medium given by

srr
&* − , and  S denotes an integral over the surface of the plate.  It must be noted that this

integral, if solved directly, provides the radiation from the plate anywhere in the acoustic

medium.  Unfortunately, the integral admits no solution in this form.  In 1970,Wallace

found a closed-form solution to Rayleigh’s Integral for the simply-supported plate under

the assumption that R >> a and R >> b.  This far-field assumption allows for an

approximation of R by

φθφθ sinsincossin yxrR −−≅ (A.12)

in which sr
*

 is replaced by the Cartesian coordinate (x,y) and r
*

 is exchanged for the

spherical coordinate (r,θ,φ) [43].  Thus, the modal pressure contribution of the (m,n)

mode may be expressed as
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where φθα cossinka=  and φθβ sinsinkb= .
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Figure A.3  Simply-Supported Plate in an Infinite Baffle
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APPENDIX B

Estimation of Radiated Sound Power

In this appendix, two procedures for the approximation of radiated sound power

are considered.  Each technique relies on the far-field assumption that the intensity may

be approximated by

c

zyxp
zyxI

ρ2

),,(
),,(

2

= (B.1)

where I is intensity (W/m2), p is pressure (Pa), ρ0 is the density of air (kg/m3), and c is the

speed of sound in air (m/s).  The first of these procedures consists of the evaluation of

power through a discretized integration of intensity over the hemisphere.  The second

approach is adopted for the experimental estimation of pressure and includes only ten

measurement positions.  Each of these measurement points is assumed to represent one-

tenth of the area of the hemisphere.  Thus, averaging the ten intensity values provides a

single intensity representing the entire hemisphere.

B.1  Discrete Power Integral

The power radiated from a baffled source through a hemisphere of radius r is

given by

φθθ
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where W is the radiated acoustic power (W) and (r, θ, φ) represents a location on the

hemisphere in spherical coordinates.  The integral may be discretized by replacing each

integral with a finite summation, in which a series of discrete values are used for θ and φ.

Suppose N values are to be used for θ and φ.  The integral becomes

φθθ
ρ

φθ
∆∆= ∑∑

= =
)

~
sin(

2
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,
~

,(
2

1 1

2
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j

ji
r

c

rp
W (B.3)

where,

N

i
i 2

)21(~ += πθ (B.4)

N

j
j 2

)21(~ += πφ (B.5)

N

πφθ =∆=∆ (B.6)

B.2  Ten Point Power Estimate

In this estimate, only ten far-field points are included in the approximation of the

radiated acoustic power.  The intensity is computed under the same assumptions as in the

previous case for each of the ten positions, before averaging for determination of the

average intensity over the hemisphere.  From this average, the power is determined

simply by the product of intensity and area:

avgrIW π2= (B.7)

where Iavg is the average intensity over the hemisphere (W/m2).  Figure B.1 depicts the

locations of the ten positions in terms of the radius, r.
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Figure B.1  Microphone Locations for Ten Point Power Estimate
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APPENDIX C

Acoustic Modeling Comparison:  BEM and Elementary
Radiator Approaches

This appendix provides a comparison between the BEM and elementary radiator

formulations for acoustic modeling of an exterior radiation problem.  A baffled, plane-

circular piston is taken for the comparison of these methods.  A completely theoretical

prediction is also included in the comparison for an absolute measure of the accuracy

attained.

In order to provide a general comparison, the acoustic directivity is presented in

terms of SPL (dB ref. 20µPa) for three values of ka, corresponding to 100, 250, and 500

Hz.  The pressure radiated from a piston is given by

jkre
ka

kaJ
ka

r

a
U

c
jrp −





=

θ
θρ

θ
sin

)sin(2

2
),( 1

0
0 (C.1)

where p represents pressure (Pa), ρ0 is the density of air (kg/m3), c is the speed of sound

in air (m/s), k is the acoustic wavenumber (m-1), a is the piston radius (m), U0 is the

velocity amplitude of the piston (m/s), r is the radius to the observation point (m), and θ

is the angle measured from the center axis of the piston (radians) [12].  The following

parameters were used in this comparison:

a = 2 m

U0 = 1 cm/s

r = 5 m
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-90° ≤  θ ≤  90°

Figures C.1, C.2, and C.3 depict the comparison of approaches for the piston.  It is

evident that both the BEM and elementary radiator approaches provide accurate

predictions of the radiated pressure, although the directivity lobes are not as clearly

defined.  It is suspected that the clarity of the lobes is increased as the number of

elements in the discrete analysis is increased.
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Figure C.1  Piston Directivity at 100 Hz (ka ≈ 1.8)
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Figure C.2  Piston Directivity at 250 Hz (ka ≈ 4.6)
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Figure C.3  Piston Directivity at 500 Hz (ka ≈ 9.2)
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