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Augmentation of Jet Impingement Heat Transfer on a Grooved Surface 
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Abdulmohsen Omar Alsaiari 

ABSTRACT 

Array jet impingement cooling experiments were performed on flat and grooved surfaces 

with the surface at a constant temperature.  For the flat surface, power and temperature 

measurements were performed to obtain convection coefficients under a wide range of operating 

conditions such as jet speed, orifice to surface stand-of distance, and open area percentage.  

Cooling performance (CP) was calculated as the ratio between heat transfer and fan power. An 

empirical model was developed to predict jet impingement heat transfer taking into account the 

entrainment effects. Experimental results showed that jet impingement can provide high transfer 

rates with lower rates of cooling cost in comparison to contemporary conventional techniques in 

the industry. CP values over 279 were measured which are significantly higher than the standard 

values of 70 to 95 in current technology. The model enhanced prediction accuracy by taking into 

account the entrainment effects; an effect that is rarely considered in the literature. Experiments 

on the grooved surfaces were performed at dry and wet surface conditions.  Under dry conditions, 

results showed 10%~55% improvement in heat transfer when compared to the flat surface. 

Improvement percentage tends to be higher at wider gaps between the array of orifices and the 

grooved surface. An improvement of 30%~40% was observed when increasing Re either by 

increasing orifice diameter or jet speed. Similar improvement was observed at higher flow open 

area percentages. No significant improvement in heat transfer resulted from decreasing the size of 

the grooves from 3.56mm to 2.54mm. Similarly, no noticeable change in heat transfer resulted 

from changing the relative position of the jets striking the surface at the top of the grooves to the 

bottom of the grooves.  Deeper grooves with twice the depth gave statistically similar average heat 



 

transfer coefficients as shallower grooves.  Under wet conditions, a hybrid cooling technique 

approach was proposed by using air jets impinging on a grooved surface with the grooves 

containing water. The approached is proposed and evaluated experimentally for its feasibility as 

an alternative for cooling towers of thermoelectric power plants. Convection heat and mass transfer 

coefficients were measured experimentally using the heat mass transfer analogy.  Results showed 

that hybrid jet impingement provided high magnitudes of heat flux at low jet speeds and flow rates. 

High coefficients of performance CP > 3000, and heat fluxes > 8,000W/m2 were observed.  Hybrid 

jet impingement showed 500% improvement as compared to jet impingement on a dry flat surface.  

CP values of hybrid jet impingement is 600% to 1,500% more as compared to performance of air-

cooled condensers and wet cooling towers. Water use for hybrid jet impingement cooling is 

efficient since evaporation energy is absorbed from the surface directly instead of cooling air to 

near wet-bulb temperature 
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GENERAL AUDIENCE ABSTRACT 

This thesis explored the possibility of using air jets on the outside surface of a device that 

is used to condense steam. An experiment apparatus was used to imitate the conditions of steam 

condensation in the lab.  A flat metallic surface was heated by placing an electric heater beneath 

it.  The metallic surface was cooled using air jets coming out of orifices situated above the hot 

metallic surface.   A fan, connected to an electric motor, was used to create the air jets.   The 

amount of heat transfer was measured by measuring the electric power the heater consumed.  This 

measured power was compared to the power needed to run the fan.  The ratio of heat transfer to 

fan power is called the coefficient of performance CP.  The CP values of more than 200 were 

obtained when air jets were used meaning that we need one kilowatt of mechanical power to 

remove 200 kilowatts of heat.  This CP value is 300% more than the current technology used in 

the industry where CP ranges from 70 to 90. This means that we can build very efficient steam 

condensers for power plants.  This type of condensers that uses air jets allows the power plant to 

be efficient and to be able to increase the amount of power generated without extra cost.   

Further enhancement of the CP can be achieved by making the hot surface grooved instead 

of flat with the grooves containing water.   Air jets, coming out of orifices situated above the 

grooved surface, were used for cooling. The CP values of more than 3,000 were obtained when air 

jets were used with wet grooved surface. This CP values is 1,500% more than the current 

technology used in the industry. This type of condensers that uses air jets on wet grooves allows 

the power plant to be efficient and to be able to tremendously increase the amount of power 

generated without extra power and water costs.
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Paper 1: The Feasibility of Employing Jet Impingement Cooling in the 

Condensers of Thermoelectric Power Plants – Experimental Study 

Abdulmohsen O. Alsaiaria,b 

Department of Mechanical Engineering, Virginia Tech, Goodwin Hall, 635 Prices Fork Road, 

Blacksburg, VA- 24061 

aoa212@vt.edu,   

Thomas E. Diller, 

Department of Mechanical Engineering, Virginia Tech, Goodwin Hall, 635 Prices Fork Road, 

Blacksburg, VA- 24061; tdiller@vt.edu 

Abstract 

This paper presents the findings of an experimental study to evaluate air jets for the use in 

the condensers of thermoelectric power plants. A constant temperature heated plate was subjected 

to vertical jets of air pressurized out of orifices. Power and temperature measurements were 

performed to obtain convection coefficients. Cooling performance (CP) was calculated as the ratio 

between heat transfer and fan power. Tests were performed over a wide range of operation 

parameters. Also, an empirical model was developed to predict jet impingement heat transfer 

taking into account the entrainment effects. Experimental results showed that jet impingement can 

provide high transfer rates with lower rates of cooling cost in comparison to contemporary 

conventional techniques in the industry. CP values over 279 were measured which are significantly 

higher than the standard values of 70 to 95 in current technology. The aforementioned model 

enhanced prediction accuracy by taking into account the entrainment effects; an effect that is rarely 

considered in the literature. 
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1.1 Introduction 

Rising ambient temperatures caused incidents of shutdowns at power plants in the summers 

of 2011 and 2012 [1]. Because of the associated condenser limitations, it is important to be able to 

enhance the effectiveness of the condenser in a steam Rankine power cycle. In the design stage, it 

is desired to condense steam at lower temperatures to decrease the turbine back pressure and 

enhance the power output. Consequently, it is important to maximize the heat transfer between the 

surface of the condenser and the cooling medium. A 500 MW power plant operating at 42% 

thermal efficiency requires the transfer of 700 MW of thermal power to the environment. New 

environmental regulations prohibit new plants from dumping this thermal energy into water 

reservoirs. The remaining option is to use ambient air for cooling. Air can be used solely for 

cooling as in A-frame air-cooled condensers (ACCs) or it can be used with water evaporation such 

as in cooling towers. ACCs provide large surface area for heat transfer but correspond to relatively 

low heat transfer coefficients. Moreover, performance is limited by maldistribution of the air flow 

through the tube bundles [2], fin efficiency, and non-symmetric temperature fields.  Cooling 

towers provide larger capacities for heat rejection; however, they use large quantities of water to 

make-up for evaporation and requires regular water recycling to limit the build-up of impurities. 

Moreover, cooling potential is wasted because the air leaves at the wet bulb temperature though it 

can be utilized in further cooling of steam. 

As an alternative, air jet impingement can be used for heat rejection and provides high 

convective coefficients. The thin boundary layer in stagnation region a jet creates results in higher 

heat transfer coefficient at lower flow rates and fan power. Extensive studies have examined jet 

impingement heat transfer since the 1950s. Numerous correlations have been developed since then 

in an effort to develop generic models for the predictions of heat transfer. However, it has been 
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proved to be a challenging task to do due to the complex physical nature of the jet impingement 

problem.  One widely known comprehensive study on jet impingement was conducted by Martin 

[3].  He reported that arrays of jets yielded lower rates of heat transfer than comparable single jets 

with the same flow rate. Successive studies [4–6] discussed explanations including crossflow of 

the spent air, interaction between adjacent jets, and entrainment effects of the spent air. Hollworth 

et al [7] reported that widely spaced jets have smaller interaction effects. Furthermore, crossflow 

effects can be mitigated by designing the array width to keep the crossflow velocity to be a small 

fraction of the jet velocity. Entrainment occurs when the jet entrains large amounts of surrounding 

air in both regions of the free jet and the wall jet. This was attributed to the turbulence generated 

at the free-shear layers. If entrained air is at a different temperature than the jet, it will change the 

effective temperature of the jet at the stagnation. This was observed for individual jets and shown 

to affect the resulting heat transfer [8–11]. It was reported [12] that the integrated heat transfer 

coefficients match when the temperature of entrainment is matched between single jets and arrays 

without crossflow. 

The current study represents a first step in a paradigm shift from conventional practice for 

cooling tower or air-cooled heat exchangers. It proposes the use of a novel approach based on jet-

impingement of the air onto a flat surface condenser. To minimize the fan power, the air flow rate 

is purposely kept low, resulting in high exhaust temperatures. One focus of this study is to evaluate 

the entrainment effect of this exhaust flow on the heat transfer. Entrainment is a key aspect and 

has been rarely considered in previous studies of jet impingement heat transfer. One reason is the 

common use of large air flow rates in the relevant studies which means the insignificance of the 

difference between the inlet and exhaust temperatures. Similarly, fan power has not been 

considered important for jet impingement heat transfer. However, fan power is a key parameter in 
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determining the cost of handling the heat load of the condenser in a thermoelectric power plant. 

Therefore, a second focus of this study is to compare the rates of heat transfer resulting from jet 

impingement to the fan power. Accordingly, the cooling performance (CP) ratio, between the heat 

transfer and the required fan power, is introduced as an important design parameter. Jet 

impingement systems are compared with common types of condensers that are currently used in 

the industry such as ACC’s and wet cooling towers. 

1.2 Model 

An empirical model was developed to predict the average convection heat transfer 

coefficient, under steady state conditions, resulting from jet impingement on a constant 

temperature surface. The novel aspect of this model that it specifically includes the effect of air 

entrainment. The chief assumption of the model is that an array of jets behaves in the same manner 

as a single jet [13] if the effect of the exhaust flow is included. 

1.2.1 Single Jet 

A jet is formed when fluid is accelerated through an opening by a pressure difference into 

the surrounding fluid. This occurs with negligible friction losses, as described by the Bernoulli’s 

equation for low velocities, 

𝑈௢ = ට
ଶ௱௣

ఘ
   (1) 

As the free jet nears the plate surface the velocity decreases to zero at the stagnation point and the 

static pressure increases. The jet then accelerates as it turns and forms a wall jet [9], as illustrated 

in figure 1.1. Studies [12,14] showed that for the region of one or two nozzle diameters above the 

surface of stagnation, the jet flow issuing from the nozzle is not effected by the plate impingement. 

This means that the free jet region can be studied independently from the impingement plate [14]. 
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Figure 1. 1: Fluid flow regions of an impinging jet [9] 

The free jet has an initial potential core region where the centerline velocity remains 

constant with low turbulence levels [14,15] over the first 6.5 jet diameters [16–18]. A similar 

thermal core region for the temperature of the jet was observed [19] to extend for 4.5 diameters. 

Along the length of the thermal core, the centerline temperature remains constant. Beyond both 

core regions, the centerline velocity and temperature are influenced by the conditions of the 

entrained surrounding air.  

Donaldson et al [20] developed a correlation for heat transfer at the stagnation region of 

the following form: 

 𝑁𝑢ௌ௧ =
ହ.ସ ඥோ௘೏೐  

ு
ௗ೐

ൗ
   (2) 

where 

𝑁𝑢ௌ௧ = ℎௌ௧(
ௗ೐

௞
)   (3) 

The H/de term in the denominator accounts for the decay of the jet centerline velocity due to 

entrainment of surrounding air.  Because the decay only starts after a distance of 6.5 diameters, 

the denominator has a value of 6.5 for H/de < 6.5. In the wall jet region, an empirical correlation 

was adapted from [21], for heat transfer in the wall region as a function of the distance from the 

stagnation point: 
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  𝑁𝑢௪௝(𝑟) =
଴.଴ହଶସ ∙ோ௘೏೐

బ.ఴ

ቀ
ೝ

೏೐
ቁ

బ.ఴ              for     𝑟ௌ௧ ≤ 𝑟 ≤ 𝑅  (4) 

where 

  𝑁𝑢௪௝(𝑟) =
௛ೢೕ(௥) ௗ೐

௞
                                                                    (5) 

This is valid for the region outside of the impingement region (r > rst). These correlations were 

developed for the usual academic case of the environment temperature the same as the jet exit 

temperature.  

1.2.2 Multiple Jets and Entrainment 

One of the major differences between single jets and jet arrays is the requirement to exhaust 

the spent air from the space between the jet entrance and the surface as illustrated in figure. 1.2. 

Because of the large amount of entrainment at the free shear layers, recirculation regions develop 

which feed exhaust air into the jets. The exhaust air by necessity has already interacted with the 

surface and consequently is at a higher temperature.  

 

Figure 1. 2: Array jet flow and circulation. 

A simple energy balance requires that 

𝑚̇𝐶௣(𝑇ா − 𝑇௢) = ℎ௔௩(𝜋𝑅ଶ)(𝑇௦ − 𝑇௢) (6) 

The change in enthalpy of the air is balanced by the heat transfer from the surface. The larger the 

value of the average surface heat transfer coefficient, hav, relative to the mass flow rate, the larger 

the increase in exhaust temperature. Therefore, an efficient use of the cooling air means that the 
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exhaust temperature rises higher and its effect on the surface heat transfer must be included. Most 

reported studies of jet impingement heat transfer have been more concerned with maximizing the 

heat transfer coefficient instead of the efficiency of using the air and have ignored the effects of 

entrainment of the exhaust air.  

 A non-dimensional exhaust temperature can be defined as: 

𝐹 = ቀ
்ಶି ೚்

ೞ்ି ೚்
ቁ (7) 

where the normal values are bounded as  0 ≤ 𝐹 ≤ 1 as shown in equation 7. The temperature 

decay of the free jet is given by: 

்ି்ಶ

೚்ି ೞ்
=  

ସ.ହ
ு

ௗ೐
ൗ

  (8) 

for H/de > 4.5 [19]. The heat flux at the stagnation point is proportional to the actual temperature 

difference of the jet relative to the surface temperature, T – Ts. Therefore, the degradation of the 

heat flux due to the entrainment of exhaust is equal to the ratio of the temperature differences and 

is given the symbol GSt.  

𝐺ௌ௧ =
்ି ೞ்

೚்ି ೞ்
= ቆ

ସ.ହ
ு

ௗ೐
ൗ

− 1ቇ 𝐹 + 1  (9) 

Adding this factor to equation 2 gives heat transfer coefficient relative to the temperature 

difference from the jet exit, To –Ts.  

𝑁𝑢ௌ௧ =
ହ.ସ ඥோ௘೏೐  

ு
ௗ೐

ൗ
𝐺ௌ௧                                    (10) 

The effect of entrained air extends, also, to the wall jet region.  A correlation for the change of the 

wall jet temperature in the radial direction due to entrained air at temperature TE was developed in 

[22,23] and it takes the form: 
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்ି்ಶ

೚்ି்ಶ
=

ଵ.ଶ

ቀ
ೝ

೏೐
ቁ

భ.భ      for the wall jet region    𝑟ௌ௧ ≤ 𝑟 ≤ 𝑅   (11) 

The corresponding degradation of the surface heat transfer relative to the jet exit temperature is 

defined in the same way as for the stagnation region: 

 𝐺௪௝ =
்ି ೞ்

೚்ି ೞ்
=

ଵ.ଶ

ቀ௥
ௗ೐

ൗ ቁ
భ.భ 𝐹 + (1 − 𝐹)        for    𝑟ௌ௧ ≤ 𝑟 ≤ 𝑅  (12) 

Adding this factor to equation 4 modifies it to include the entrainment effect for a heat transfer 

coefficient based on the To –Ts temperature difference. 

𝑁𝑢௪௝ =
଴.଴ହଶସ ோ௘೏೐

బ.ఴ

ቀ௥
ௗ೐

ൗ ቁ
బ.ఴ 𝐺௪௝                  for    𝑟ௌ௧ ≤ 𝑟 ≤ 𝑅      (13) 

 The latter equation is applicable for r values beyond the stagnation region for r > rSt  where rSt is 

the radius of the stagnation region. Because of the spread of the jet with distance from the orifice, 

the size of the stagnation region increases with jet height. For H/de ≥ 6.5 the ratio ቀ
௥ೄ೟

ௗ೐
ቁ =

0.27H/de, while in the core region (H/de < 6.5) the value of ቀ
௥ೄ೟

ௗ೐
ቁ = 1.75. 

 To test the validity of the heat transfer correlations, a series of experiments were performed 

with a single jet under controlled entrainment air temperatures. A 3-mm diameter Gardon heat flux 

gage by Medtherm was mounted flush in the heated aluminum plate with control of the 

surrounding air temperature as described in [8].   Because the gage used had low sensitivity, the 

temperature differences developed across the gage were limited and the resulting corrections for 

convection measurements were small as described by Borrell and Diller [24]. A low sensitivity 

Gardon heat flux gage was mounted in the heated aluminum plate. An example of the results is 

shown in figure 1.3 for two different values of F, the non-dimensional entrainment temperature. 

The entrainment effect shown by the measured data points is clearly captured by the analytical 

lines representing equation 13 in the wall jet region. In the stagnation region there is very little 
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effect of entrainment because of the small height. Most of the jet is in the core temperature region 

of 4.5 diameters. 

  

Figure 1. 3: Entrainment effect in the wall jet region, experiments are data points, wall jet correlations are lines. 

1.2.3 Average Heat Transfer Coefficients 

The analysis done on the stagnation and wall jet regions resulted in modified correlations that take 

into account the effect of entrainment on heat transfer.  It is assumed that heat transfer has a linear 

relation in the stagnation region, r = 0 to r = rSt. Therefore, integrating equations 10 (from r = 0  to 

r = rSt) and 13 (from r = rSt to r = R), for a surface area, gives the following expression for the 

average Nusselt number. 

𝑁𝑢௔௩ =
଴.଴ହଶସ ோ௘బ.ఴ

ቀோ
ௗ೐

ൗ ቁ
మ ቐ

ቀ
௥ೄ೟

ௗ೐
ൗ ቁ

మ

ଷ
቎

ே௨ೞ

଴.଴ହଶସ ோ௘೏೐
బ.ఴ 

+
ଶ

ቀ
௥ೄ೟

ௗ೐
ൗ ቁ

బ.ఴ ቌ
ଵ.ଶ

ቀ
௥ೄ೟

ௗ೐
ൗ ቁ

భ.భ 𝐹 +  (1 − 𝐹)ቍ቏ +

 24 ൤ቀ𝑅
𝑑௘

ൗ ቁ
଴.ଵ

− ቀ
𝑟ௌ௧

𝑑௘
ൗ ቁ

଴.ଵ

൨ 𝐹 +
ହ

ଷ
൤ቀ𝑅

𝑑௘
ൗ ቁ

ଵ.ଶ

− ቀ
𝑟ௌ௧

𝑑௘
ൗ ቁ

ଵ.ଶ

൨ (1 − 𝐹)ቑ (14) 

Where: 
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𝑁𝑢௔௩ =
௛ೌೡ ௗ೐

௞
   (15) 

 The value of R in equation 14 represents the average radius of the area served by an 

individual jet. For an array of jets, this radius and the total surface area are related as: 

𝑅 = ඥ𝐴௦/(𝑁𝜋)    (16) 

The open area is a convenient non-dimensional ratio of jets total correctional area to the total 

surface area of impingement:  

𝐴௢ = ቀ𝑁
గ

ସ
𝑑௘

ଶቁ /(𝜋𝑅ଶ) = ቀ
ௗ೐

ଶ ோ
ቁ

ଶ

  (17) 

 The model assumes that the entrained air temperature TE to be the exhaust temperature. 

The value of TE is dictated by the energy balance in equation 6. Inserting 𝑚̇ = (𝐴௢𝐴௦)𝜌𝑈௢ and 

non-dimensionalizing the equation results in a relation between F and Nuav  

𝐹 =
ே௨ೌೡ

ோ௘೏೐ ௉௥ ೚
   (18)  

A major focus of the current study is to evaluate jet impingement for the application in 

thermal power plants condensers as an alternative to ACCs and wet cooling towers. Evaluation 

can be done by comparing the heat transfer in each technique resulting from the same fan power. 

For that purpose, the cooling performance CP is introduced and is defined as the ratio between the 

heat transfer from the surface and the fan power. The following is the definition of CP: 

𝐶𝑃 =
ொ

௉೑
    (19) 

The heat transfer, for Ts>To, and the fan power are, respectively, calculated as: 

𝑄 = 𝐴௦ ∙ ℎ௔௩ ∙ (𝑇௦ − 𝑇௢) (20) 

𝑃௙ =
∀̇∙∆௣

ఎ೑
   (21) 
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Where 𝜂௙ is the fan efficiency and was assigned a value of 65% and ∀̇ is the volume flow rate. 

Therefore, for the jet impingement system: 

𝐶𝑃 = ℎ௔௩ ∙ (𝑇௦ − 𝑇௢) ∙
ଶ∙ఎ೑

(஺೚)∙ఘ∙௎೚
య    (22) 

 In summary, the current model used a semi-empirical approach to quantify and include the 

effect of the entrained air on jet impingement heat transfer. This was applied to the average heat 

transfer for arrays of jets. The results are then compared with extensive experimental testing.  

1.3 Experimental Setup 

1.3.1 Design and Fabrication of Jet Arrays 

Six different jet plates were made by drilling holes in 1.6 mm (1/16”) aluminum plates. As 

shown in figure 1.4, three of the plates have the same value of the open area Ao =1.5% but at 

different orifice diameters of 3.18mm, 4.76mm, and 6.35mm.  The diameter of orifices in the 

remaining plates was fixed at 4.76mm while the value of 𝐴௢ was varied with values of 1%, 1.5%, 

2%, and 3%.  The number of orifices and the configuration in each plate is given by: 

𝑁 =
஺೚∙஺ೞ

஼ವ∙
ഏ

ర
∙ௗ೐

మ (23) 

The plates were fabricated in a CNC mill to ensure that all orifices in each plate have the same 

geometrical characteristics. 
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         Figure 1. 4:  Orifices plates: upper row Ao=1.5%, lower row d=4.76mm. 

Most jet arrays are produced using orifices in thin plates with discharge coefficients of CD = 0.75 

to 0.85, because of the contraction of the flow as it turns through the orifice. This gives an effective 

diameter of: 

𝑑௘ = 𝑑ඥ𝐶஽    (24) 

Although shown to be important to the resulting heat transfer [25], many jet array studies overlook 

this effect. To measure CD, a random sample of orifices were selected in each orifices plate.  

Reynolds number based on the orifice diameter for different air speeds were matched for water to 

obtain the respective water jet speeds 𝑈௢,௪. A water head pressure was maintained at a prescribed 

level by regulating water flow to the container with the orifice plate beneath it. Water was allowed 

to flow through only the selected orifice and the flow rate of water 𝑚̇௪ was measured using an 

electronic weight scale and a timer. The discharge coefficient then was calculated as: 

𝐶஽ =
௠̇ೢ

ఘೢ∙
ഏ

ర
∙ௗమ∙௎೚,ೢ

మ  (25) 

Table 1 shows the measured discharge coefficients for the three different orifice sizes.   
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Table 1. 1: Discharge coefficients, CD 

 

 

 

1.3.2 Apparatus 

The experimental apparatus for measuring the average surface heat transfer is depicted in 

figure 1.5. A wind tunnel was used to supply air for the experiment at varying jet speeds by 

regulating the power supplied to an axial flow fan. A manometer was used to measure the static 

pressure in a vicinity of the orifice opening inside the plenum, though not shown in the figure.  

Appropriate ∆𝑝 was maintained to satisfy the required jet speed as described by equation 1. A pitot 

tube was used to measure the jet velocity for a random sample of jets at each orifices plate to insure 

uniform exist velocity. 

Unlike the actual application for condensation, the surface was heated electrically and the 

air was cooler. This provided an easier system for measuring the heat transfer coefficient between 

the jets and the surface. The aluminum test plate has a thickness of 12.7 mm and is heated using 

an electric heater placed beneath it. A total of 14 T-type thermocouples were distributed and press 

fit into the plate flush with the surface. Eight thermocouples were wired in parallel and supplied 

to a Eurotherm 810 PID temperature controller.  The controller was used with a Eurotherm 831 

Silicon Control Rectifier (SCR) to supply power to the heater. Therefore, it is necessary to use a 

true-RMS voltmeter (HP-3486A) to measure the voltage to determine the power supplied to the 

heater. Temperature readings from the remaining six thermocouples were recorded using an NI-

9214 DAQ system. 

To minimize edge losses, four guard plates surrounded the test plate and were maintained at the 

same set-point temperature of the test plate using similar PID controllers.  The test plate and the 

d(mm) n CD 
Standard 
deviation 

de(mm) 

3.18 6 0.784 0.003 2.81 

4.76 6 0.785 0.005 4.22 
6.35 6 0.802 0.002 5.69 
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guard plates were placed on a multilayer of insulation materials of wood and fiberglass to minimize 

the conduction losses.  

 

Figure 1. 5: Abstract depiction of the experiment apparatus. 

1.4 Data Analysis 

1.4.1 Procedure 

Average heat transfer coefficients were obtained through the measurement of power 

supplied to the heater that was required to sustain the surface temperature Ts of the test plate. The 

system typically requires 25 minutes to reach steady state at which, Ts, To, and V are recorded. 

Surface temperature Ts was obtained by averaging temperature readings of six thermocouples 

uniformly distributed on the test surface. A standard deviation of 0.3oC was observed on Ts 

readings across the plate spatially. Accordingly, the surface temperature can be treated as constant. 

The ambient temperature To was logged using a thermocouple placed inside the wind tunnel. The 

electrical power density 𝒫/𝐴௦ supplied to the heater at steady state was calculated as: 

𝒫

஺ೞ
=

௏మ

ℛ஺ೞ
 (26) 
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Accounting for the conduction and radiation losses, the convection heat flux from the surface is 

isolated as: 

𝑞"
௖௢௡௩

=
𝒫

஺ೞ
− 𝑞"

௖௢௡ௗ
− 𝑞"

௥௔ௗ
   (27) 

And the average convection heat transfer coefficient is obtained as: 

ℎ௔௩ =
௤"

೎೚೙ೡ

ೞ்ି ೚்
  (28) 

1.4.2 Heat Losses 

The conduction heat losses q”cond were divided into lateral loss and downward loss. The 

lateral loss was significantly diminished due to the use of four guard plates surrounding the test 

plate and the loss was neglected. The downward loss was estimated as 1% of the power dissipated 

by the heater. This estimation was obtained through thermal resistances analysis for the upward 

and downward mediums enclosing the heater. The radiation loss was calculated, assuming the 

surrounding is at the initial jet temperature, as: 

𝑞"
௥௔ௗ

= 𝜀𝜎(𝑇௦
ସ − 𝑇௢

ସ)   (29) 

The surface emissivity 𝜀 value was found to be 0.76.  This estimation was obtained by 

using FLIR SC600 Series High-Resolution LWIR Science-Grade infrared camera where a portion 

of the test plate was painted with a black paint with a known value of 𝜀௕= 0.94, while another 

portion remained unpainted. The plate was maintained at a known temperature value using the PID 

controller. An infrared picture of the plate was captured and indicated different temperatures for 

the painted and unpainted portions of the plate. Accordingly, the emissivity of the plate was 

obtained as: 

𝜀 =
்ర

ೠ೙೛ೌ೔೙೟೐೏

்ర
್

∙ 𝜀௕  (30) 
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Accordingly, the percentage of heat transfer due to radiation was found to vary from 2.5% to 10% 

of 𝒫. The extremes of this interval were determined by the surface temperature and the value of 

the convection coefficient. For example, the 2.5% was observed at high value of convection 

coefficient and Ts= 42.8oC. 

1.4.3 Data Statistics and Uncertainty 

Confidence intervals were constructed for the measured values of Nuav. For each test, 36 

measurements of Nuav were recorded giving the mean value, standard deviation, and the 95% 

confidence interval. It was observed that the size of the confidence interval varied between 2% to 

3% of the estimated mean value of Nuav. 

The sources of uncertainty in the measurement of Nuav are listed on table. 2 with the 

respective uncertainty values. Parameters were selected based on the expression that was adopted 

to calculate Nuav through the measurement of Voltage V, electrical resistance ℛ, and temperature 

𝑇. The average Nusselt number Nuav was obtained as: 

𝑁𝑢௔௩ =
௛ೌೡ ௗ೐

௞
=

௏మ/ℛ

( ೞ்ି ೚்)஺ೞ
∙

ௗ೐

௞
  (31) 

Therefore, the uncertainty on 𝑁𝑢𝑎𝑣 was estimated as 

𝑈௡(ಿೠೌೡ)
= ൜ቂ

డ

డ௏
(𝑁𝑢௔௩) ∙ 𝑈௡௏

ቃ
ଶ

+ ቂ
డ

డℛ
(𝑁𝑢௔௩) ∙ 𝑈௡ℛ

ቃ
ଶ

+ ቂ
డ

డௗ೐
(𝑁𝑢௔௩) ∙ 𝑈௡ௗ೐

ቃ
ଶ

+ ቂ
డ

డ்
(𝑁𝑢௔௩) ∙

𝑈௡ ்
ቃ

ଶ

+ ቂ
డ

డ஺ೞ
(𝑁𝑢௔௩) ∙ 𝑈௡஺ೞ

ቃ
ଶ

+ ቂ
డ

డ௞
(𝑁𝑢௔௩) ∙ 𝑈௡௞

ቃ
ଶ

ൠ

భ

మ

     (32) 

The resulting value of estimated uncertainty Nuav was 4%. 
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Table 1. 2: Sources of uncertainty for the flat surface. 

# Source of uncertainty Value Unit 
1 Voltage measurement, 𝑈௡௏

 0.02% of measured 𝑉 volt  
2 Resistance measurement, 𝑈௡ℛ

 0.5% of of measured ℛ  ohm  
3 Temperature measurement, 𝑈௡ ்

 0.3 K  

4 Surface area measurement, 𝑈௡஺ೞ
 3.4×10-4    m2  

5 Thermal conductivity value, 𝑈௡௞
 1.3×10-4    W/(m-K)  

6 Orifice diameter measurement, 𝑈௡ௗ೐
 4×10-5   m  

 

The 3% confidence interval value of the data and the 4% estimated uncertainty of the Nuav are both 

indicators of the good quality of the experiment and of the results produced. 

1.5 Results and Discussion  

To investigate the effect of surface temperature on the heat transfer coefficient, a majority 

of the experiments were performed with two different surface temperatures, Ts= 42.8oC and 60oC.  

The results in figure 1.6 show that statistically the convection coefficient is the same for both 

temperatures, as expected.  Therefore, the remaining results are only presented for Ts= 42.8oC.  

The solid and dashed curves represent results obtained using the current model.  The figure, shows 

a decrease of Nuav as H/de increased and the uncertainty of the experiment measurement is 

represented by bars on each measurement. One can notice an increase in heat transfer by 90% as 

the Ao increases from 1% to 3% at all H/de ratios.  Increasing the flow rate by a factor of three, by 

tripling Ao, only resulted in increasing the heat transfer only by a factor of two. Furthermore, when 

H/de decreased from 12 to 3.6, the heat transfer increased by 40% at Ao =3%, and 23% at Ao =1%, 

respectively. The latter suggests that heat transfer is more receptive to changes in H/de ratio at 

higher Ao percentages. 
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Figure 1. 6: Variation of Nuav vs H/de for Rede=2,660 at Ts=42.8oC and Ts=60oC. 

The variation of F with H/de is shown in figure 1.7 for cases of Ao =1.5% and Ao =3% at 

Rede = 2,660. The solid and dashed curves represent results obtained using the current model. 

Experimental results of F were obtained by invoking the measured Nuav, Rede, and Ao into equation 

18.  This is because it is challenging to get a direct measurement of the TE because of the complex 

nature and instability of the flow patterns of the entrained air between the jets. The graph shows a 

reduction in F, and thus in the exhaust temperature, as H/de increases because of the lower heat 

transfer coefficient. Another observation is that F is higher at Ao =1.5% than Ao =3% even though 

heat transfer is higher at the latter. This means that heat is transferred more efficiently transferred 

at lower flow rates and H/de ratios. 
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Figure 1. 7: Entrainment factor F vs H/de for Rede =2,660 

The average Nuav variation with Rede is depicted in figure 1.8 for Ao =1.5%.  The graph 

shows an increase in Nuav as Rede increases. It can be noticed that when Rede increased by eight 

times, the heat transfer increased by a factor of 5.5 at H/de=3.6 and 4.4 at H/de=12. The variation 

of corresponding F is shown in figure 1.9 and one can note that for the same Rede, F is higher at 

the H/de=3.6. Also, F tends to decrease as Rede increases which means that the efficiency of heat 

transfer, in terms of the exhaust temperature, decreases at higher Rede values. 
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Figure 1. 8:  Nuav vs Rede for Ao=1.5%  Figure 1. 9: Entrainment factor F vs Rede for Ao=1.5% 

The model gave accurate predictions for the case of lower H/de ratio of 3.6, where 

entrainment effects are dominant, as compared to results obtained using the correlation in [3], 

which does not explicitly account for the entrainment effect. Also, accurate predictions were 

obtained at lower Ao percentages. The accuracy of prediction of the current model decreased as 

H/de and/or Ao increased. One explanation is that the model assumes that an array of jets behaves 

in the same manner as single jets, an assumption that implies the effects of the interaction between 

adjacent jets to be insignificant. However, the latter effects increase as the H/de ratio increases 

and/or the Ao percentage increases. The increase of Ao means in an increase of the number of jets 

for the same orifice diameter as expressed by equation 22. It is expected that under such conditions 

of high H/de ratio and/or Ao percentage that the free jets overlap before and/or at the point of 

stagnation compromising the momentum and temperature at which the jets strike the surface. This 

is illustrated in figure 1.10 and 1.11. The model would result in an over prediction, up to 21%, of 

the heat transfer coefficients under these conditions as shown in figures 1.7 to 1.9 for H/de = 12 

and Ao=3%. 
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 Figure 1. 10: Approximation of the stagnation area d=4.76mm, 
Ao=1% and H/de=12 

Figure 1. 11: Approximation of the stagnation area d=4.76mm, 
Ao=3% and H/de=12 

The cooling performance CP was calculated as the ratio of the heat transfer and the fan 

power. A value of 65% fan efficiency was assigned in calculating CP using equation 22. In a sense, 

CP pays emphasis on the idea of cost in terms of fan power, verses gain in terms of the 

corresponding heat transfer. This idea is rarely applied in the context of jet impingement heat 

transfer.  Figure 1.12 shows the variation of CP with the open area Ao, and Rede at H/de =3.6 for 

(𝑇௦ − 𝑇௢) = 18௢𝐶. Similar behavior of variation was observed at H/de =12 with a minor decrease 

of 20% in CP at the same Ao and Rede.  The results illustrate that jet impingement is efficient, 

especially when conducted at lower jet speeds yielding CP ratios of around 600. A direct linear 

relation was observed between CP and (𝑇௦ − 𝑇௢) at which the test is performed. This translates 

into doubling CP values at the graph for (𝑇௦ − 𝑇௢) = 36௢𝐶 yielding a CP ratio of more than a 

1000. Figure 1.13 depicts this in a general representation by using CP/(𝑇௦ − 𝑇௢) as the vertical 

axis. This graph is particularly helpful for design considerations.  For example, at Re=1800 and 

H/de=3.6 a value of 5 per each oC is shown. 

Another key observation is that the CP drops with a faster rate as the jet speed Uo increases 

since CP ∝ Uo
-3 as described by equation 22. It was observed that doubling jet speed Uo yielded 

Jets 

Stagnation region 
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an increase of 60% in heat transfer rates, however, CP decreased by 80% requiring eight orders of 

magnitude increase in fan power 𝑃௙.   

  

                    Figure 1. 12 :  CP vs Ao for H/de=3.6 and  ∆𝑻 =
𝟏𝟖 𝑪𝒐  

                  Figure 1. 13:  CP vs Ao for H/de=3.6 per oC 

A key aspect the current study is to evaluate if it is advantageous to use air jets in the 

condensers of thermoelectric power plants. This requires a comparison in performance between 

the conventional techniques in the industry and the findings of this study. Most of these measured 

CP values are higher than obtained with industry conventional systems such as A-frame air-cooled 

condensers (ACCs) and cooling towers. According to guidelines established by Electric Power 

Institute (EPRI) [26] for the required fan power a calculated CP ratio of 92 was found to 

correspond to an ACC operating on (𝑇௦ − 𝑇௢) = 27o𝐶. Under similar operation conditions for a jet 

impingement condenser with Ao=1.5%, H/de=3.6, the CP ratio is 279. The latter ratio represents a 

300% improvement in performance that can translate to higher condenser heat rejection capacity 

and/or lower levels of power required to run the fan. One may argue that the 279 ratio was obtained 

in a lab environment and comparison with large scale system may not be reprehensive. However, 

the significant enhancement from 92 to 279 can serve as a strong indicator that jet impingement 
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carries potential for new efficient condensers systems.  A comparison between the CP ratios of dry 

jet impingement and wet cooling towers also shows higher performance in a jet impingement 

system. Values of CP for a commercial tower are provided in [27] in which CP of a tower with 

counter and cross air flow are 36 and 73.5, respectively. 

1.5 Conclusion  

Jet impingement experiments were conducted in a manner that models a condensation 

process. The results were used to show that jet impingement is a viable and efficient alternative to 

A-frame ACC’s and wet cooling towers.  An efficient heat transfer process results in high exhaust 

temperatures, which results in a decrease in heat transfer due to entrainment of the exhaust by the 

jets. This effect was modeled and included in a correlation for jet impingement heat transfer.  The 

correlation yielded good prediction accuracy particularly at conditions where entrainment effects 

are dominant. The findings of the experiment strongly suggest that jet impingement is an 

alternative that can provide higher rates of heat transfer at lower fan power requirements. Cooling 

performance CP provides an easy quantification of cost-to-benefit of the system. Much higher CP 

values where demonstrated for jet impingement systems than typical current condensers.  

Nomenclature 

A Area (mଶ) 
Ao Open area percentage (%) 
𝐶௣ Specific heat capacity (J/kg-K) 
d Diameter (m) 
ℎ  Convection Coefficient (W/mଶ-K), (ℎ = 𝑁𝑢 ∙ 𝑘/𝑑) 
H Orifice to surface distance (m) 
k Thermal conductivity (W/m-𝐾) 
𝑚̇  Mass flow rate (kg/s) 
N Number of jets 
n Number of experiments  
Pf Electrical power (W) 
𝒫  Fan Power (W) 
Q Heat Transfer (W) 
q” Heat flux (W/mଶ) 



 

 24

ℛ  Electrical resistance (ohm) 
R Radius of the area served by a jet (m) 
r Radial coordinate from stagnation point (m) 
T Temperature (𝐾) 
U Velocity (m/s) 
𝑈௡஺ೞ

 Surface area uncertainty (m2) 

𝑈௡ௗ೐
 Orifice diameter uncertainty (m) 

𝑈௡௞
 Thermal conductivity uncertainty (W/m-K) 

𝑈௡ℛ
 Electric resistance uncertainty (ohm) 

𝑈௡௏
 Voltage uncertainty (volt) 

V Voltage (volt) 
∀̇  Volume flow rate (mଷ/s), (∀̇ = [𝐴௦ ∙ 𝐴௢] ∙ 𝑈௢) 
XC Inviscid core length (m) 
XT Thermal core length (m) 
∆𝑝  Pressure difference (Pa) 
𝛼 Thermal diffusivity (N/m2)  
𝜌  Density (kg/mଷ) 
𝜎 Stefan-Boltzmann Constant (W ∙ m/Kଶ) 
𝜐 Kinematic viscosity (N/m2) 
Non-dimensional  
CD Discharge coefficient 
CP Cooling performance 
𝜀  Emissivity 
𝜂௙ Fan efficiency, 𝜂௙ = 0.65 
F Entrainment factor 
G Degrading factor 
Nu Nusselt number, 𝑁𝑢 = ℎ ∙ 𝑑/𝑘 
𝑃𝑟 Prandtl number,  𝑃𝑟 = 𝜈/𝛼 
Rede Reynolds Number based on effective jet diameter, 𝑅𝑒ௗ೐

= 𝑈௢ ∙ 𝑑௘/𝜈  

𝑈௡(ಿೠೌೡ)
 Nusselt number Uncertainty 

Subscripts  

arbt. Arbitrary property 

av Average property 

b Black body property 

cond Conduction 

conv Convection 

e Effective property 

E Entrainment property 

o Jet initial property 

rad Radiation 
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s Surface Property 

St Stagnation Property 

w Water 

wj Wall jet property 
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Abstract 

An experimental study of an array of jets impinging of a constant temperature surface with 

rectangular grooves was conducted. A constant temperature heated grooved plate was subjected to 

vertical jets of air pressurized out of orifices. Power and temperature measurements were 

performed to obtain heat transfer convection coefficients. The objective is to characterize the 

resulting heat transfer under varying operation conditions such as array orifices diameter, array to 

surface stand-off distance, flow open area percentage, groove width and depth, and jet relative 

position to the groove.  Results showed 10%~55% improvement in heat transfer when compared 

to a flat surface. Improvement percentage tends to be higher at wider gaps between the array of 
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orifices and the grooved surface. An improvement of 30%~40% was observed when increasing 

Re either by increasing orifice diameter or jet speed. Similar improvement was observed at higher 

flow open area percentages. No significant change in heat transfer resulted from decreasing the 

size of the grooves from 3.56mm to 2.54mm. Similarly, no noticeable change in heat transfer 

resulted from changing the relative position of the jets striking the surface at the top of the grooves 

to the bottom of the grooves.  Deeper grooves with twice the depth gave statistically similar 

average heat transfer coefficients as shallower grooves. 

2.1 Introduction 

Jet impingement heat transfer is utilized in many industrial applications where high 

convective heat transfer coefficients are of interest. The advantage of impinging jets is the thin 

boundary layers in stagnation regions. This creates higher heat transfer coefficient on the surface 

with comparable flow rates and fan power. Surface alterations is one way of enhancing jet 

impingement heat transfer.  Examples of such alterations in the literature are numerous and include 

ribbed [1–4], dimpled [5–8], pinned [9–12], or porous [13,14] target surfaces.  The different types 

of alterations are dictated by the application relevant to the study.  A single jet [15,16] or an array 

of jets [17,18] can be used in combination with a surface with rectangular ribs or grooves. The ribs 

provide extra surface area for heat transfer and promote flow turbulence and the generation of 

secondary flows; which are aspects expected to increase heat transfer.  Gau et al. [15] studied a 

single slot jet impinging on surface with rectangular rips without induced crossflow. They reported 

that heat transfer decreased compared to the flat case due to stagnant air bubble formation between 

the ribs as result of the narrow space between the ribs. Haiping et al. [18] studied an array of 

circular jets striking a surface with rectangular ribs with induced crossflow.  They reported that 

heat transfer decreased due to loss of momentum in the wall jet resulting from the grooves 
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obstructing flow. Therefore, improvement in heat transfer is not always expected due to grooves 

on the surface as reported in [2,19–21].  

A number of factors affect heat transfer resulting from jet impingement on a surface with 

rectangular grooves or ribs. At low crossflow conditions, Gau et al. [15] reported that a turbulent 

jet at higher H/d  > 8 penetrated the stagnant air bubbles formed between the grooves and heat 

transfer increased.  However, increased H/d ratio at high cross flow conditions resulted in 

decreased heat transfer [22]. The shape, depth, width and alignment of the ribs have been reported 

to affect the heat transfer of jet impingement. Son et al. [21] observed that for an array of jets at 

high crossflow conditions, sharp edged ribs have more enhancement compared to filleted ribs. The 

shape of the rib can cause the jet to rebound from the surface after it strikes it causing a decrease 

in heat transfer as was observed in[15,23].  Haiping et al. [22] reported that smaller groove width 

with small pitch-to-height ratios were observed to increase heat transfer due to their increased 

inducement of flow circulation within the grooves. They also found that deeper grooves with small 

slot width-to-rib height ratio have insignificant effect on heat transfer at high crossflow conditions. 

However, without induced crossflow, deeper grooves were found to adversely affect heat transfer 

due to the hindering of the wall jet [15].  Son et al. [21] reported that streamwise aligned ribs 

resulted in lower heat transfer compared to a flat surface. Liu et al.[4] observed that transversely 

aligned grooves resulted on slightly higher heat transfer compared to longitudinal grooves. They 

attributed this finding to flow circulation near the groove edges. The relative position of a jet to 

the rib can change the resulting heat transfer. Haiping et al in [18] showed that the jet impingement 

in the center between two ribs resulted in the best heat transfer enhancement for widely spaced 

ribs with or without initial crossflow. However, no significant change was observed in heat transfer 
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between the jet stagnating at the top of the rib or in between two ribs for conditions of small 

grooves width and/or higher ratios of H/d [15].  

The above-mentioned observations illustrate the complex nature of jet impingement with 

surface alterations. Therefore, most of the conducted research is of an experimental approach and 

correlations are limited to specific geometries and arrangements. The current study addresses the 

problem of different arrays of circular jets impinging on a surface with rectangularly grooved 

channels. Two possible applications are condensers in thermal power plants and Vapor-

Compression refrigeration cycles. A previous published paper demonstrated the potential of jet 

impingement for condensers [24]. The aim of the current study is to characterize heat transfer and 

important factors of arrays of round jets impinging on a surface with rectangular grooves on a dry 

condition.   

2.2 Experimental Setup 

2.2.1 Apparatus 

The experimental apparatus for measuring the average surface heat transfer is depicted in 

figure 2.1. A wind tunnel was used to supply air for the experiment at varying jet speeds by 

regulating the power supplied to an axial flow fan. A manometer was used to measure the static 

pressure in a vicinity of the orifice opening inside the plenum, though not shown in the figure.  

Appropriate ∆𝑝 was maintained to satisfy the required jet speed as described by the Bernoulli 

equation: 

𝑈௢ = ට
ଶ௱௣

ఘ
 (1) 
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Figure 2. 1:  Abstract depiction of the experiment apparatus. 

Six different jet arrays were made by drilling circular holes in 1.6 mm (1/16”) aluminum 

plates. The open area Ao percentage is the ratio between the area of the orifices and the test plate 

surface area. The additional side surface area of the grooves are not included and Ao is calculated 

as: 

𝐴௢ =
஼ವ∙ே∙

ഏ

ర
ௗమ

஺ೞ
 (2) 

Where N is the total number of jets in the array and CD is the discharge coefficient.  

 As shown in figure 2.2, three of the arrays, a to c, have the same value of the open area Ao =1.5% 

but at different orifice diameters of 3.18mm, 4.76mm, and 6.35mm.  The diameter of orifices in 

the remaining arrays, d to f, was fixed at 4.76mm while the value of 𝐴௢ was varied with values of 

1%, 2%, and 3%.   
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         Figure 2. 2:  Jets array: (a) to (c), Ao=1.5% with different diameters, (d) to (f), d=4.76mm with variable Ao. 

The arrays were fabricated in a CNC mill to ensure that all orifices in each plate have the same 

geometrical characteristics. 

Most jet arrays are produced using orifices in thin plates with discharge coefficients of CD 

between 0.75 and 0.85, because of the contraction of the flow as it turns through the orifice. This 

gives an effective diameter of: 

𝑑௘ = 𝑑ඥ𝐶஽ (3) 

Although shown to be important to the resulting heat transfer [25], many jet array studies overlook 

this effect. To measure CD, water flow was used for a sample of n orifices in each array.  The 

Reynolds number based on the orifice diameter Red was used to match air and water velocities. 

Reynolds number ranged from 4,070 to 12,210.  The corresponding water head was maintained at 

a prescribed level by regulating water flow to the container with the orifice plate beneath it. Water 

was allowed to flow through the selected orifice and the flow rate of water 𝑚̇௪ was measured using 

an electronic weight scale and a timer. The discharge coefficient then was calculated as: 
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𝐶஽ =
௠̇ೢ

ఘೢ∙
ഏ

ర
∙ௗమ∙௎೚,ೢ

మ (4) 

Table 1 shows the measured discharge coefficients for the three different orifice sizes and resulting 

effective diameter.  Cd was observed to be independent of Red. 

Table 2. 1: Discharge coefficients, CD 

 
 
 
 

 
 
 
 

2.2.2 Test Plates 

The air jets cooled the test surface which was heated electrically. The steady state power 

measurements were used to calculate the average heat transfer coefficients. Three different 

152.4mm by 152.4mm grooved aluminum plates, that each has a thickness of 12.7 mm, were tested 

and compared to the flat surface. Rectangular grooves were milled on to the surface of each plate 

with different dimensions as shown in figure 2.3. The majority of experiments were performed 

with plate (b) in which each groove has a width and depth of 3.56mm and length of 147.3mm. This 

created 21 protruding ribs with a height of 3.56mm aligned transversely as shown in figure 2.4.  

Plates (a) and (c) were used to examine the effect of depth and width of the grooves on heat 

transfer. Plate (c) has grooves with the same width and length as but with a depth of 7.11mm.  Plate 

(a) has grooves with the same depth and length as the plate (b) but a narrower width of 2.54mm.  

Plates (b) and (c) have the same number of grooves, but the plate (a) geometry results in 30 

grooves.  

A flat surface of 152.4mm by 152.4mm gives an area of 0.023 m2. The increase in surface 

area resulting from the grooves is 140% in plate (a), 95% in plate (b), and 194% in plate (c) of the 

d(mm) n CD 
CD 
standard 
deviation 

de(mm) 

3.18 6 0.784 0.003 2.81 

4.76  6 0.785 0.005 4.22 
6.35 6 0.802 0.002 5.69 
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flat plate surface. The reflection of such increase in surface area on heat transfer will be examined 

in the results section. 

 

Figure 2. 3:  Test plates: a) Width=2.54mm and depth=3.556, b) Width and depth=3.556mm a) Width=3.556mm 
depth=7.11mm. 

A total of 14 T-type thermocouples were distributed and press fit into test plate b in 

different locations as shown in figure 2.4. A number of the thermocouples were fitted on the bottom 

of the grooves and some in the top of the ribs to ensure uniformity of temperature measurement. 

Eight of the thermocouples were wired in parallel and supplied to a Eurotherm 810 PID 

temperature controller.  The controller was used with a Eurotherm 831 Silicon Control Rectifier 

(SCR) to supply power to the heater. Therefore, it is necessary to use a true-RMS voltmeter (HP-

3486A) to measure the voltage to determine the power supplied to the heater. Once voltage was 

measured, the power was calculated as: 

𝒫 =
௏మ

ℛ
 (5) 

Where ℛ is the electrical resistance of the heater, which was constant with temperature over 

operating range. Temperature readings from the remaining six thermocouples were recorded 

individually using an NI-9214 DAQ system.  To minimize edge losses, four guard plates 

surrounded the test plate and were maintained at the same set-point temperature as the test plate 

using additional PID controllers and SCR’s.  The test plate and the guard plates were placed on a 

multilayer of insulation materials of wood and fiberglass to minimize the conduction losses. 
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Figure 2. 4: Top view of test Plates b with guard plates and thermocouples locations. 

2.2.3 Test Procedure and Data Processing 

The majority of the experiments were performed on test plate (b) in figure 2.3.  For each 

array in figure 2.2, jet velocities of 5m/s, 7.5m/s, 10m/s, and 20m/s were used with three stand-off 

distance ratios H/de of 5.4, 7.18, and 12.  This results in a total of 72 experiments performed on 

test plate (b). This is compared to 132 experiments that were performed on the flat surface in [24].  

Twenty experiments were performed on plates (a) and (c) to examine the effect of width and depth 

of the grooves on heat transfer.   

 At prescribed test parameters mentioned above, average heat transfer coefficients were 

obtained through the measurement of power supplied to the heater. The power was controlled to 

sustain the surface temperature Ts of the test plate through controlling voltage supplied to the 

heater.  The test plate typically requires 25 minutes to reach steady constant surface temperature, 

when Ts, To, and V are recorded. Surface temperature Ts was obtained by averaging temperature 

readings of six thermocouples uniformly distributed on the test surface. A standard deviation of 
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1.5oC was observed on Ts readings across the plate spatially. Accordingly, the surface temperature 

can be treated as uniform. The ambient temperature To was logged using a thermocouple placed 

inside the wind tunnel.   

The power at steady state was obtained using equation 1.  Accounting for the conduction 

and radiation losses, the convection heat flux from the surface is calculated as: 

𝑞"
௖௢௡௩

=
𝒫

஺ೞ
− 𝑞"

௖௢௡ௗ
− 𝑞"

௥௔ௗ
  (6) 

Where As is the test plate projected surface area of 152.4mm by 152.4mm as shown in figure 2.4. 

This area does not include the side surface area of the ribs.  Accordingly, the average convection 

heat transfer coefficient is obtained as: 

ℎ =
௤"

೎೚೙ೡ

ೞ்ି ೚்
 (7) 

The corresponding Nusselt number is: 

𝑁𝑢 =
௛∙ௗ೐

௞
 (8) 

A total of 36 measurements of Nu were performed at each test conditions. 

The conduction heat losses 𝑞"
௖௢௡ௗ  were divided into lateral loss and downward loss. The lateral 

loss was significantly diminished due to the use of four guard plates surrounding the test plate and 

the loss was neglected. The downward loss was estimated as 1% of the power dissipated by the 

heater. This estimation was obtained through thermal resistances analysis for the upward and 

downward mediums enclosing the heater. The radiation loss was calculated, assuming the 

surrounding is at the initial jet temperature, as: 

𝑞"
௥௔ௗ

= 𝜀𝜎(𝑇௦
ସ − 𝑇௢

ସ)  (9) 

The surface emissivity ε value was found to be 0.76 with a standard deviation of  ±0.03.  This 

estimation was obtained by using FLIR SC600 Series High-Resolution LWIR Science-Grade 
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infrared camera where a portion of the test plate was painted with a black paint with a known value 

of εb= 0.94, while another portion remained unpainted. The emissivity of the plate was obtained 

as: 

𝜀 =
்ర

ೠ೙೛ೌ೔೙೟೐೏

்ర
್

∙ 𝜀௕ (10) 

Accordingly, the percentage of heat transfer due to radiation was found to vary from 2.5% to 7% 

of 𝒫 depending on the magnitude of the convection portion of heat transfer.   

2.2.4 Data Statistics and Uncertainty 

Confidence intervals were constructed for the measured values of Nu. For each test, 36 

measurements of Nu were recorded giving the mean value, standard deviation, and the 95% 

confidence interval. It was observed that the size of the confidence interval varied between 4% to 

5% of the estimated mean value of Nu.  

The sources of uncertainty in the measurement of Nu are listed in table. 2 with the 

respective uncertainty values. Parameters were selected based on the expression that was adopted 

to calculate Nu through the measurement of Voltage V, electrical resistance ℛ, and temperature 𝑇. 

The average Nusselt number Nu was obtained as: 

𝑁𝑢 =
௛ ௗ೐

௞
=

௏మ/ℛ

( ೞ்ି ೚்)஺ೞ
∙

ௗ೐

௞
 (11) 

Therefore, the uncertainty on 𝑁𝑢𝑎𝑣 was estimated as: 

𝑈௡(ಿೠ)
= ൜ቂ

డ

డ௏
(𝑁𝑢) ∙ 𝑈௡௏

ቃ
ଶ

+ ቂ
డ

డℛ
(𝑁𝑢) ∙ 𝑈௡ℛ

ቃ
ଶ

+ ቂ
డ

డௗ೐
(𝑁𝑢) ∙ 𝑈௡ௗ೐

ቃ
ଶ

+ ቂ
డ

డ்
(𝑁𝑢) ∙ 𝑈௡ ்

ቃ
ଶ

+

ቂ
డ

డ஺ೞ
(𝑁𝑢) ∙ 𝑈௡஺ೞ

ቃ
ଶ

+ ቂ
డ

డ௞
(𝑁𝑢) ∙ 𝑈௡௞

ቃ
ଶ

ൠ

భ

మ

 (12) 

The resulting value of estimated uncertainty Nuav was 7%. 
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 The 5% confidence interval value of the data and the 7% estimated uncertainty of the Nu 

are both indicators of the quality of the experiment and of the results produced. 

Table 2. 2: Sources of uncertainty for the grooved surface. 

# Source of uncertainty Value Unit 
1 Voltage measurement, 𝑈௡௏

 0.02% of measured 𝑉 volt  
2 Resistance measurement, 𝑈௡ℛ

 0.5% of of measured ℛ  ohm  
3 Temperature measurement, 𝑈௡ ்

 1.5 K  

4 Surface area measurement, 𝑈௡஺ೞ
 3.4×10-4    m2  

5 Thermal conductivity value, 𝑈௡௞
 1.3×10-4    W/(m-K)  

6 Orifice diameter measurement, 𝑈௡ௗ೐
 4×10-5   m  

 

2.3 Results and Discussion 

Experiments were performed at constant surface temperature Ts=42.8oC at which average 

convection heat transfer coefficients were obtained using equation 7.  The measured convection 

coefficients are then compared to the coefficients measured at the flat surface in [24] each under 

respective test conditions.   The ratio of diameter to groove depth de/e is 1.6 for array (a), 1.2 for 

arrays (b, d, e, and f) and 0.8 for array (c). See figure 2.2 for arrays.  

Figure 2.7, 2.9, and 2.11 depicts the variation of the average Nusselt number for the flat 

surface Nuflat with Rede for fixed Ao = 1.5% and varying H/de.  de is 2.81mm for figure 2.7, 4.22mm 

for figure 2.9, and 5.69mm for figure 2.11.  Figures 2.8, 2.10, and 2.12 show the improvement in 

heat transfer for grooved test plate (b) by plotting the ratio of Nugrooved/Nuflat versus Rede.  Figure 

2.13, 2.15, and 2.17 depicts the variation of the average Nusselt number for the flat surface Nuflat 

with Rede for fixed de = 4.22mm and varying H/de.  Ao is 1% for figure 2.13, 2% for figure 2.15, 

and 3% for figure 2.17. Reynolds number Rede is calculated based on the effective diameter de and 

jet velocity.  Experimental uncertainty is represented by bars plotted on each measurement.  
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2.3.1 The Effect of H/de 

Figures 2.5, 2.7, and 2.9 show the variation of Nu with Rede for the flat surface at different 

H/de ratios.  The Ao=1.5% for the figures, however, de is different for each figure as denoted. The 

figures show that Nuflat increases with increasing Rede and decreases with increasing H/de ratio. 

Nuflat is slightly higher for de=2.81mm as compared to de=5.69mm under similar Rede and H/de. 

Similar trends were observed for Nugrooved to increase with increasing Rede and decrease with 

increasing H/de ratio. Heat transfer improved for the grooved surface when compared with the heat 

transfer of the flat plate as shown in figures 2.6, 2.8, and 2.10.  A trend of higher improvement of 

heat transfer ranging from 40%~60% was observed at H/de =12. Higher improvement of heat 

transfer of is also observed at increasing Re at H/de = 7.18 compared to H/de = 5.4.  The latter two 

observations can be attributed to the lower prospect of stagnant air bubbles formation inside the 

grooves at higher H/de ratio as observed by Gau et al. [15]. They reported that at high H/de ratio 

the jet strikes the surface with higher level of turbulence causing the penetration of stagnant air 

bubbles inside the grooves. Such penetration promotes high momentum transfer and flow 

circulation inside the grooves and enhances heat transfer. However, in the case of low H/de ratio, 

the stagnant air bubbles form inside the grooves hindering momentum transfer and flow circulation 

and resulting in lower enhancement.  

2.3.2 The Effect of Diameter de 

The ratio of diameter to groove width de/p = 0.8 for figure 2.6, and de/p = 1.6   for figure 

2.10. Figure 2.6 shows a decreasing trend in the improvement of heat transfer verses Rede 

especially at low H/de. Such decrease can be attributed to increased obstruction by the ribs to the 

wall jet. This obstruction is because that the ribs becomes large relative to the jet causing enhance 
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loss in momentum [23].  The decrease in improvement is mitigated and reversed as de/p increases 

at which improvement becomes less sensitive to Rede as shown in figure 2.10.  

  

Figure 2. 5: Variation of Nu vs Rede for the flat plate, 
de=2.81mm, and Ao=1.5%. 

Figure 2. 6: Improvement on Nu due to grooves vs Rede 
de=2.81mm, and Ao=1.5%. 

 

 

Figure 2. 7: Variation of Nu vs Rede for the flat plate, 
de=4.22mm, and Ao=1.5%. 

Figure 2. 8: Improvement on Nu due to grooves vs Rede  
de=4.22mm, and Ao=1.5%. 
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Figure 2. 9: Variation of Nu vs Rede for the flat plate, 
de=5.69mm and Ao=1.5%. 

Figure 2. 10: Improvement on Nu due to grooves vs Rede for 
de=5.69mm, and Ao=1.5%. 

2.3.3 The Effect of Ao 

Figures 2.11, 2.13, and 2.15 shows the variation of Nu with Rede for the flat surface at 

different H/de ratios.  The de=4.22mm for the figures, however, Ao is different for each figure as 

denoted. The figures show that Nuflat increases with increasing Rede and decreases with increasing 

H/de ratio. Nuflat is higher for Ao=3% as compared to Ao=1% under similar Rede and H/de. Similar 

trends were observed for Nugrooved to increase with increasing Rede and increasing Ao and decrease 

with increasing H/de ratio. Heat transfer improved for the grooved surface when compared with 

the heat transfer of the flat plate as shown in figures 2.12, 2.14, and 2.16.  A trend of higher 

improvement in heat transfer at H/de = 12 was observed at all Ao values. It can be deduced from 

figurers 2.12, 2.14, and 2.16 that Nuflat/Nugrooved is slightly higher at Ao=3% compared to Ao=1%, 

and 2%. This can be attributed to the higher crossflow resulting from increased flow rate at Ao=3%. 

Another observation is the insensitivity of improvement in heat transfer to increased Rede at 

Ao=3%. 
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Figure 2. 11: Variation of Nu vs Rede for the flat plate at 
Ao=1% and de=4.22mm. 

Figure 2. 12: Improvement on Nu due to grooves vs Rede at 
Ao=1% and de=4.22mm. 

  

Figure 2. 13: Variation of Nu vs Rede for the flat plate at 
Ao=2% and de=4.22mm. 

Figure 2. 14: Improvement on Nu due to grooves vs Rede at 
Ao=2% and de=4.22mm. 
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Figure 2. 15: Variation of Nu vs Rede for the flat plate at 
Ao=3% and de=4.22mm. 

Figure 2. 16: Improvement on Nu due to grooves vs Rede at 
Ao=3% and de=4.22mm. 

2.3.4 The Effect of Jet Position 

To examine the effect of the position of the jets relative to the grooves on heat number of 

experiments were performed with two different position arrangements.  Jet array (e) with Ao = 1% 

and de = 4.22mm was used with test plate (b).  In the first arrangement, the orifices of the array 

were aligned in a position that allows the jets to impinge between the two grooves i.e. on the top 

of the ribs.  In the second, the jets impinged on the middle of the grooves i.e. between two ribs.  

Figure 2.17 shows the variation of Nusselt number with H/de for the above-mentioned 

arrangements with uncertainty represented by bar on each measurement. The figure shows that the 

results of the two different arrangements are statistically similar. Uncertainty is represented by 

bars placed on each measurement in the figure. 
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Figure 2. 17: Nugrooved vs H/de at Ao = 1%, de=4.22mm and Rede=1992 

 
2.3.5 The Effect of Groove Geometry 

The groove width on test plate (a) in figure 2.3 is 2.55mm. The plate was used with jet 

array (e) in figure 2.2 of Ao = 1% and de = 4.22mm to examine the effect of groove width on heat 

transfer. The results are shown in figure 2.18 where the variation of Nusselt number is plotted 

versus H/de at different Rede values.    It can be deduced that narrower grooves did not result in 

statistically significant changes in heat transfer.  Therefore, the width of the grooves has no 

significant effect on heat transfer for the above-mentioned arrangement of jets array and grooved 

plat. Uncertainty is represented by bars placed on each measurement in the figure. 
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Figure 2. 18: Nugrooved vs H/de at Ao = 1% and de=4.22mm 

The effect of grooves depth on heat transfer is depicted in figure 2.19 which shows the 

average Nusselt number verses H/de at two Rede for jets arrays (a) and (c) each was used with test 

plate (b).  Both jet arrays have Ao = 1.5% but de = 5.69mm for array (a) and de = 2.81mm for array 

(c).  A slight increase in Nugrooved is observed when groove depth increases from 3.56mm to 

7.11mm.  The increase in heat transfer is apparent at lower H/de values of 5.4 and 7.18 compared 

to H/de =12.  However, the increase in heat transfer is insignificant and falls within the uncertainty 

limits of the measurement.  Uncertainty is represented by bars placed on each measurement in the 

figure. 

 

 
 

 
 
 
 
 
 
 
 
 
 
 
 
 

Figure 2. 19: Nugrooved vs H/de at Ao = 1.5%, test plate (b), and jets array (a) and (c). 

 

2.4 Conclusion 
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grooves ranged from 95% to 194%, depending on the geometry, in comparison to the flat surface. 

However, heat transfer enhancement due to the grooves only ranged from 15% to 63% when 

compared to the flat surface results. Higher percentage of enhancement in heat transfer was 

observed in conditions of high H/de ratios, large orifice diameters, and jet velocities.  The relative 

position of the jets to the grooves showed no statistically significant effect on heat transfer.  

Examination of the effect of groove width and groove depth on heat transfer showed the effects to 

be insignificant. In a future study, similar approach will be followed but with the grooves 

containing water. The knowledge of the convection heat transfer will enable calculating 

evaporation rates. Therefore, the current study represents a rational intermediate step for the future 

study of jet impingement of a grooved surface containing water. 

Nomenclatures 

A Area(mଶ) 
d Diameter(m) 
e Groove depth 
H Orifice to surface distance(m) 
k Thermal conductivity(W/m- C୭ ) 
ṁ  Mass flow rate(kg/s) 
p Groove width 
q” Heat flux(W/mଶ) 
ℛ  Electrical resistance(ohm) 
T Temperature( C୭ ) 
U Velocity(m/s) 
𝑈௡஺ೞ

 Uncertainty in surface area(m2) 

𝑈௡ௗ೐
 Uncertainty in diameter(m) 

𝑈௡௞
 Uncertainty in thermal conductivity(W/m- C୭ ) 

𝑈௡ℛ
 Uncertainty in eelectrical resistance(ohm) 

𝑈௡௏
 Uncertainty in voltage (volts) 

V Voltage (volts) 
𝜐 Kinematic viscosity 
∆𝑝  Pressure difference(𝑃𝑎) 
ρ  Density(kg/mଷ) 
𝜎 Stefan-Boltzmann constant (𝜎 = 5.66961 × 10ି଼ 𝑊/𝑚ଶ ∙

𝐾ସ) 
Non-dimensional  
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Ao Open area percentage(%) 
ε  Emissivity 
N Number of Jets 
Nu Nusselt number (ℎ ∙ 𝑑௘/𝑘) 
n Number of experiments  
𝑈௡(ಿೠ)

 Uncertainity in Nusselt number 

Rede Reynolds number (𝑈௢ ∙ 𝑑௘/𝜐) 
Subscripts  
b Black body property 
cond Conduction 
conv Convection 
grooved Grooved surface property 
o Jet exit property 
rad Radiation 
s Surface Property 
w Water 
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Abstract 

A hybrid cooling technique approach was proposed by using air jets impinging on a 

grooved surface with the grooves containing water. The approached is and evaluated 

experimentally for its feasibility as an alternative for cooling towers of thermoelectric power 

plants. Convection heat and mass transfer coefficients were measured experimentally for variety 

of operation conditions of surface temperature, jet speed, stand-off distance between surface and 

jets, and open area percentage.  The heat and mass transfer analogy was successfully used to 

evaluate simultaneous heat and mass transfer.  Results showed that hybrid jet impingement 
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provided high magnitudes of heat flux at low jet speeds and flow rates with values greater than 

8,000W/m2. Values of coefficient of performance, defined as the ratio of heat transfer to fan power, 

larger than 3,000 were achieved.  This is an improved of 500% compared to jet impingement on a 

dry flat surface.  The coefficient of performance of hybrid jet impingement is 600% to 1,500% 

more than air-cooled condensers and wet cooling towers. Water use for hybrid jet impingement 

cooling is efficient since evaporation energy is absorbed from the surface directly instead of 

cooling air to near wet-bulb temperature. 

3.1 Introduction 

Rising ambient temperatures and water scarcity entail adverse consequences on thermal 

power generation.  The U.S. Geological Survey of 2010 estimated that thermoelectric power 

generation accounted to 38% of total freshwater consumption [1].  Thermoelectric plants that use 

water evaporation during cooling generated approximately 89% of the power in the United States 

in 1998 [2]. These rates of consumption entail a challenge to the field of thermoelectric power 

generation due to other competing uses for water such as domestic, industrial and agricultural.  The 

location of many power plants allows the use of the water of a sea, a river, or a lake for cooling.  

However, federal regulations now prohibit new power plants from using water reservoirs for 

cooling due to ecological considerations.  The only remaining option is the use of air as a sole 

coolant and/or cooling technologies with low water consumption.  

An essential part of a thermal power plant that is mostly impacted by rising ambient 

temperatures and water scarcity is the condenser.  This is because plant thermal efficiency 

increases at lower pressure and lower temperature condensation.  However, as the ambient 

temperature increases, the temperature difference between the condenser surface and the 

atmosphere decreases. In an air-cooled condenser (ACC), the decrease in temperature difference 
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decreases the heat rejection capacity of the condenser considerably and decreases the thermal 

efficiency of the plant.  Rising ambient temperatures caused incidents of shutdowns at power plants 

in the summers of 2011 and 2012 [3].  ACCs provide large surface area for heat transfer but 

correspond to relatively low heat transfer coefficients. Moreover, performance is limited by 

maldistribution of the air flow through the tube bundles [4], fin efficiency, and non-symmetric 

temperature fields.   Cooling towers are used in conditions where the access to water reservoir are 

either impossible, limited, or prohibited by the law.  Cooling towers are practical for heat rejection 

at higher ambient temperatures by mean of evaporation especially for landlocked arid locations.  

However, they use large quantities of water to make-up for evaporation in warmer climates [5] 

and require regular water recycling to limit the build-up of impurities.   

Bustamante et. al. [6] modeled the performance of ACC’s, reporting that a 68% increase 

in air-to-steam flow rate ratio reduced air-side thermal resistance by 66%.  However, the 

improvement in thermal performance was negated by the increased pressure drop and fan power.  

Air jet impingement was mentioned as a possibility for ACCs because the enhanced heat transfer 

, but he usual fan power requirements were too high. They proposed using a cooling tower with an 

ACC during high ambient temperatures to conserve water.  This idea can be implemented by either 

operating the ACC and the cooling tower as two separate units, or by the incorporation of an ACC 

section inside the cooling tower [7].   

Another option is to use evaporation techniques with ACCs such as cooling the inlet air-

side with direct sprays [8] or passing the air through wet towers.  In both arrangements, upstream 

air cools and approaches wet-bulb temperature before it exchanges heat with steam. Evaporation 

cooling can also be conducted by deluging the air-side surface with water [9]. Latent and sensible 

heat is rejected through this technique. Spraying and deluging evaporation techniques showed 
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major enhancement on the thermal performance when incorporated with ACCs.  However, a 

number of disadvantages are associated with these techniques.  Incomplete evaporation of the 

spray droplets is an issue that can decrease thermal performance [10]. The unevaporated droplets 

attached to the air-side surface of the condenser downstream and caused severe corrosion with 

continuous operation [11].  Droplets size is considered in a number of studies [12,13] to determine 

the rate of droplet evaporation in sprays.  Severe corrosion is also shown to be a major issue in the 

deluging approach [14]. Air-side surface coating and the use of  higher water quality are suggested 

to mitigate corrosion [15].  Also, deluging causes increased pressure drop with increased flooding 

rates [16]. 

A number of studies explored new ideas for totally dry air-cooled condensers.  A flapping 

vortex generator in a rectangular finned channel was numerically studied by Li et. al. [17].  The 

vortex generators are proposed to be mounted on an ACC air-side surface to enhance performance 

through introducing flow vortices.  They reported a 140% enhancement in heat transfer due to 

attaching a Young’s Modulus of 1 MPa vortex generator to a heat sink fin.  Benn et. al. [18] 

conducted an analytical study to evaluate the use of thermosyphons in steam condensers. The 

thermal performance of two condenser designs that use thermosyphons was evaluated individually 

and in combination with a conventional cooling tower. The phase change process in 

thermosyphons provided higher capacities for heat rejection. High coefficients of performance 

were analytically reported.  However, the performance of the thermosyphons can be compromised 

due to high ambient temperature as it is in the case of ACCs.  Yousef et. al. [19] studied refrigerants 

as  alternatives for steam condensation due to their low evaporation temperatures. They found that 

R-410 refrigerant performed superiorly, as compared to other refrigerants, in terms higher exergy 
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efficiency and energy rate.  However, an analysis of the refrigeration cycle energy consumption 

and its impact on the overall thermal efficiency of the plant was not reported.   

Microchannels cooling, and jet impingement are used to remove high rates of heat fluxes 

from electronics devices [20] and could be used for condensers, but rarely have in the past.  

Microchannel cooling has size limitations and is preferred for applications sizes of 0.07m by 0.07m 

or less as reported Lee and Vafai [21].  Jet impingement has been applied to a wide range of 

applications where high rates of heat and/or mass transfer are desired, especially for drying [22].   

The current study represents a new approach of using hybrid dry/wet jet impingement 

cooling on the condensers of thermal power plants. We propose an array of air jets impinging on 

the air-side of a grooved plate condenser surface with the grooves containing water.  The proposed 

approached is extremely rare on the literature.  One study that demonstrate the potential of 

combining jet impingement with evaporation was conducted by Narayanan et. al. [23].  They 

studied heat and mass transfer of a jet impinging on a nanoporous membrane containing a film of 

water for electronic cooling.  The study demonstrated the possibility of achieving high levels of 

heat flux at low jet speeds and water flow rates.  The aim of the current study is evaluating the 

feasibility of a hybrid jet impingement by quantifying heat transfer and associated energy and 

water consumptions.  A hybrid wet/dry jet impingement condenser would provide efficient dry 

and evaporative cooling in a single easy to operate unit.   

3.2 Experimental Model 

An array of jets at temperature To impinge on a grooved aluminum plate with water in the 

grooves is shown in figure 3.1. Water is contained in the grooves by means of gravity and the 

lateral heat transfer is restricted by insulation.  The plate is maintained at constant temperature Ts 

> To using a heater suppling power at a rate of qT. The heat is transferred from the top surface at 
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steady state conditions by means of convection, evaporation and radiation. Transfer mechanisms 

are occurring simultaneously on the dry and wet portions of the surface as denoted on the figure. 

The corresponding energy balance of the arrangement shown in figure 3.1 is: 

𝑞் = 𝑞௖௢௡௩,ௗ + 𝑞௥௔ௗ,ௗ + 𝑞௖௢௡௩,௪ + 𝑞௥௔ௗ,ௗ + 𝑞ா௩௔௣  (1) 

Where, 

𝑞௖௢௡௩,ௗ = ℎ ∙ 𝐴ௗ ∙ (𝑇௦ − 𝑇௢)  (2) 

𝑞௖௢௡௩,௪ = ℎ ∙ 𝐴௪ ∙ (𝑇௪ − 𝑇௢)  (3) 

𝑞௥௔ௗ,ௗ = 𝜀ௗ ∙ 𝜎 ∙ 𝐴ௗ ∙ (𝑇௦
ସ − 𝑇௢

ସ)  (4) 

𝑞௥௔ௗ,௪ = 𝜀௪ ∙ 𝜎 ∙ 𝐴௪ ∙ (𝑇௪
ସ − 𝑇௢

ସ)  (5) 

𝑞ா௩௔௣ = ℎ௠ ∙ 𝐴௪ ∙ 𝑖௙௚ ∙ (𝐶௪ − 𝐶௢)  (6) 

 

Figure 3. 1:  Energy balance and heat transfer mechanisms in hybrid jet impingement cooling. 

Where Ad and Aw are the dry and wet surface areas, respectively, normal to the direction of heat 

transfer. Also, ℎ, ℎ௠ and 𝑖௙௚ are the convective coefficients of heat, mass transfer and the latent 

heat of vaporization of water, respectively.  The emissivity of the dry and wet surfaces are denoted 

by 𝜀ௗ, and 𝜀௪, respectively. 𝜎 is Stefan-Boltzmann constant. 𝐶௪ and 𝐶௢ are the concentrations of 
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water in the air at the surface and at the jet opening, respectively. Both can be calculated, assuming 

equilibrium at the surface [24], as: 

𝐶௪ = ൬
ଵ

௩೒
൰

@ ்ೢ

  (7) 

And 

𝐶௢ = ൬
∅

௩೒
൰

@ ೚்

  (8) 

Where the Greek letter ∅ denotes the relative humidity. 

 Equation 1 can be simplified by number of assumptions such as: 1) Neglect radiation for 

low surface temperatures Ts, 2) assume Tw=Ts, 3) neglect wet surface curvature, and 3) use 

geometry of Ad=Aw.  Applying these assumptions to equation 1 results in: 

𝑞் = ℎ ∙ 𝐴௧ ∙ (𝑇௦ − 𝑇௢) + ℎ௠ ∙ 𝐴௪ ∙ 𝑖௙௚ ∙ (𝐶௦ − 𝐶௢)  (9) 

And  

𝑞்/𝐴௧  = ℎ ∙ (𝑇௦ − 𝑇௢) + ℎ௠ ∙
஺ೢ

஺೟
∙ 𝑖௙௚ ∙ (𝐶௦ − 𝐶௢)   (10) 

Where At is the summation of Ad and Aw.  Note that radiation should be considered for higher 

surface temperatures. It can be neglected at low surface temperatures 𝑇௦ < 100oC due to the small 

portion of 2% to 3% of heat transfer it accounts for at high convection and evaporation rates.  

The mass transfer analogy [25] for a simultaneous heat and mass transfer process can be 

used to relate the heat and mass transfer coefficients and further simplify equation 10. The analogy 

is applicable for temperatures not near the boiling temperature of the liquid, low gas-to-

evaporation flow rate ratios, and without dry out of the surface [26].  The convection heat and 

mass transfer coefficients can be related as: 

௛

௛೘
=

௞

஽ಲಳ∙௅௘೙
 (11) 
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Where 𝐷஺஻ is the mass diffusivity coefficient, 𝐿𝑒 is the Lewis number, and k is the thermal 

conductivity of the air.  Lewis number for a water-air mixture is given by: 

𝐿𝑒 =
ఈ

஽ೢషೌ
 (12) 

Where 𝛼 is the thermal diffusivity of air.  For the current range of temperatures, the value of 

𝐿𝑒ଶ/ଷ =  0.9, and  n = 1/3 for most applications [28].  Thus, the mass transfer coefficient can be 

calculated as: 

ℎ௠ = ℎ ቀ
஽ೢషೌ

௞
∙ 𝐿𝑒ଵ/ଷቁ (13) 

Substituting for hm in equation 10 gives: 

 𝑞்/𝐴௧  = ℎ ቂ(𝑇௦ − 𝑇௢) + ቀ
஽ೢషೌ

௞
∙ 𝐿𝑒ଵ/ଷቁ ∙

஺ೢ

஺೟
∙ 𝑖௙௚ ∙ (𝐶௦ − 𝐶௢)ቃ (14) 

From which the convection heat transfer coefficient is calculated: 

ℎ =
௤೅/஺೟

൤( ೞ்ି ೚்)ାቀ
ವೢషೌ

ೖ
∙௅௘భ/యቁ∙

ಲೢ
ಲ೟

∙௜೑೒∙(஼ೞି஼೚)൨
 (15) 

Water flow rate due to evaporation is calculated as: 

𝑚̇ா௩௔௣ = ℎ ∙ ቀ
஽ೢషೌ

௞
∙ 𝐿𝑒ଵ/ଷቁ ∙ 𝐴௪ ∙ (𝐶௦ − 𝐶௢) (16) 

Note that heat transfer in equation 14 can be achieved through evaporation even at high ambient 

temperature of Ts=To at ∅ < 100%.  Moreover, evaporation can still take place at ∅ = 100% at Ts 

> To due to difference in concentrations of water (Cs > Co) as described by equations 7 and 8.  The 

energy that is required for evaporation will be absorbed solely from the surface instead of the air 

as is the case in cooling towers. Such capability and flexibility encourage the application of the 

proposed approach in the condensers of thermal power plant for a single high capacity hybrid 

condensing unit. 

 The coefficient of performance CP can be used to evaluate the efficiency of the proposed 

approached.  CP is defined as the ratio of 𝑞் to fan power Pf as: 
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𝐶𝑃 =
௤೅ 

௉೑
 (17) 

Where 

𝑃௙ =
∀̇∙∆௣

ఎ೑
 (18) 

Where ∀̇, ∆𝑝, and 𝜂௙ are the air volumetric flow rate, pressure difference, and fan efficiency, 

respectively.  Fan efficiency is assigned a conservative value of 65%.  

3.3 Experimental Setup 

3.3.1 Apparatus  

The experimental apparatus for measuring the average surface heat transfer coefficient is 

depicted in figure 3.2. A wind tunnel was used to supply air for the experiment at varying jet speeds 

by regulating the power supplied to an axial flow fan. A manometer was used to measure the static 

pressure in a vicinity of the orifice opening inside the plenum, though not shown in the figure.  The 

appropriate ∆𝑝 was maintained to satisfy the required jet speed as described by the Bernoulli 

equation: 

𝑈௢ = ට
ଶ௱௣

ఘ
 (19) 

A pitot tube was used to measure the jet velocity for a random sample of jets at each orifices plate 

to insure uniform exist velocity. 
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         Figure 3. 2:  Abstract depiction of the experiment apparatus. 

Grooved test plates were mounted on an electric heater as depicted in figure 3.2.  

Rectangular grooves were milled into the surface of the 152.4mm by 152.4mm aluminum plates 

with dimensions as shown in figure 3.3. Water does not usually wet a surface uniformly. Therefore, 

the groove dimensions were chosen to ensure complete wetting of the surface. Levich [29] 

introduced an equation to calculate a capillary constant: 

𝜆 = ට
఍

ఘ∙௚
 (20) 

Where 𝜆 represents the characteristic length scale of the surface tension effects and 𝜁 is the surface 

tension of water. The typical value for water is a little less than 3 mm.  Consequently, groove 

widths of 3.56mm and 2.55mm were used and resulted in even wetting based on visual observation. 

The majority of experiments were performed with plate (b) in which each groove has a width and 

a depth of 3.56mm and a length of 147.3mm.  The geometry results in a total of 21 equally spaced 

grooves one of which is aligned transversely and used as a water supply groove as shown in figure 

3.4.   
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Figure 3. 3:  Test plates: a) Width=2.54mm and depth=3.556, b) Width and depth=3.556mm.  

Water covers 50% of the surface in plate (b) where  𝐴௪/𝐴௧=0.5.  Plate (a) has grooves that have 

the same depth and length as the plate (b) but a narrower width of 2.54mm.  This geometry resulted 

in 30 grooves with 𝐴௪/𝐴௧=0.5 for plate (a). 

Figure 3.4 shows a top view of test plate (b) where 14 T-type thermocouples were 

distributed and press fit into the plate surface in different locations. A number of the thermocouples 

were fit into the bottom of the grooves while some thermocouples were fit into the dry portion of 

the plate as shown. The distribution of the thermocouples in such manner is to ensure the 

uniformity of temperature measurement. Eight of the thermocouples were wired in parallel and 

supplied to a Eurotherm 810 PID temperature controller.  The controller was used with a 

Eurotherm 831 Silicon Control Rectifier (SCR) to supply power to the heater. Therefore, it is 

necessary to use a true-RMS voltmeter (HP-3486A) to measure the voltage to determine the power 

supplied to the heater. Once voltage 𝑉 was measured, the power was calculated as: 

𝒫 =
௏మ

ℛ
   (21) 
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Figure 3. 4: Top view of test Plates b with guard plates and thermocouples locations. 

Where ℛ is the electrical resistance of the heater. Temperature readings from the remaining six 

thermocouples were recorded individually using an NI-9214 DAQ system.  To minimize edge 

losses, four guard plates surrounded the test plate and were maintained at the same set-point 

temperature as the test plate using additional PID controllers and SCR’s.  The test plate and the 

guard plates were placed on a multilayer of insulation materials of wood and fiberglass to minimize 

the conduction losses.  

In performing the experiment, heated water is introduced to the transverse water supply groove 

which then flows to the remaining grooves. This is done to ensure minimal fluctuation of the 

surface temperature, while experimenting. 

Six different jet arrays were made by drilling circular holes in 1.6 mm (1/16”) aluminum 

plates. The open area Ao is the ratio between the area of the orifices and the test plate surface area. 

The additional side surface area of the grooves are not included and Ao is calculated as: 

𝐴௢ =
஼ವ∙ே∙

ഏ

ర
ௗమ

஺ೞ
 (22) 

Where N is the total number of jets in the array and CD is the discharge coefficient.  
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As shown in figure 3.5, three of the arrays, a to c, have the same value of the open area Ao =1.5% 

but at different orifice diameters of 3.18mm, 4.76mm, and 6.35mm.  The diameter of orifices in 

the remaining arrays, d to f, was fixed at 4.76mm while the value of 𝐴௢ was varied with values of 

1%, 2%, and 3%. 

 

Figure 3. 5:  Jets array: (a) to (c), Ao=1.5% with different diameters, (d) to (f), d=4.76mm with variable Ao. 

The number of orifices and the configuration in each array is given by: 

𝑁 =
஺೚∙஺ೞ

஼ವ∙
ഏ

ర
∙ௗ೐

మ (23) 

The arrays were fabricated in a CNC mill to ensure that all orifices in each plate have the same 

geometrical characteristics. 

Most jet arrays are produced using orifices in thin plates with discharge coefficients of CD 

between 0.75 to 0.85, because of the contraction of the flow as it turns through the orifice. This 

gives an effective diameter of: 

𝑑௘ = 𝑑ඥ𝐶஽ (24) 
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Although shown to be important to the resulting heat transfer [30], many jet array studies overlook 

this effect. To measure CD, water flow was used for a sample of n orifices in each array.  The 

Reynolds number based on the orifice diameter Red was used to match air and water velocities. 

Reynolds number ranged from 4,070 to 12,210.  The corresponding water head was maintained at 

a prescribed level by regulating water flow to the container with the orifice plate beneath it. Water 

was allowed to flow through the selected orifice and the flow rate of water 𝑚̇௪ was measured using 

an electronic weight scale and a timer. The discharge coefficient then was calculated as: 

𝐶஽ =
௠̇ೢ

ఘೢ∙
ഏ

ర
∙ௗమ∙௎೚,ೢ

మ (25) 

Table 1 shows the measured discharge coefficients for the three different orifice sizes and resulting 

effective diameter.  Cd was observed to be independent of Red. 

Table 3. 1: Discharge coefficients, CD 

 
 

 

 

 
 

3.3.2 Procedure and Data Reduction 

When gas jets strike  liquid surfaces they have been shown to cause the liquid to deform, 

dimple, and splash [30].  Moreover, droplets can escape the liquid surface due to horizontal and 

vertical liquid oscillations, liquid shearing due to gas stream, entrainment of liquid into the gas jet, 

and liquid surface ripples [32,33]. The gas jets were also shown to induce vortices within the liquid 

and detailed structures of such vortices have been numerically and experimentally reported.  

Therefore, the maximum jet speed and minimum stand-of distance at which splashing of water in 

d(mm) 
# of 

experiments
CD 

CD 
standard 
deviation

de(mm) 

3.18 6 0.784 0.003 2.81 

4.76 6 0.785 0.005 4.22 

6.35 6 0.802 0.002 5.69 
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the grooves occurs was experimentally observed and avoided. A majority of the experiments were 

performed on test plate (b) in figure 3.2.  For each jet array in figure 3.5, jet velocities Uo of 5m/s, 

7.5m/s, and 10m/s, were used. At each Uo, three stand-off distance ratios H/de of 5.4, 7.18, and 12 

were used. Experiments were performed, for the mentioned test variables, at two surface 

temperatures Ts of 25oC (ambient) and 42.8oC.  Relative humidity  ∅ was not controlled, but was 

recorded using WT Meter - Digital Psychrometer. Nine experiments were performed on test plate 

(a) to explore the effect of grooves width on heat transfer.  The resulting total number of 

experiments performed was 117. 

 Average heat transfer coefficients were obtained through the measurement of power 

supplied to the heater under a given Ts, Ao, Uo and H/de ratio. The power was controlled to sustain 

the surface temperature Ts of the test plate.  The system required an average of 45 minutes to reach 

steady state. A temperature standard deviation of 1.5oC in Ts, between the six thermocouples 

mounted in the plate was observed. At the steady state condition, surface temperature Ts, air 

temperature To, relative humidity ∅, voltage V, and electrical resistance ℛ were logged. The 

electrical power 𝒫 supplied to the heater was calculated using equation 21. The resulting heat flux 

was calculated as: 

𝑞" = 𝒫/𝐴௧ (26) 

Note that q” can be equated to 𝑞்/𝐴௧ in equation 10.  Therefore, the average convection heat 

transfer coefficient was calculated as: 

ℎ =
௤"

൤( ೞ்ି ೚்)ାቀ
ವೢషೌ

ೖ
∙௅௘భ/యቁ∙

ಲೢ
ಲ೟

∙௜೑೒∙(஼ೞି஼೚)൨
 (27) 

Where the values of 𝐷௪ି௔, 𝑘, 𝐿𝑒, 𝐶௪, and 𝐶௢ were calculated based on the measured Ts and To.  

The average Nusselt number based on the effective jet diameter de is: 
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𝑁𝑢 =
௛∙ௗ೐

௞
 (28) 

The above-mentioned procedure was repeated 36 times and performed for each reported 

measurement. 

The conduction heat losses q”cond were divided into lateral loss and downward loss. The 

lateral loss was significantly diminished due to the use of four guard plates surrounding the test 

plate and the loss was neglected. The downward loss was estimated as less than 1% of the power 

dissipated by the heater. This estimation was obtained through thermal resistance analysis for the 

upward and downward mediums enclosing the heater. The radiation losses were divided into losses 

from the dry portion of the test plate and the wet portion of the plate. For Ad=Aw, the radiative heat 

loss per unit area, neglecting radiation from the side surfaces of the grooves, is calculated as: 

𝑞"
௥௔ௗ

= 𝜎 ∙ [𝜀ௗ ∙ (𝑇௦
ସ − 𝑇௢

ସ) + 𝜀௪ ∙ (𝑇௪
ସ − 𝑇௢

ସ)] (29) 

The water emissivity 𝜀௪ was estimated to be 0.96 [36].  The dry surface emissivity εd value was 

found to be 0.76.  This estimation was obtained by using FLIR SC600 Series High-Resolution 

LWIR Science-Grade infrared camera where a portion of the test plate was painted with a black 

paint with a known value of εb= 0.94, while another portion remained unpainted. The infrared 

picture of the plate indicated the different temperatures for the painted and unpainted portions of 

the plate. Accordingly, the emissivity of the plate was obtained as: 

𝜀ௗ =
்ర

ೠ೙೛ೌ೔೙೟೐೏

்ర
್

∙ 𝜀௕ (30) 

The percentage of heat transfer due to radiation was found to vary from 1.1% to 3.6% of 𝒫/At 

depending on the magnitude of the convection and evaporation portions of heat transfer. 

3.3.3 Data Statistics and Uncertainty 

Confidence intervals were constructed for the measured values of Nu. For each test, 36 

values of Nu were recorded to give the mean value, standard deviation, and the 95% confidence 
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interval. It was observed that the size of the confidence interval varied between 6% to 7% of the 

estimated mean value of Nu.  

 The sources of uncertainty in the measurement of Nu are listed in table. 2 with the 

respective uncertainty values. Parameters were selected based on the expression that was adopted 

to calculate Nu such as: 

𝑁𝑢 =
௛ ௗ೐

௞
=

௏మ/ℛ

൤( ೞ்ି ೚்)ାቀ
ವೢషೌ

ೖ
∙௅௘భ/యቁ∙

ಲೢ
ಲ೟

∙௜೑೒∙(஼ೞି஼೚)൨
∙

ௗ೐

௞∙஺೟
 (31) 

Therefore, the uncertainty on 𝑁𝑢 was estimated as: 

𝑈௡(ಿೠ)
= ቊቂ

డ

డ௏
(𝑁𝑢) ∙ 𝑈௡௏ቃ

ଶ
+ ቂ

డ

డℛ
(𝑁𝑢) ∙ 𝑈௡ℛቃ

ଶ
+ ቂ

డ

డௗ೐
(𝑁𝑢) ∙ 𝑈௡ௗ೐

ቃ
ଶ

+ ቂ
డ

డ்
(𝑁𝑢) ∙ 𝑈௡ ்ቃ

ଶ
+ ቂ

డ

డ஺೟
(𝑁𝑢) ∙

𝑈௡஺೟
ቃ

ଶ
+ ቂ

డ

డ஺ೢ
(𝑁𝑢) ∙ 𝑈௡஺ೢ

ቃ
ଶ

+ ቂ
డ

డ௞
(𝑁𝑢) ∙ 𝑈௡௞ቃ

ଶ
+ ቂ

డ

డ(஽ೢషೌ)
(𝑁𝑢) ∙ 𝑈௡(஽ೢషೌ)ቃ

ଶ
+ ൤

డ

డ൫௜೑೒൯
(𝑁𝑢) ∙

𝑈௡൫௜೑೒൯
൨

ଶ

+ ቂ
డ

డ(஼ೞ)
(𝑁𝑢) ∙ 𝑈௡஼ೞ

ቃ
ଶ

+ ቂ
డ

డ(஼೚)
(𝑁𝑢) ∙ 𝑈௡஼೚

ቃ
ଶ

ቋ

భ

మ

   (32) 

Note the dependence on temperature of the uncertainties of 𝐷௪ି௔, 𝑘, 𝐶௦, and 𝐶௢. The dominant 

uncertainty source is thus the temperature. The resulting value of uncertainty in Nu was found to 

be 8%-10%. 

 The confidence interval value of the data and the estimated uncertainty of the Nu are both 

indicators of the quality of the experiment and of the results produced. 

Table 3. 2: Uncertainty sources for the wet grooved surface.  

# Source of uncertainty Value Unit 
1 Voltage measurement, 𝑈௡௏

 0.02% of measured 𝑉 volt 
2 Resistance measurement, 𝑈௡ℛ

 0.5% of measured ℛ  ohm 
3 Temperature measurement, 𝑈௡ ்

 1.5 K 

4 Surface area measurement, 𝑈௡஺ೢ,೟
 3.4×10-4    m2 

5 Thermal conductivity value, 𝑈௡௞
 1.3×10-4 W/(m-K) 

6 Orifice diameter measurement, 𝑈௡ௗ೐
 4×10-5 m 

7 Mass diffusivity uncertainty, 𝑈௡(஽ೢషೌ) 0.04×10-5 m2/s 

8 Water concentration at the surface 𝑈௡஼ೞ
 7.33×10-7 kg/m3 

9 Water concentration in jet air 𝑈௡஼೚
 5.06×10-7 kg/m3 
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10 Water latent heat uncertainty 𝑈௡൫௜೑೒൯
 5.6 kJ/kg 

 

3.4 Results and Discussion 

For a prescribed Uo, Ao, and H/de, experiments were performed at two surface temperatures 

Ts=42.8oC and Ts=To.  At Ts=To, heat transfer occurs solely due to evaporation since convection 

is zero and, thus, 

𝑞ா௩௔௣ = 𝒫 (33) 

And accordingly, convection mass transfer coefficient is simply: 

ℎ௠ =
𝒫

஺ೢ∙௜೑೒∙(஼ೢି஼೚)
 (34) 

The mass transfer coefficient was used to calculate the evaporation rate and to obtain the respective 

heat transfer coefficient using equation 13.  For Ts=42.8oC, the convection heat transfer coefficient 

and respective Nu are obtained using equation 27 and 28, respectively.  The results are then 

compared to convection heat transfer coefficients and Nusselt numbers that were obtained at Ts=To 

and similar Uo, Ao, and H/de. Moreover, Nu numbers will be compared to Nu numbers of jet 

impingement on dry grooves at Ts=42.8oC (part-I of the study). The purpose of this comparison is 

to test the validity of the heat and mass transfer analogy under different operating conditions. 

 Figures 3.6 to 3.9 show the variation of average Nu against H/de for jet arrays (a), and (c) 

(as shown in figure 3.5).  The Ao for the arrays is 1.5%, however, de is 5.69mm for array (a), and 

2.81mm for array (c).  Reynolds number Rede for Uo values of 5m/s and 10m/s is shown in the 

figure.  Nusselt number results are presented for experiments of wet surface at Ts=To, wet surface 

at Ts= 42.8oC and dry grooves at Ts=42.8oC. Experimental uncertainty is represented by bars 

plotted on each measurement. The number of jets increases as de decreases for a fixed Ao.  the 

figures show that the Lewis relation, equation 13, provided reasonable prediction accuracy for h 
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from of the knowledge of hm or vice versa. Results of Nu, obtained at wet and dry surfaces, fall 

within the uncertainty limits under for the denoted test conditions. The prediction accuracy is 

improved for lower jet speeds Uo and lower diameters de. Nu results showed usual trends of jet 

impingement even when evaporation is involved.  Nu decreased with increasing H/de ratio and 

increased with increasing Rede. Such observations make the proposed approach robust and simple 

in prediction of a hybrid dry/wet heat transfer process. The latter does not apply to other hybrid 

cooling techniques such spray and mist cooling in which heat transfer modes are extremely 

complex and interdependent as reported by Cheng et. al. [37]. 

  

Figure 3. 6: Nu vs H/de for de=2.81mm, Ao=1.5%, Uo=5m/s, 
and Rede=889. 

Figure 3. 7: Nu vs H/de for de=5.69mm, Ao=1.5%, Uo=5m/s, 
and Rede=1,780. 
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Figure 3. 8: Nu vs H/de for de=2.81mm, Ao=1.5%, 
Uo=10m/s, and Rede=1,780. 

Figure 3. 9: Nu vs H/de for de=5.69mm, Ao=1.5%, 
Uo=10m/s Rede=3,560. 

Figures 3.10 to 3.13 show the variation of the average Nu with H/de for jet arrays (d), and 

(f) (as shown in figure 3.5).  The diameter de is 2.81mm for all the arrays, however, Ao is 1% for 

array (d), and 3% for (f).  The Rede for jet speeds 5m/s and 10m/s is shown in the figure. Nusselt 

number results are presented for experiments of wet surface at Ts=To, wet surface at Ts= 42.8oC 

and dry at Ts=42.8oC. Experiment uncertainty is represented by bars plotted on each measurement. 

Number of jets increase as Ao increases for a fixed de. The prediction accuracy of the mass transfer 

analogy is shown to increase for lower Ao percentages and lower Uo.  However, all results are 

within the uncertainty limits of the experiments excepts for figure 3.13. The figures show Nu to 

increase as Ao, and Uo increase as expected in jet impingement cooling. 
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Figure 3. 10: Nu vs H/de for de=4.22mm, Ao=1%, Uo=5m/s, 
and Rede= 1,335. 

Figure 3. 11: Nu vs H/de for de=4.22mm, Ao=3%, Uo=5m/s, 
and Rede= 1,335.. 

  

Figure 3. 12: Nu vs H/de for de=4.22mm, Ao=1%, Uo=10m/s, 
and Rede= 2,670. 

Figure 3. 13: Nu vs H/de for de=4.22mm, Ao=3%, 
Uo=10m/s, and Rede= 2,670.. 

The relative humidity ∅ in the room was not controlled and varied from one day to another.  

Consequently, experimentally measured heat transfer coefficients were used to analytically 

calculate qT/At at a ∅ = 50%, Ts=45oC, and To=25oC as given by equation 14. The resulting heat 

fluxes values are compared in figures 3.14 to 3.15. The Ao for the arrays is 1.5%, however, de is 

different as denoted.  As shown in the figure 3.15, the highest achieved q” is 7,400W/m2. Heat 

flux q” increased as de decreased from 5.69mm to 2.81mm at the same test conditions. It can be 

observed that at low Uo=5m/s, q” increased by 30%-44% when de decreased from 5.69mm to 
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2.81mm. However, at Uo=10m/s, q” increased by only 18%-29% when de decreased by half. This 

means that heat transfer is more efficient at smaller de and/or lower Uo. The latter mentioned trend 

was observed for jet impingement cooling of flat surfaces [38]. 

  

Figure 3. 14: q” for hybrid impingement cooling at 
d=2.81mm, Ts=45oC, To=25oC, Ø=50%, and Ao=1.5%. 

Figure 3. 15: q” for hybrid impingement cooling at 
d=5.69mm, Ts=45oC, To=25oC, Ø=50% and Ao=1.5%. 

Figures 3.16 and 3.17 shows q” variation with open area Ao for hybrid wet/dry jet 

impingement cooling.  Jet speeds Uo are 5m/s and 10m/s and de=4.76mm. As shown in the figure 

3.17, highest achieved q” is 8,230W/m2.  Increased Ao value increases the air flow rate at constant 

speed linearly.  q” increases as Ao increases at both jet speeds of 5m/s and 10m/s. It can be observed 

that at Ao=3%, q” increased by about 18% when H/de decreased from 12 to 5.4.  However, at 

Ao=1%, heat flux only increased by about 8% as H/de decreased from 12 to 5.4.  Also, at H/de=12, 

q” increased by 30%-42% as Ao tripled. This in comparison to 40%-55% increase in q” when Ao 

increased from 1% to 3% at H/de=5.4.  From these observations it can be concluded that heat 

transfer is more receptive to changes in H/de at higher Ao percentages.  Similar trends were 

observed for jet impingement cooling of flat surfaces [38]. 
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Figure 3. 16: q” vs Ao for hybrid jet impingement cooling at 
d=2.81mm, Ts=45oC, To=25oC, Ø=50%, H/de=5.4, and 

de=4.22mm.  

Figure 3. 17: q” vs Ao for hybrid impingement cooling at 
d=2.81mm, Ts=45oC, To=25oC, Ø=50%, H/de=12, and 

de=4.22mm. 

Figures 3.18 to 3.21 show the improvement of heat transfer for two hybrid wet/dry jet 

impingement cooling obtained at two Uo values of 5m/s and 10m/s.  q” for the hybrid regime is 

compared to q” of jet impingement cooling of a dry flat surface reported in [38].  Figures 3.18 and 

3.19 show q” variation with H/de at Ao=1.5% for two de values as denoted.  Figures 3.20 and 3.21, 

show q” variation with H/de at de=4.76mm and different Ao values.  It can be observed that heat 

flux increases on a dry grooved surface is 15%-50% higher than q” of jet impingent a flat surface.  

Part-I of this study address in details jet impingement cooling of a dry grooved surface.  The figures 

show that q” of jet impingement on a wet grooved surface increased by a remarkable 500% in 

comparison to flat surface q”. The 500% increase was observed for all the test parameters that are 

denoted on the figures. 
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Figure 3. 18: heat transfer improvement vs H/de for 
de=2.81mm, Ao=1.5%, and Uo=5m/s, 10m/s. 

Figure 3. 19: heat transfer improvement vs H/de for 
de=5.69mm, Ao=1.5%,  and Uo=5m/s, 10m/s. 

  

Figure 3. 20: heat transfer improvement vs H/de for 
de=4.22mm, Ao=1%, and Uo=5m/s, and 10m/s. 

Figure 3. 21: heat transfer improvement vs H/de for 
de=4.22mm, Ao=3%, and Uo=5m/s, and 10m/s. 

The coefficient of performance CP was used to evaluate the efficiency of hybrid jet 

impingement cooling.  CP is the ratio of heat transfer to fan power as described by equation 17.  

Figures 3.22 and 3.23 show the CP values obtained at two Uo values of 5m/s and 10m/s, Ts=45oC, 

To=25oC, and 50% relative humidity.  The highest Achieved CP value is 3,130 at de=2.81mm, 

Uo=5m/s, Ao=1.%, Ts=45oC, To=25oC and ∅=50%. For the same Uo, CP increased by 26%-30% 

when de decreased by half at H/de=5.4.  This compares to a 44% increase in CP at the same Uo 

with H/de=12.  A notable decrease of 80% in CP was observed when Uo increased from 5m/s to 
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10m/s at the same de and h/de ratio because of the huge increase in fan power. In [38], the CP 

values of jet impingement cooling of a flat surface where compared to CP values of ACCs and 

cooling towers.  Jet impingement offered a significant 300% improvement in CP.  In the current 

study, CP values for the hybrid jet impingement showed an average of 500% improvement when 

compared to jet impingement cooling of a dry flat surface.  This means that the hybrid jet 

impingement cooling can achieve an improvement on CP of ACCs and of the magnitude of 

1,500%.  This is compared to improvements of 68% [6], 140% in [17], 700% in [15] and a 

maximum CP value of 423 in [18]. Consequently, hybrid jet impingement can provide an efficient 

high capacity alternative for steam condensers of thermoelectric power plants. 

  

Figure 3. 22: CP  vs H/de for de=2.81mm, Ao=1.5%, and 
Uo=5m/s, 10m/s. 

Figure 3. 23: CP  vs H/de for de=5.69mm, Ao=1.5%, and 
Uo=5m/s, 10m/s. 

Water consumption of wet cooling towers are presented and analyzed in [39] for power 

plants in different sites and different operation conditions. The study reported that water 

consumption for the cooling tower in a 500MW combined cycle plant ranges from 2,250 to 2,800 

gallon/minute (gpm).  For thermal efficiency of 51%, the condenser cooling load is 480.4MW. 

The consumption rates can be presented in terms of power generated as 4.5 to 5.6 gpm/MW.  For 

hybrid jet impingement, water consumption for the case of highest CP=3,130 ratio will be 

0

1000

2000

3000

3 6 9 12

CP

H/de

Uo=5m/s
Uo=10m/s

0

1000

2000

3000

3 6 9 12

CP

H/de

Uo=5m/s
Uo=10m/s



 

 75

calculated in terms of gpm/MW, using equation 10, for jet speed Uo=5m/s, de=2.81mm, Ao=1.5%, 

H/de=5.4, Ts=45oC, To=25oC, and ∅=45%. the heat flux q”= 5,413W/m2 and the required heat 

transfer area for 480.4MW load is 88,739.1m2.  Evaporation accounts for 81% of q” and the 

respective water consumption is 2,541.6gpm calculated using 17. This rate can be presented as 

5.04 gpm/MW. This consumption rate is comparable to the consumption in cooling towers with 

high air flow rates and 330 < CP < 450 as reported in [39].  Because CP>3,000 for the hybrid jet 

impingement, hybrid jet impingement would require 80% less fan power. Evaporation can occur 

for Ts=To for ∅ < 100% and, also, at ∅=100% for Ts>To due to the different water concentration 

between air and the concentration at the surface. In cooling towers evaporation is constrained by 

the wet-bulb temperature with spray techniques. 

3.5 Conclusion 

A new approach of hybrid jet impingement cooling was proposed as an alternative for 

steam condensers of thermoelectric power plants. Jets cooled a grooved surface at a constant 

temperature with the grooves containing water. The mass transfer analogy provided accurate 

predictions for the simultaneous process of heat and mass transfer. High magnitudes of heat flux 

were observed at low jet speeds and flow rates using hybrid jet impingement cooling.  Similar heat 

transfer behavior to jet impingement on a flat surface was observed for hybrid jet impingement as 

q” changes with changing operation conditions. Heat transfer of hybrid jet impingement showed 

500% improvement as compare to jet impingement on a flat surface.  Hybrid jet impingement 

showed 600% to 1,500% improvement on the thermal performance as compared to air-cooled 

condensers and wet cooling towers.  The proposed approach allows the efficient use of water since 

evaporation energy is absorbed from the steam and not used to cool air as in conventional 

evaporative cooling techniques.  Hybrid jet impingement cooling is not constrained by the wet-
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bulb temperature as it is the case for cooling towers, spray cooling, and mist cooling.  The results 

encourage the application of hybrid jet impingement to the condensers of thermoelectric power 

plants and other related fields such as air-conditioning and refrigeration. 

Nomenclatures 

A Area(mଶ) 

d Diameter(m) 

C Water concentration(kg/m3) 
𝐷஺஻ Binary diffusion coefficients(m2/s) 
𝐷௪ି௔ Water-air diffusion coefficients(m2/s) 
𝑔 Gravitational acceleration(m/s2) 
ℎ Heat transfer Coefficient(m2/s) 
H Orifice to surface distance(m) 

ℎ௠ Mass transfer Coefficient(m2/s) 
𝑖௙௚ Latent heat of evaporization(J/kg) 
k Thermal conductivity(W/m- C୭ ) 

𝐿𝑒 Lewis number 
ṁ  Mass flow rate(kg/s) 

𝑃௙ Fan power(W) 
𝑝 Pressure(Pa) 
q Heat transfer(W) 
qT Total Heat transfer(W) 
q” Heat flux(W/mଶ) 

ℛ  Electrical resistance(ohm) 

T Temperature( C୭ ) 

U Velocity(m/s) 

𝑈௡஺
 Uncertainty in surface area(m2) 

𝑈௡஼೚
 Uncertainty in water concentration in jet air(kg/m3) 

𝑈௡஼ೞ
 Uncertainty in water concentration at the surface(kg/m3) 

𝑈௡ௗ೐
 Uncertainty in diameter(m) 

𝑈௡(஽ೢషೌ) Uncertainty in mass diffusivity coefficient(m2/s) 
𝑈௡௞

 Uncertainty in thermal conductivity(W/m- C୭ ) 

𝑈௡ℛ
 Uncertainty in eelectrical resistance(ohm) 

𝑈௡ ்
 Uncertainty in temperature measurement(oC) 
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𝑈௡௏
 Uncertainty in voltage (volts) 

V Voltage (volts) 

∀̇ Air volumetric flow rate(m3/s),  ∀̇= [𝐴௦ ∙ 𝐴௢] ∙ 𝑈௢ 
𝜐 Kinematic viscosity(N/m2) 

𝑣௚ Vapor specific volume(m3/kg) 
∆𝑝  Pressure difference(𝑃𝑎) 

𝛼 Thermal diffusivity(m2/s) 
𝜁 Water surface tension(N/m) 
ρ  Density(kg/mଷ) 

𝜎 Stefan-Boltzmann constant (𝜎 = 5.66961 × 10ି଼ 𝑊/𝑚ଶ ∙ 𝐾ସ) 

Non-dimensional  

Ao Open area percentage(%) 

CD Discharge coefficient 
CP Coefficient of performance 
ε  Emissivity 

𝐿𝑒 Lewis number(
ఈ

஽ೢషೌ
) 

N Number of Jets 

Nu Nusselt number (ℎ ∙ 𝑑௘/𝑘) 

n Power factor  

𝑈௡௅௘
 Uncertainty in Lewis number 

𝑈௡(ಿೠ)
 Uncertainty in Nusselt number 

Rede Reynolds number (𝑈௢ ∙ 𝑑௘/𝜐) 

𝜂௙ Fan efficiency 
∅ Relative humidity 
Subscripts  

b Black body property 

cond Conduction 

conv Convection 

d Dry 
e Effective  
Evap Evaporation 
Flat  
o Jet exit property 

rad Radiation 
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s Surface Property 

t Total 
w Water 
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CONCLUSIONS 

Jet impingement cooling experiments were conducted on a flat surface in a manner that 

imitate a condensation process. The results were used to show that jet impingement is a viable and 

efficient alternative to A-frame ACC’s and wet cooling towers.  An efficient heat transfer process 

results in high exhaust temperatures, which results in a decrease in heat transfer due to entrainment 

of the exhaust by the jets. This effect was modeled and included in a correlation for jet 

impingement heat transfer.  The correlation yielded good prediction accuracy particularly at 

conditions where entrainment effects are dominant. The findings of the experiment strongly 

suggest that jet impingement is an alternative that can provide higher rates of heat transfer at lower 

fan power requirements. Cooling performance CP provides an easy quantification of cost-to-

benefit of the system. Much higher CP values where demonstrated for jet impingement systems 

than typical current condensers.  

Array jet impingement on a constant temperature surface with rectangular grooves resulted 

on enhancement of heat transfer in comparison to impingement on flat Surface. This was observed 

experimentally in this study with results uncertainty of 7%.  The increase in surface area due to 

the grooves ranged from 95% to 194%, depending on the geometry, in comparison to the flat 

surface. However, heat transfer enhancement due to the grooves only ranged from 15% to 63% 

when compared to the flat surface results. Higher percentage of enhancement in heat transfer was 

observed in conditions of high H/de ratios, large orifice diameters, and jet velocities.  The relative 

position of the jets to the grooves showed no statistically significant effect on heat transfer.  

Examination of the effect of grooves width and grooves depth on heat transfer showed the effects 

to be insignificant.  
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A new approach of hybrid jet impingement cooling was proposed as an alternative for 

steam condensers of thermoelectric power plants. Jets cooled a grooved surface at a constant 

temperature with the grooves containing water. The mass transfer analogy provided accurate 

predictions for the simultaneous process of heat and mass transfer. High magnitudes of heat flux 

were observed at low jet speeds and flow rates using hybrid jet impingement cooling.  Similar heat 

transfer behavior to jet impingement on a flat was observed for hybrid jet impingement as q” 

changes with changing operation conditions. Heat transfer of hybrid jet impingement showed 

500% improvement as compare to jet impingement on a flat surface.  Hybrid jet impingement 

showed 600% to 1,500% improvement on the thermal performance as compared to air-cooled 

condensers and wet cooling towers.  The proposed approach allows the efficient use of water since 

evaporation energy is absorbed from the steam and not used to cool air as in conventional 

evaporative cooling techniques.  Hybrid jet impingement cooling is not constrained by the wet-

bulb temperature as it is the case for cooling towers, spray cooling, and mist cooling.  The results 

encourage the application of hybrid jet impingement to the condensers of thermoelectric power 

plants and other relative fields such as air-conditioning and refrigeration. 

 

 


