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AIR-OIL MIST LUBRICATION OF SMALL BORE

BALL BEARINGS AT HIGH SPEEDS

by

Francis Douglas Pinckney
ABSTRACT

Deep groove and angular contact 25 and 30 mm bore ball bearings
were tested to high speeds using air-oil mist 1lubricationm. Test
conditions included cooling air flow rates of 1.5, 3.0, and 6.0 scfm
(0.05, 0.10, and 0.20 kg/min), thrust loads of 50, 75, and 100 1b (222,
334, and 445 N), and a constant radial load of 25 1b (111 N). Steady-
state’ bearing outer race temperature was recorded at various speeds
under each set of test conditionms.

Maximum DN values of 1.9 x 106, 1.5 x 106, 1.4 x 106, and 1.26 x
106 were achieved on the 30 mm deep groove, the 25 mm deep groove, the
25 mm angular contact, and the 30 mm angular contact bhearings,
respectively., Tests were usually terminated when the stabilized outer
race temperature reached approximately 200°F (366 K) although the 30 mm
deep groove bearing was operated to 240°F (389 K).

A cooling air flow rate of 1.5 scfm (0.05 kg/min) was judged not
adequate for high speed bearing operation under the tested conditioms.

An outer-race temperature prediction equation, based on a
regression analysis of the test results, 1is presented for each test

bearing.
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I. INTRODUCTION

High speed ball bearings are used in many applications such as gas
turbines, superchargers, and machine tool spindles where increasingly
higher speeds are being required to meet performance objectives. Air-
craft gas turbine engine development, in particular, has spurred much of
the recent research in high speed bearings [1]*. This research, along
with continued work by precision bearing manufacturers, has resulted in
the availability of bearings with improved speed ratings. Still, bear-
ing catalog speed ratings are generally conservative estimates based on
past experiences for normal applications [2]. Adequate lubrication and
cooling are critical factors in meeting or exceeding the catalog speed
1imit for properly installed precision ball bearings.

In any rolling element bearing, high speed operation results in
increased centrifugal loéding of the rolling elements and the . outer
race, and higher heat generation due to friction and lubricant churn-
ing. 1Increased centrifugal loading results in decreased fatigue life,
but excessive heat generation can result in rapid failure due to
lubricant film loss and resulting metal to metal contact. Severe wear
and binding can result at the ball-cage and cage-race sliding coantact
interfaces. Excessive heat can also resﬁlt in loss of bearing internal
clearances, causing seizure. For these reasons, achieving a stabilized
operating temperature is critical for successful high speed operation.

Before reviewing bearing lubrication and cooling methods used for

*References are denoted by numbers in brackets and are listed after the
Recommendations section.



high speed applications, two factors used in rating ball bearings for
high speed use should be introduced. The DN factor 1is most commonly
used for evaluating bearings for high speed operation. The bearing DN
is computed simply by multiplying the bearing bore in millimeters by the
maximum speed in RPM. Although uncommon, some sources [3] use the pitch
diametef (usually taken as one half the sum of the bore and the outside
diameter) rather than the bore in computing DN. DN factors can be
misleading when comparing the performance of bearings of differing
bores. Zaretsky of the NASA Lewis Research Center points out that "for
a given DN value, centrifugal effects are more severe with small bear-
ings since centrifugal forces vary with DNZ [4]. Comparison using DN
values should therefore be limited to a narrow range of bearing sizes.
The TAC factor, although not in widespread use, is recommended by
Bailey and Galbato of TRW Bearings Division [2] as a better indication
of bearing high speed capability. They note that DN factors consider
neither differences in bearing cross sections nor contact angles fpr
bearings of the same bore. “Heavy"” series ball bearings usually have
larger race cross sections, larger rolling elements, and a resulting
larger pitch diameter, all coutributing to reduce speed capability. The

TAC factor, T, has been defined as

where Dp is the pitch diameter in mm, N is the speed in revolutions per

second, d is the ball diameter in inches, and 8 s the nominal contact

angle in degrees. While the TAC factor is not as convenient to use, it



does include far more effects than the DN factor and can be used to
advantage in many applications. The practical 1limiting TAC factor for
precision ball bearings is about 31 x 108. This corresponds to a DN of
about 2.5 x 10° for a typical "light" series bearing with a 25 or 30 mm
bore.

Lubrication methods for ball bearings include grease, oil bath,
wick, air-oil mist, oil jet and under-race lubrication. High speed
applications are generally limited to air-oil mist, oil jet, and under-
race lubrication to provide adequate cooling as well as lubrication. In
01l jet systems a high velocity oil jet directed through a nozzle im-
pinges on the inner race and ball contact area to provide both lubrica-
tion and a cooling effect. In under-race or through-the-race methods,
01l flows through a hollow shaft and is directed outward through pas—-
sages 1in the shaft through radial holes to the bearing inner race
providing direct 1lubrication and cooling of the inner race. Tigure 1
shows typical oil jet and under-race configurations [5]. Generally,
higher DN values can be reached with under-race lubrication rather than
with oil jet, since better cooling and lubrication of the inner race can
be achieved. The inner race is typically more difficult to lubricate
since the oil is centrifuged to the outer portion of the bearing.

Under-race lubrication 1is not commonly used in small bore ball
bearings (40 mm and under) due to the difficulty in machining the
grooves and radial holes required in the 1limited space available
[4,1]. This method also requires the aquisition of special bearings
with properly located radial holes through the inmner race. 011 jet

lubrication is much simpler ‘and is in common use on aircraft gas tur-
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bines. Both oil jet and under-race lubrication require oil recovery,
recirculation, cooling and filtering and thus may not be practical or
cost effective in many applications.

Air-oil mist systems use an oil mist generator to entrain minute
oill particles in an air jet. The air-oil mist is then directed through
a reclassifying nozzle at the bearing inner race, as in the oil jet
method. The reclassifying nozzle is used to "condense” the minute oil
particles into oil drops that provide a good wetting action on the
bearing surfaces. Cooling comes primarily from the air stream as the
0il flowrate 1is generally very low. Although air cooling 1is not as
effective as o0il cooling in the oil jet and under-race systems, the
reduced quantity of oil results in less heat generation due to churn-
ing. Air-oil mist systems have the disadvantage of generally being a
total oil loss system, but again, oil flow rates are small.

Air-oil mist lubricated begrings are generally limited to lower DN
values than oil jet or under-race lubrication methods. Still, DN values
in excess of beariné catalog limits can be achieved if adequate air and
0il flow rates are established. While air-oil mist systems are commonly
used in industrial applications, quantitative data on air and oil flow
requirements for high speed operation are not readily available. A
possible reason for this is that the rather general methods for estimat-
ing required air-oil mist flow rates put forﬁh by the air-oil mist equi-
ment manufacturers [6] are adequate only for operating speeds below
catalog ratings. Further, for very high DN applications such as
aircraft gas turbines, air-dil mist is generally ruled out as inadequate

and oil jet systems are very convenient. Thus the bulk of the



quantitative data on lubrication of ball bearings at high speeds
pertains to oil jét systems.

The purpose of the present investigation was to experimentally
determine the air-oil mist flow requirements to achieve a stabilized
operating temperature at high speeds for selected small bore ball bear-
ings. Specifically, 25 and 30 mm light series deep groove and angular
contact ball bearings were tested under three air-oil mist flow rates
and three 1load conditions, resulting in 36 controlled test rums,
Although not primary test bearings, data were also taken on two 17 mm
deep groove test shaft support bearings. Quter race temperature was
monitored on all bearings during the test runs. A single air-oil mist
nozzle per bearing was used for all tests. Although lubrication can
greatly affect fatigue 1life of ball bearings ([1,7], no fatigue 1life

tests were run in this investigation.



II. LITERATURE REVIEW

Research in lubrication of high speed ball bearings has been spur-
red by alircraft gas turbine engine developments. Much of the research
has therefore been directed in the area of o0il jet and under-race lubri-
cation since these methods are readily adaptable to gas turbine en-
gines., It is informative to review some of these efforts, although much
of the data is not directly applicable to air-oil mist lubrication.

The NASA Lewis Research Center haé done a number of tests on jet
and under-race-lubricated small bore angular contact ball bearings.
These tests were performed onla bearing test rig developed under con-
tract for NASA. The significant features of this rig included an air
turbine drive capable of 100,000 RPM, variable thrust and radial loading
to 1000 pounds (4448 N) and adaptability to bearings having a 25 to 30
mm bore [8].

Schuller, Pinel, and Signer of NASA [9] tested 35 mm angular con-
tact bearings to 2.5 x 108 DN (72,000 RPM) with jet lubrication using a
synthetic lubricant with an inlet temperature of 250°F (394 K). Tests
were run with thrust loads of 150 and 300 pounds (667 and 1334 N) and
with combined thrust and radial loads of 150 and 50 pounds (667 and 222
N), respectively. Lubricant flow rates ranged from 0.02 to 0.5 gal/min
(76 to 1894 cm3/m1n) and represent oil flows two to three orders of
magnitude larger than those used in air-oil mist systems. A maximum
bearing outer ring temperature of 418°F (487 K) and inner ring
temperature of 390°F (472 K) occurred with the 300 pound (1334 N) thrust
load. Surprisingly, the inner ring temperature was generally lower than

the outer ring temperature throughout the test. This was assumed to be



due to the oil jet being directed primarily at the inner race.

Similar results were obtained in another NASA test in which under-
race lubrication was used on a 35 mm angular contact bearing [5]. The
lower inner ring temperature was again assumed to be due to the large
quantity of oil being directed primarily at the inner ring through the
under-race grooves and holes (see Fig. 1). The under-race lubrication
did result in lower 1inner ring temperatures and higher outer ring
temperatures than the jet lubricated bearing.

A study on jet 1lubrication with 30 mm deep groove and angular
contact bearings by the Japanese National Aerospace Laboratory preceded
the NASA work above [10]. This report laid the groundwork for the NASA
work in terms of optimum bearing characteristics, oil jet velocity, and
nozzle position for high speed jet lubricated bearings. A petroleum-
,based_turbine oil at 86°F (303 K) inlet temperature, oil flows ranging
from approximately 0.07 to 0.9 gal/min (0.22 to 3.0 kg/min) and a 110
pound (490 N) thrust load were used for most of the tests. This report
and later NASA work iIndicates that bearing cage design 1s often the
limiting factor for high speeds.

In the Japanese study, /innet and outer race guided cages were
tested in both the deep groove and angular contact bearings. An amazing
3.0 x 108 oN (100,000 RPM) was achieved on the angular contact bearing
with the outer ring guided cage at oil flows as low as 0.2 gal/min (0.72
kg/min). The maximum outer race temperature varied from 352°F (451 K)
to 241°F (389 K) for oil flows from 0.07 to 0.9 gal/min (0.72 to 3
kg/min). Prolonged operation at these temperatures 1s questionable

using a petroleum-based lubricant.



In other tests, 2.8 x 106 DN was achieved with the deep groove
outer race guided cage bearing, and 2.3 x 106 DN and 1.6 x 106 DN were
achieved on the angular contact and deep groove bearings respectively,
with inner race guided cages. In these cases, the maximum speed was
limited by insufficient 1lubrication to the critical sliding contact
areas at the cage-race and cage-ball interfaces. Excessive friction,
binding, and resulting failure occur with insufficient lubrication to
these critical areas. The cage configuration of the angular contact
outer race guided cage bearing resulted in the best lubrication of the
critical sliding contact areas.

In a brief report by the Japanese National Aerospace Laboratory
(for which, unfortunately, no complete technical translation was avail-
able) 30 mm angular contact bearings were tested with both air-oil mist
and oil jet lubrication [11].. A thrust load of 110 pounds (490 N) and a
petroleum-based oil were again used in these tests. A top speed of 2.16
x 10% DN (72,000 RPM) was achieved with air-oil mist but a tremendous
air flow of 90 scfm (3 kg/min) and an oil flow of 1.0 x 1073
gal/min (4 m&/min) were required. The oil jet-lubricated bearing was
operated to 3.27 x 108 DN (109,000 RPM) with oil flows above 0.6 gal/min
(2 kg/min). A review of the figures published in this report showed
that additional lower air-oil mist flow tests were conducted. From one
figure it appears that 1.8 x 106 DN (60,000 RPM) was achieved with an
air flow of 7.5 sefm (0.25 kg/min) and an oil flow of 5 x 1074
gal/min (2 m&/min). This indicates that for an air flow-increase of 12

times that the speed limit increased only from 60,000 to 72,000 RPM.
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In an extensive study by SKF Industries under contract to NASA, the
feasibility of using air-oil mist for emergency lubrication of 46 mm
helicopter mainshaft engine ﬁearings was investigated [12]. 011 flow
rates of 20 x 1074 to 22 x 1074 gal/min (7.4 to 8.2 m&/min) and air
flows of 15.5 to 20.7 scfm (0.514 to 0.686 kg/min) were used for most of
the tests. The bearing was operated to 2.5 x 108 DN (55,006 RPM) with
no apparent problem, but cage instability (cage vibration) and excessive
cage wear resulted between 2.5 x 10% DN and 3.0 x 10% DN (65,000 RPM).
Here 1t should be recalled that higher DN values are generally
achievable on larger bore bearings because centrifugal effects are less
severe.

An analytical approach was used in the SKF study to estimate the
alr and o1l flow requirements; it 1Is Interesting to compare these re-
sults with the experimental results. An SKF computer program was used
to calculate the bearing heat géneration rate at various speeds with a
400 pound (1779 N) thrust load. Based on the theoretical heat genera-
tion rate, a 200°F (366 K) inlet air temperature, and a 500°F (535 K)
bearing operating temperature, a heat transfer analysis by SKF indicated
a cooling air flow requirement of 72 scfm (2.39 kg/min) at 3.0 x 10% DN
(65,000 RPM)., The bearing 1in fact operated with air flows of 15.5 to
20,7 scfm (0.514 to 0.686 kg/min) with outer ring temperatures of 396 to
446°F (475 to 503 K). Figure 2 from reference [12] shows the
theoretical and experimental bearing heat generation rate.

The oil flow requirements were calculated by SKF based on elasto-
hydrodynamic (EHD) lubrication theory. EHD lubrication results in cases

where elastic deformation of bearing surfaces and resulting extremely



-3

HEAT GENERATION RATE, Btu/hr x 10

11

16+

Addod

143

Theoretical

Experimental

0 10 20 30 4o 50 60 70
SHAFT SPEED, RPM x 1073

Figure 2. Theoretical and Experimental Heat Generation Rates from
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high lubricant pressures become significant, as in rolling element bear-
ings [7]. Calculated oil flows range from 9.4 x 1074 gal/min
(3.6 m&/min) at 1.75 x 10% DN to 2.4 x 1073 gal/min (9.2 mi/min) at 3.0
X 106 DN. In one group of controlled variable tests, bearing operation
to 3 x 10° DN was achieved with only 2.3 «x 1074 gal/min
(0.85 mi/min). SKF researchers concluded that "the same quality of
lubrication was obtained with the much reduced oil flow rate and that
adequate lubrication was provided . . ."” [1l1].

The differences between the analytically- and experimentally-deter-
mined cooling and lubrication requirements illustrates the need for
actual bearing testing. It should also be noted that even the rela-
tively low oil flow rate of 2.3 x 1074 gal/min (0.85 mi/min) represents
a sizable cost and housekeeping problem by industrial standards. For
air-oil mist to be-practical in many applications, both the air and oil

flow must be minimized while still allowing safe bearing operation.



III. BEARING TEST RIG AND EXPERIMENTAL PROCEDURE

3.1 Test Rig Hardware

A bearing test rig was developed to drive 25 and 30 mm deep groove
and angular contact ball bearings to speeds in excess of 70,000 RPM.
The test rig counsists of an air turbine drive coupled to a bearing test
unit as shown in Fig. 3. Both the turbine and test unit are mounted on
a ground steel bedplate which is mounted on a steel support table.

The turbine drive unit is an extensively modified Airesearch turbo-
charger turbine. The turbine is capable of developing 36 hp (27 kw) at
100,000 RPM. Modifications to the original turbocharger included re-
moval of the compressor unit and fabrication of a new shaft and bearing
housing. The new shaft and housing allowed a change from the original
journal beérings to 15 mm angular contact ball bearings. This allowed a
.larger, stiffer shaft to be used, eliminated journal bearing stability
problems, and eliminated the required oil flood lubrication system. The
turbine was operated uncoupled to 75,000 RPM with no problems and mini-
mal vibration.

The bearing test unit is an overhung housing design with the shaft
mounted on two 17 mm deep groove support ball bearings. Two separate
shafts and overhung housings allowed use of the same basic rig for test-
ing both 25 and 30 mm ball bearings. The overhung housing also allowed
changing both thrust and radial 1loads easily. Radial loading was
achieved by suspending weights from a rod which was attached to the
overhung housing and which passed through a hole in the bedplate. This

arrangement also provided a large inertia to the overhung housing, and

13
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prevented excessive rotation of the housing should a bearing seizure
occur, Thrust loading was achieved by suspending weights from a cable
which passed through a pulley arrangement located at one end of the
support table. A strain-gaged cantilevered beam opposed rotation of the
overhung housing and was intended to allow measurement of test bearing
torque. Unfortunately, the torque measuring system could not be made
opgrational for reasons to be outlined later.

While the overhung housing arrangement has been used by other
investigators [5,8], vibration problems at speeds below 40,000 RPM were
encountered in the present investigation (Campbell diagrams for test
unit resonances are shown in Figs. A-2 to A-4 of Appendix A). Very low
support bearing damping, and close spacing of the support bearings
relative to the overhung shaft length are believed to be causes for the
vibration problems;

The test unit was coupled to the air turbine drive by a flexible
coupling manufactured by the Helical Products Company. Three of these
couplings were donated to this project by Helical Products. The
coupling was made from a single cylindrical piece of 17-4 PH stainless
steel with a spiral helix cut in the midsection to provide the flexible
element. The coupling was balanced by the Industrial Drives Division of
Kollmorgen Corporation to allow high speed operation. With a 0.875 inch
(22.2 mm) outside diameter and a 0.50 inch (12.7 mm) bore, operation to
speeds of 70,000 to 90,000 RPM should be no problem from a centrifugal
stress standpoint, as can be shown by calculation. Any misalignment,
however, will cause cyclical stresses in the flexible helical section of

the coupling that could lead to a fatigue failure. A coupling fatigue
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failure was experienced prior to the £final turbine design; poor
alignment and high turbine vibrations were assumed to be the cause of
this failure. With the final turbine design, very good alignment and
low turbine vibration were achieved, and no coupling problems were
encountered during the more than 30 hours of operation during test ruas.

To provide cooling and 1lubrication to the various rig bearings,
three separate air-oill mist generators and air pressure regulators with
built-in 5 micron air filters were used. One air-oil mist generator was
dedicated to the drive turbine, one to the test unit support bearings,
and one to the 25 or 30 mm test bearing. The air-oil mist generators
allowed separate adjustment of both the air flow and oil drip rate to

optimize the cooling and lubrication to the bearing.

3.2 Test Rig Instrumentation

Test rig 1ns;rumentation included speed indication, turbine vibra-
tion indication, various temperature measurements, and cooling air flow
rate measurement. A Bently-Nevada proximeter transducer and a frequency
counter were used for speed indication. The transducer picked up a
three-per-revolution pulsation caused by three set screws on the bearing
test unit end of the coupling. The frequency counter then displayed the
frequency of the pulsations in kHz. A convenient scale factor of 20,000
times the displayed frequency in kHz gave the speed in RPM.

Drive turbine shaft vibration was monitored with another proximeter
transducer mounted in the turbine bearing housing at approximately the
midspan location between the two turbine bearings. This transducer
provided a 420 mV/].O"3 inch (420 mv/25.4 um) signal that was read with

a digital voltmeter.
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One of the 15 mm turbine bearings, both 17 mm test rig unit support
bearings, and the 25 or 30 mm test bearing each had a thermocouple in
direct contact with the bearing outer race. One thermocouple was also
in contact with the outside su:face of the overhung test bearing
housing. This was used to verify that the housing was in approximate
thermal equilibrium with the test bearing outer race. All thermocouples
were Type K (Chromel-Alumel) with direct, compensated readout provided
by a multichannel Omega digital thermometer.

Cooling air flow measurement was provided by Brooks Rotameter-type
flowmeters mounted downstream of the pressure regulators and just up-
stream of the air-oil mist generators. One rotameter was used for the
25 or 30 mm test bearing and one for both 17 mm support bearings. These
flowmeters had 10 to 100 linear scales with scale factors for various
operating pressures shown in Table 1.

Attempts were made to measure test bearing torque with a strain
gage bridge mounted on the test housing anti-rotation beam mentioned
previously. Unlike oil-jet-lubrication bearings, torque levels in air-
0il mist lubricated bearings are relatively low. With the measurement
equipment used in this investigation, the high rig vibrations, and
friction torque introduced by the application of the test bearing loads,

these low torque levels resulted in unrepeatable torque readings.

3.3 Test Bearings

All test and support bearings used in this investigation were class
ABEC 7 precision ball bearings manufactured by the Barden Corporation.

The test bearings were 100 "light" series ball bearings and included a
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Table 1. Flowmeter Scale Factors for Various Pressures

Pressure, 1b/1n2 (Gage) Scale Factor
0 .0756
1 .0781291
2 .0805789
3 .0829564
4 .0852676
5 .0875178
6 .0897115
7 .0918529
8 0939455
9 .0959925
10 0979967
15 .1074586
20 1161523
25 1242391
30 .1318308
35 .1390085
40 .1458333
45 .1523527
50 1586044
60 1704211
70 .1814700
80 .1918837
90 2017607
100 2111761
125 .2330566
150 .2530521
175 2715794

200 .2889210
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25 mm deep groove, a 25 mm angular contact, a 30 mm deep groove, and a
30 mm angular contact bearing. Selected test bearing specifications are
shown in Table 2. Test unit support bearings were 17 mm, deep groove,
200 series ball bearings. Support bearing specifications are also shown
in Table 2.

All deep groove bearings had two-piece riveted construction phen=-
olic cages. The angular contact bearings had one-piece phenolic

cages. All bearing cages were of the outer-race-guided type.

3.4 Test Conditions

Test conditions for each of the four test bearings 1included three
load configurations and three air-oil mist flow rates for a total of 36
test runs. A constant radial load of 25 pounds (111 N) was used for all
tests with thrust loads of 50, 75 and 100 pounds (222, 334 and 445 N).
Because of the configuration of the test shaft; the constant radial load
and the three thrust loads imposed on the test bearing resulted in
different radial and thrust loads to the 17 mm support bearings. The
support bearing nearest the overhung housing had coanstant radial and
thrust loads of 38 and 21 pounds (169 and 93 N), respectively. The
coupling end support bearing had a coustant radial load of 13 pounds (58
N), and thrust loads of 71, 96, and 121 pounds (316, 427, and 538 N) for
test bearing thrust loads of 50, 75, and 100 pounds (222, 334, and 445
N), respectively.

Air flow rates to the test bearing air-oil mist generator of 1.5,
3.0, and 6.0 scfm (0.05, 0.10, and 0.20 kg/min) were used. A siﬁgle air

flow rate of 1.5 scfm (0.05 kg/min) was used for both 17 mm support
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Table 2. Test and Support Bearing Specifications
Deep Groove Bearings Angular Contact Bearings
Bore, mm 17mm 25 mm 30 mm 25 mm 30 mm
Outside Diameter, mm ' 40 47 55 47 55
Pitch Diameter, in. 1.1222 1.4165 1.6900 1.4165 1.6900
Catalog Speed, RPM 58,800 42,500 35,400 42,500 35,400
Contact Angle, ° 14.8 15.2 12.2 14,5 15.3
Radial Clearance, in. 0.0005 0.0005 0.0005 0.0007 0.0007
to to to to to
0.0009 0.0009 0.0009 0.0011. 0.00}1
Inner Race Curvature 0.52 0.52 0.515 0.52 0.515
Outer Race Curvature 0.52 0.52 0.54 0.53 0.53
Ball Complement 8 10 11 13 14
Ball Size, in. 17/64 1/4 9/32 1/4 9/32
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bearings for most of the tests. After the air passed through the sup-
port bearing air-oil mist generator, the air-oil mist flow was divided
through a wye connection to provide 0.75 scfm (0.025 kg/min) of air to
each support bearing.

The oil flow rate was set at 60 drops/min through the sight dome of
the mist generators for all tests, but the actual oil flow rate to the
bearings varied with each air flow. O0il flow rates of 1.4 x 10'5, 1.24
x 107 and 3.14 x 1077 'gal/min (0.051, 0.047 and 0.119 ml/min) for air
flows of 1.5,, 3.0, and 6.0 scfm (0.05, 0.10, and 0.20 kg/min),
respectively, were measured for the test bearing air-oil mist
generator. The oil flow to each of the 17mm support bearings was
assumed to be 0.7 x 1072 gal/min (0.026 ml/min), one half of the oil
flow associated with the 1.5 scfm (0.05 kg/min) air flow above.

A petroleum-based lubricant, *“Mobil DTE Light"”, was used for all
tests. Table 3 shows selected specifications of this oil.

A 0.129 inch (3.28 mm) diameter reclassifying nozzle was used for
the test bearing, and a 0.093 inch (2.36 mm) nozzle was used for each 17
mm support bearing. The test bearing reclassifying nozzle was threaded
on the outside diameter. This permitted the nozzle to be rigidly
attached to the end cover plate of the overhung housing. The air-oil
mist discharged from the nozzle into a space between the cover plate and
the test bearing. This forced the air-oil mist to pass through the test
bearing in order to achieve maximum cooling and 1lubrication. The
support bearing reclassifying nozzles were directed at the gap between
the bearing cage and inner race and were located approximately 0.25 inch

(hos4 mm) from the bearing. Air-oil mist was not forced through the
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Table 3. Specifications of Lubricant Used During Testing

Manufacturer Mobil
Lubricant Trade Name DTE Light
150/VG Grade 32

ASTM Viscosity Grade 150
Viscosity, CST @ 40°C 30.4
Viscosity, CST @ 100°C 5.3

Pour Point, °F 20
Viscosity Index 100

ASTM Color 1.5
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support bearings.

The pressure just upstream of the test bearing reclassifying nozzle
was measured during several test runs. Pressures of 4,5, 11.5, and 31.0
psig (31, 75.8, and 214 kPa) were measured for air flows of 1.5, 3.0,
and 6.0 scfm (0.05, 0.10, and 0.20 kg/min), respectively. Based on
these pressures and approximately atmospheric discharge préssure, the
nozzle would be in a choked condition at the 6.0 scfm (0.20 kg/min) air

flow rate.

3.5 Test Procedure

Test runs were conducted by first establishing the air-oil mist
flow to the test and support bearings, and then setting the bearing
thrust load. The rig was then brought up to some nominal speed, usually
about 20,000 RPM, - and allowed to operate until all temperatures
stabilized, about 15 to 20 minutes. Temperatures were recorded, the
speed increased, and again temperatures were allowed to stabilize. Most
test runs were terminated when the test bearing outer race temperature
reached approximately 200°F (366 K), although some tests were run to
240°F (389 K).

The limiting temperature was established based on both experience
and lubricant viscosity at operating temperature, During the develop-
ment of the test rig, several preliminary runs were conducted in which
the test bearing temperature exceeded 250°F (394 K). Visual inspection
of the bearing and housing revealed brownish deposits indicating
lubricant degradation. Further, adequate lubricant viscosity is requir-

ed at operating temperature to provide the EHD lubricant film to prevent
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metal to metal contact between the balls and races. The Barden Bearing
Catalog (13) gives a simple equation that can be used to estimate the
required lubricant viscosity for a given set of bearing parameters. The
lubricant used during testing typically just satisfied the viscosity
requirements at 212°F (373 K).

Frequently high vibrations were encountered during testing, espe-
cially below about 40,000 RPM, which made rig operation difficult.
Speeds at which these high vibrations occurred were 1inconsistent, and
no£ always associated with the calculated rig critical speeds. Because
of these high vibrations, the rig could not always be operated at
convenlent speed increments, thus complicating the testing and later the
data analysis.

The general testing procedure outlined above was repeated for each
load and flow condition for a total of nine test runs on each bearing.
Between each test, the overhung housing was disassembled, the test
bearing visually inspected, land the next bearing 1installed. When
changing from the 25 to the 30 mm test bearings, the test rig shaft and

housing were also changed.



IV. RESULTS

Test results for the four test bearings under various load and air-
0il mist flow conditions are presented graphically in this chapter.
Support bearing results are also presented for three load conditionms,
although the air-oil mist flow remained constant for all the test rums,

All figures show stabilized bearing outer race temperature versus
shaft rotational speed., Figures 4, 5 and 6 show results for the 25 mm
deep groove beafing at 1.5, 3.0 and 6.0 scfm (0.05, 0.10, and 0.20
kg/min) air flows, respectively, under varying loads. Figures 7, 8, and
9 again show results for the 25 mm deep groove, but at 50, 75 and 100
pound (222, 334, and 445 N) thrust loads, respectively, and varying air-
oil mist flows. A similar format is used in Figs. 10 through 15 for the
25 mm angular contact bearing, Figs. 16 through 21 for the 30 mm deep
groove bearing and Figs. 22 through 27 for the 30 mm angular contact
bearing. Before discussing specific results, a brief discussion of
generally expected results should be made.

Typically an increase in bearing temperature 1is expected as speed
is Increased, load is 1ncréased, or air-oil mist flow is decreased. As
speed 1is 1increased there 1s a point at which the temperature might
sharply increase due to teduced'bearing clearances, loss of EHD lubri-
cant film, ball skidding against the races, cage 1instability or vibra-
tion, or a combination of these effects. It is uncertain if stabilized
temperatures could be maintained at significantly higher speeds. In
general, the test data supported these expectations, but there were

inconsistencies.

25
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Figures 4 through 6 for the 25 mm deep groove bearing show that for
all three flow conditions higher temperatures resulted from higher
loads. Tempefature differences due to load were more pronounced at the
1.5 scfm (0.05 kg/min) air flow than at the 3.0 and 6.0 scfm (0.10 and
0.20 kg/min) air flows. For a given load, Figs. 7, 8, and 9 show

.significantly higher temperatures for the low air flow coudition while
temperature differences between the 3.0 and 6.0 scfm (0.10 and 0.20
kg/min) flows were much less promounced. Figure 6 most clearly shows a
sharp rise in témperature at high speeds.

Results from the 25 mm angular contact bearing were not as consis-
tent as results from the deep groove bearing. For a given air flow,
there was little temperature variation with load (see Figs. 10, 11, and
12). However, for a given load, the low air flow condition resulted in
a much higher temperature than the two higher aif flows (see Figs. 13,
14, and 15). At 40,000 RPM and a 75 pound thrust load, for example, the
outer race temperature was 211°F (372 K) for 1.5 scfm (0.05 kg/min) and
about 135°F (330 K) for 3.0 and 6.0 Scfm (0.10 and 0.20 kg/min), as
shown in Fig. 1l4.

For the 30 mm deep groove bearing, operation was not possible above
25,000 RPM with a 1.5 scfm (0.05 kg/min) air flow without exceeding
200°F (366 K), as is apparent in Fig. 16. This is 10,000 RPM below the
catalog limiting speed. Excessive test rig vibration at lower speeds is
believed to have contributed to this poor performance. This 1is
supporfed by Fig. 17 where the temperature actually dropped as the speed
increased from 24,000 to 31,000 RPM for the 3.0 scfm, (0.10 kg/min) air

flow and 75 pound (334 N) load, while the temperature remained almost
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constant for 50 and 100 pound (222 and 445 N) load conditions. Much
better performance was achieved for the 3.0 and 6.0 scfm (0.10 and 0.20
kg/min) air flows as shown in Figs. 11 and 12. In these particular test
runs, a brief rig performance test was. conducted in which the bearing
outer race temperature was allowed to exceed 200°F (366 K). A stable
operating temperature of 240°F (389 K) was achieved at 60,000 and 63,200
‘ RPM for 6.0 and 3.0 scfm air flow rates, respectively. This is about
1.8 times the catalog speed rating. The rig was then operated at 70,080
RPM for two minutes, but the test bearing temperature rapidly rose to
251°F (395 K) and did not stabilize. Figures 19 through 21 again show
the marked difference 1In bearing temperature for the 1low air flow
condition.

The poorest’performance in terms of temperature at any given load,
air-flow, and speed was obtained with the 30 mm angular contaét bear-
ing. Similar performance to the 30 mm deep éroove bearing was observed
for the 1.5 scfm (0.05 kg/min) air flow condition (Fig. 22), but no
significant improvement was achieved with 3,0 scfm (0.10 kg/min) as
shown in Fig. 23. Increasing the air flow to 6.0 scfm (0.20 kg/min)
allowed the bearing té be run above 30,000 RPM, and although the outer
race temperature exceeded 210°F (372 K) the fate of temperature rise
decreased for the 75 pound and 100 pound (334 and 445 N) loads (Fig.
24), This 1is not typically expected performance, and 1Is believed to
have been caused in part by test rig vibrations at the lower speeds.
The 50 pound (222 N)vload condition shows a sharp increase in temper-
ature at 35,000 to 40,000 RPM, very different from the 75 and 100 pound

(334 and 445 N) conditions. This difference may be due to ball skidding



28

at the lower load condition. Temperature variation with air flow is not
as significant with the 30 mm angular contact bearing as with the other
bearings tested as seen in Figs. 25 through 27,

A summary of the maximum speed achieved with each test bearing,
both with stable and increasing outer race temperatures, is presented in
Table 4. These data do not imply that greater speeds cannot be
achieved, but only reflect the speeds attained before test termination
due to the bearing outer race temperature exceeding some value judged to
be excessive (usually about 200°F).

As mentioned previously, data were taken on the 17 mm support bear-
ings, although the air flow remained constant at 0.75 scfm (0.025
kg/min) per bearing for all of the tests. Initially, the test program
plan was to vary the air-oil mist flow to the support bearings also, but
the air flow used was approximately the minimum flow that could
accurately be measured on the flowmeter. Even this low air flow result-
ed in much lower support bearing temperatures than the 25 and 30 mm test
bearings, as shown in Figs. 28 through 30. Higher air flows also caused
a fine oil-mist to fill the laboratory since the support bearing oil-
mist nozzles were not discharged into an enclosed housing as with the 25
and 30 mm test bearings. Incidentally, this indicates that some oil is
not being used to lubricate the bearing even when using reclassifying
nozzles.

Figures 28, 29 and 30 show the outer race temperatures for the
support bearing nearest the drive coupling. This bearing supported the
thrust load applied to the test bearing as well as the thrust from a

wave spring used to preload the other support bearing. A close compari-



Table 4. Summary of

25mm Deep Groove

60,400 RPM (1.51 x
64,000 RPM (1.60 x

25mm Angular Contact

56,000 RPM (1.40 x

30 mm Deep Groove

63,200 RPM (1.90 x
70,080 RPM (2,10 x

30mm Angular Contact

42,000 RPM (1.26 x
46,000 RPM (1.38 x
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Maximum Test Bearing Speeds Achieved

108

106
106

DN)
DN)

DN)

DN)
DN)

DN)
DN)

208°F
230°F

208°F

240°F
251°F

203°F
235°F

(Stable)

(Increasing)

(Stable)

(Stable)

(Increasing)

(Stable)

(Increasing)
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son of the curves (generated using a cubic regression curve fitting
routine) show that temperature increases as load is increased, but the
increase is relatively small. The data also have a much wider "spread”
at lower RPM which may he the result of inconsistent rig vibrations at
low speeds. In general, it is apparent that the 17 mm support bearings

were not being operated to their full potential at the speeds tested.
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Fig. 6. Test Results for the 25mm Deep Groove Bearing with
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Fig. 17. Test Results for the 30mm Deep Groove Bearing
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Fig. 20. Test Results for the 30mm Deep Groove Bearing
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Fig. 22, Test Results for the 30mm Angular Contact Bearing

with a 1.5 scfm Air Flow.
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with a 3.0 scfm Air flow.
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Fig. 26, Test Results for the 30mm Angular Contact Bearing

with a 75 1b Thrust Load.
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V. ANALYSIS OF RESULTS

The results presented in the previous chapter represent 200 test
bearing temperature observations at different load, air-oil mist flow,
and speed conditions. In order to establish relationships between these
variables, a multiple liﬁear regression analysis was performed on the
data sets corresponding to each of the fogr test bearings. The result
of this analysis 1is an equation for each test bearing that caan, within
certain constraints, be used to estimate bearing outef race temperature
under various conditions. No analysis was performed on the 17 mm sup-
port bearings. Since the air-oil mist flow was not varied, only slight
temperature variation with load was observed, and these bearings were
always operated below 1.2 times the catalog limiting speed, an analysis
would yield little additional information over the graphical results
presented in the previous chapter.

In this chapter, a brief description of the multiple regression
analysis technique 1is presented, followed by details of the analysis
procedure as applied to the present research. The equations resulting
from this analysis are then presented with their estimated limiting
speed. Finally, selected comparisons are made between predicted and
aétual results.

Regression analysis 1is a statistical technique for investigating
and modeling the relationship between variables [14]., Multiple linear
regression involves one dependent or response variable, y, and more than

one independent or regressor variable as in the equation below.

y = Bo + lel + Bzxz + B3x3 + 0 0 o e ann + €
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Given a specific set of m observations,

(35 Xpp0 Xpps Xgq o 0 o X)) 00 (Fpy XppaXo uXgn o e e X))

the purpose of the regression analysis ‘is to estimate the unknown co-
efficients Bo, Bl o o e Bn. The error between the estimated value of y
and the true value is e. In general, higher order effects and interac-

tion effects 1in the independent variables can be modeled as in the

example below:
2
y = Bo + lel + Ble + B3x1x2 + .0 0o+ €

Although this modei‘ is nonlinear in the regressor variables, 1t is
" 1linear in the coefficients, Bo o« o . Bn. The multiple linear regres-
sion analysis is equally applicable to such a model.

The first steﬁ (after data collection) of the present analysis was
to establish suitable regressor variables to describe the data. It is
generally desirable to keep the model simple without omitting signifi-
cant variables [14]. The initially chosen variables and their units are
giveu.below:

DN - bearing bore x speed, mm ¢ x (RPM x 1073)

N2 - bearing bore x speedz, mm + x (RPM x 1073)2
N3 - bearing bore x speed3, mn + x (RPM x 10 ~3)3
AF - air flow, scfm

OF - oil flow, ml/min

L - load, 1b



60
The response variable, AT, was taken as the temperature difference 1in
degrees Fahrenheit between the bearing outer race‘temperature and the
cooling air .inlet temperature. This was done to account for slight
variations in the inlet air temperature for different test runs, and to
make the resulting prediction model more general. With the above selec-
tion of response and regressor variables, the general model appears as

shown below:
aT = g, (DN) +»[32(DN2) + B3(DN3) + B,(AF) + B.(OF) + B (L)

The quadratic and cubic speed terms were included to allow for nonlinear
temperature variation with speed.

With the general model defined, the possibility of an improved
model based on a subset of the general model :egre;sor varibles was
investigated. Using a computer analysis routine [15], each regressor
and combination of regressor variables were systematically eliminated
from the general model to determine if a better model existed. This
model selection process was done for each of the four test bearings.
The "best"” model was chosen based on the minimum value of the PRESS
statistic. Since PRESS 1s defined as the "sum of squared differences
between the observed and predicted value of the response variable" [14],
a minimum value of PRESS indicates a model that predicts well within the

range of the observed responses.
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The prediction equations resulting from this analysis are given in
Fig. 31% with the applicable maximum speed corresponding to each
equation clearly stated. It is important to note that these equations
should not be used for extrapolation outside the range of the original
data. Furthermore, making Inferences based on the regressor variable
coefficients can be misleading. These coefficients may, in fact, be
poor estimates of the true unknown coefficients, but the model still
provides a good prediction equation over the data range (14).

A comparison between the regression model prediction equations and
the actual test data for each test bearing at a 3.0 scfm (0.10 kg/min)
air flow and a 75 pound (334 N) thrust load is shown in Figs. 32 through
35. The equation for the 25 mm deep groove bearing does an excellent
job of predicting the actual bearing temperature as shown in Fig. 32.
In Fig. 33, for the 25 mm angular contact bearing, the equation again
does a good job of predicting temperature. In both of these figures the
prediction curves show temperatures that rise rapidly at higher speeds
as generally expected and observed.

In Fig. 34, for the 30 mm deep groove bearing, the regression
equation predicts the temperatures fairly well, but the curve shows a
decreasing rate of temperature rise due to the negative coefficieat on
DN? that does not seem intuitively correct. Figure 35 for the 30 mm
angular contact bearing shows good temperature prediction at lower

speeds. But between 35,000 and 40,000 RPM, the regression equation

*The coefficients in the equations of Fig. 31 have been rounded off for
clarity of presentation. The reader 1is referred to Appendix B for the
full coefficients that should be used in calculations.
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predicts virtually no increése in temperature. Above 40,000 RPM (not
shown) the predicted temperature actually decreases fapidly due to the
negative coefficient on the DN3 variable. It 1is apparent that the
equation cannot be used to extrapolate temperature predictious.

The reader is referred to Appendix B for specific statistics on the

four prediction equations resulting from this analysis.
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25mm Deep Groove 60,000 RPM Maximum

2 3

AT = 0.15 DN - 2.79 x 10.3 DN” + 3.36 x 10-5 DN™ - 11.94 AF

+ 342.0 OF + 0.27 L
25mm Angular Contact : 56,000 RPM Maximum

AT = 0.082 DN + 8,37 x 10-6 DN3 - 23.8 AF + 1035 OF + 0.127 L

30mm Deep Groove 63,000 RPM Maximum

AT = 0.135 DN = 5.9 x 10~2 DN% = 24.5 AF + 939 OF + 0.246 L

30mm Angular Contact 40,000 RPM Maximum

2

AT = 0.092 DN + 6.48 x 10> DN® - 1.37 x 10~2 DN° - 10.7 AF

+ 247.8 OF + 0.246 L

Figure 31, Test Bearing Temperature Prediction Equations
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VI. DISCUSSION OF RESULTS

The highest operating speed was achieved with the 30mm deep groove
bearing during a test rig performance run. The bearing was operated at
63,200 RPM (1.9 x 106 DN) with a stabilized outer race temperature of
240°F (389 K), an air flow of 3.0 scfm (0.10 kg/min), and a 50 pound
(222 N) thrust load. This does not necessarily indicate that the 30mm
deep groove bearing has a higher speed capability than the 25mm
bearings., The 25mm test runs were usually terminated when the outer
race temperature reached about 200°F (366 K) as explained in section
3.5. Still, it 1is surprising that the 30mm deep groove bearing could
achieve a stable operating temperature at 1.9 x 106 DN, especially with
only 3.0 scfm (0.10 kg/min) of cooling air, while the 25mm deep groove
bearing had an outer race temperature of 208°F (371 K) at only 1.5 x 108
DN.

The apparent performance difference between the 25 and 30 mm deep
groove bearings could possibly be due to a cage resonance or an
instability in the 25mm bearing. A cage Instability was observed at
about 54,000 RPM during a very early preliminary run with a 25 mm deep
groove'bearing. During this particular run, the test bearing housing
had a cover with large observation holes to allow a strobe light to be
used to view the bearing while operating. The cage instability was very
pronounced, and caused the cage to vibrate violently so that it appeared
to blur under the strobe light. At speeds just below the instability,
the cage appeared to operate very smoothly. It was possible to operate
above the instability, but it is not certain whether the cage sustained

any damage in going through the instability.
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Referring to Fig. 6 for the 25mm deep groove bearing at 6.0 scfm
(0.20 kg/min) air flow, it can be seen that a marked temperature rise
occurs between 52,000 and 58,000 RPM for all three load conditions. For
the 50 pound (222 N) load condition, the temperature rise between 56,000
and 60,400 RPM was not as high, but operation to 64,000 RPM (not shown
in Fig. 6) resulted in a temperature rise to 230°F (383 K) that did not
appear to be stabilizing. The rapid temperature rise between 52,000 and
58,000 RPM supports the earlier observation of a cage instability in
this speed range, but 1if this were the only cause of the high
temperatures, successful operation to speeds well above the instability
might be expected. Since only one test run to a speed range above the
region of cage instability was conducted, it is difficult to draw firm
conclusions as to which deep groove bearing performed better.

If the temperature prediction equations.resulting from the linear
regression analysis are used to compare the 25 and 30mm deep groove
bearings, the 30mm bearing has a higher predicted temperature at all air
flow and load conditions up to 60,000 RPM. The equation for the 30mm
bearing, however, predicts a decreasing rate of temperature rise while
the 25mm bearing equation predicts an increasing rate of temperature
rise at high speeds (see Fig. 31 and 33). Since these equations may not
be good predictors of the true temperature response at data extremes or
outside the data range, it 1is again difficult to draw firm conclusiouns
on which bearing performed better at high speeds.

The angular contact bearings, 1in general, did not perform as well
as the deep groove bearings. A maximum speed of 56,000 RPM (1.40 x 106

DN) was achieved with the 25mm bearing with a stable outer race
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temperature of 208°F (371 K), while only 42,000 RPM (1.26 x 10° DN) was
achieved with the 30mm bearing with an outer race temperature of 203°F
(368 K). The cooling air flow was 6.0 scfm (0.20 kg/min) and the thrust
load was 50 pounds (222 N) in both of these tests. The 30mm bearing was
briefly operated to 46,000 RPM (1.38 x 108 DN), but the outer race
temperature rose to 251°F (395 K) and did not stabilize so the test was
terminated.

In Figs. 13, 14, and 15 for the 25mm angular contact bearing, it is
apparent that a 1,5 scfm (0.05 kg/min) cooling air flow rate was not
adequate for high speed operation. With the 30mm angular countact
bearing, the temperature variation due to cooling air flow was much less
pronounced than was observed for the 25mm bearings as shown in Figs. 25,
26, and 27. Temperature variation with load for the 30mm bearing was
also not as significant (Figs. 22, 23, and 24). Considering the muéh
higher temperatures observed for the 30mm angﬁlar contact bearing at any
given speed, there must have been some significant influence on the
bearing temperature other than cooling air flow rate or 1load. As
mentioned previously, there were inconsistent test rig vibrations that
may have influenced the bearing temperatures. During testing, the most
difficulty due to rig vibrations occurred when running the 30mm angular
contact bearing. The rig set-up was checked several times to insure
proper bearing installation, alignment, and lubrication but no obvious
cause for the vibration problems could be found. It 1s doubtful
however, that the vibrations experienced could be the sole cause for the
poor performance of the 30 mm angular contact bearing.

The temperature prediction equations were used to estimate the
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speed of each test bearing corresponding to an outer race temperature of
200°F (366 K) and an incoming cooling air temperature of 70°F (294 K).
A cooling air flow of 6.0 scfm (0.20 kg/min), an oil flow of 3.14 x 107
gal/min (0.120 kg/min), and a 50 pound (222 N) thrust load were used for
this comparison. The results of this comparison are shown in Table 5.
For all tests conducted, the bearing temperature differences
resulting from the 1.5 and 3.0 scfm (0.05 and 0.10 kg/min) air flows
were higher than the bearing temperature differences for the 3.0 and 6.0
scfm (0.20 kg/min) flows. (The temperature difference was less
pronounced with the 30mm angular contact bearing.) It appears that 1.5
scefm (0.05 kg/min) is simply not an adequate cooling air flow rate for
"high speed operation of 25 and 30mm ball bearings. Further, this
indicates that a limiting coundition might be reached such that little
additional benefit 1is received from an increase in cooling air flow.
This conclusion 1is supportéd by results cited in Chapter II (from
Reference 11) where 1.8 x 109 DN was achieved with 7.5 scfm (0.25
kg/min), but a 90 scfm (3 kg/min) cooling air flow rate only extended
operation to 2.16 x 106 DN. Based on the present research and Reference
11, air flows in the range of 6.0 to 9.0 scfm (0.20 to 0.30 kg/min) are
approaching the limiting useful value for 25 to 30 mm bearings.
Temperature variation due to the different thrust 1loads was
generally smaller than expected. Had a wider range of thrust loads been
used, there probably would have been a more significant temperature
variation with load. In high speed bearing operation a compromise must
be made between increasing the thrust loads to prevent ball skidding,

and reducing the load for longer bearing life.
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Table. 5 Predicted Test Bearing Speeds for a 200°F Outer
Race Temperature

25mm Deep Groove

58,000 RPM (1.5 x 10% DN)

25mm Angular Contact

53,500 RPM (1.34 x 108 DN)

30mm Deep Groove

47,500 RPM (1.43 x 10° DN)

30mm Angular Contact

31,500 RPM (0.95 x 105 DN)
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At this point little has been said of the bi; flows used during
testing. In fact, the oil flow is probably the most difficult variable
to control in an air-oil mist system. The small oil flow rates used can
easily be upset by excessive "plating out” of oil particles in the
distribution lines. If oil levels build up in lines, sudden surges in
0il flow can result., In the ptesenﬁ research, no attempt was made to
establish a minimum oil flow requirement. No test bearing failures were
encountered due to lack of lubrication, and visual inspection of the
bearings revealed no excessive cage wear as might be expected if there
were an inadequate supply of o0il to the bearing. One of the 17mm
support bearings did seize during an early test run, probably due to a
lack of lubrication. During that particular run, the support bearing
air flow had been reduced to approximately 0.5 sc¢fm (0.017 kg/min) and
the oil drip rate reduced to 20 drops/min per bearing. Bearing seizure
occurred at 52,000 RPM. After this incident, the air flow was increased
to 0.75 scfm (0.025 kg/min), and the oil flow increased to 30 drops/min
per bearing. No further difficulty was encountered with the support
bearings. In general, excessive o0il to a bearing will result in higher
bearing temperatures due to lubricant churning action., The positive
coefficient on the o0il flow term of the temperature prediction equations
confirm this, but some minimum oil flow is obviously required.

Although the test bearing torque measuring system was never made
operational, an estimate of the bearing power loss can be made based on
the heat transfer to the cooling air. Since there was little heat loss
through conduction because of the overhung housing, virtually all

bearing generated heat had to be removed by the cooling air stream.
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Using the First Law of Thermodynamics,
Y =m C_ AT
Q P

where d is the heat transfer rate, m is the mass flow rate, Cp is the
specific heat and AT is the temperature rise of the air, a bearing power
loss estimate of 0.16 Hp (120 W) 1is realized for a 3.0 scfm (0.10
kg/min) air flow assuming a temperature of 70°F (294 K) for the incoming

air, and a maximum temperature of 200°F (366 K) for the discharged air.



VII. CONCLUSIONS

Deep groove and angular contact 25 and 30mm ball bearings were
tested at high speeds using air-oil mist lubrication. Test results
based on bearing outer race temperature indicate that with adequate oil
and cooling alr flow rates, stable bearing operation from 1.2 x 106 DN
to 1.9 x 10% DN can be achieved, depending on the bearing. A cooling
air flow rate of 1.5 scfm (0.05 kg/min) was judged not adequate for high
speed bearing operation while flow rates of 3.0 to 6.0 scfm (0.10 to
0.20 kg/min) were judged adequate for the tested conditions of 50, 75,
and 100 pounds (222, 334 and 445 N) thrust loads and a 25 pouand (111 N)
radial load.

Tempefature variation with cooling air flow rate indicates that
substantial increases 1in cooling air flow above an estimated 6.0 to 9.0
scfm (0.30 to 0.30 kg/min) may yield only slight improvement in
extending the maximum bearing operating speed. An oil flow rate of 1.4
x 1070 to 3.1 x 107 gal/min (0.05 to 0.12 mi/min) was apparently
adequate for high speed operation, but no tests were conducted in which
the oil flow rate was varied independently of the cooling air flow rate.

The deep groove bearings performed better at high speeds than the
angular contact bearings in these tests, but this should be confirmed in
subsequent testing. Under the established test coastraints, maximum DN
values of 1.9 x 10%, 1.5 x 10, 1.4 x 10% and 1.26 x 10° were achieved
on the 30mm deep groove, the 25mm deep groove, the 25mm angular contact,

and the 30mm angular contact bearings, respectively.
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VIII. RECOMMENDATIONS

The major effort during development of the test rig was design and
fabrication of a reliable turbine drive unit. The bearing test unit was
adapted from a previous project, and was not particularly suited to the
present research. For any future testing, strong coasideration should
be given to the design and fabrication of a new test unit. Some
recommended design features of the new unit are given below:

1) Wider support bearing spacing relative to the overhung shaft
length.

2) Larger support bearings, perhaps 20mm.

3) Soft mount support bearings on elastomeric "0"-rings for
improved damping.

4) Adjustable support bearing preload.

5) Enclosed housing to reduce support bearing oil mist ioss.

6) Vibration and bearing temperature monitors.

7 Reliable spéed transducer with direct readout.

The existing 25 and 30mm overhung test bearing housings could be
used, and of course the new unit should couple to the existing drive
turbine. The test bearing torque measuring system could be made
operational by using a load cell with direct readout, and accelerometers
should be 1installed on the overhung housing to monitor test bearing
vibration. It 1is believed that the close support bearing spacing was
the chief cause of many of the vibration problems encountered during

testing.
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With an 1Improved test rig, the results presented should be
confirmed to determine 1if the test rig characteristics had any
significant influence. 1In particular, much better performance for the
angular contact bearings was expected, Confirmation that the deep
groove bearings are 1ian fact more suitable for high speed use would be
significant since angular contact bearings afe typically used in high
speed applications.

In future tests, a lubricant more suitable for high temperature use
might allow higher speeds to be achieved. Any lubricant used, however,
should be tested to insure that it atomizes properly in the air-oil mist
generators. These tests are usually performed by the oil-mist generator
manufacturer or supplier at little or no cost. Generaliy, data on a
number of lubricants already tested is available from these sources.

The cage resonance observed for the 25mm deep groove bearing may
have caused the temperature to rise sharply at approximately 55,000
RPM. Future work might be directed at the calculation of such cage
resonances. Such an analysis may lead to better bearing selection or
better cage design.

A final recommendation 1is in the area of statistical analysis.-
Future tests could potentially be more fruitful with preliminary and
ongoing assistance from a statistician. With properly designed test
procedures, the number of test runs required can be reduced and better

prediction models can be realized.
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APPENDIX A: Test Rig Campbell Diagrams
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Table B~1l. Regression Analysis Statistics for the 25mm Bearings

25mm Deep Groove Bearing (60,000 RPM maximum)

Variable Coefficient, B Standard Error Variance Inflation
DN 0.150068 0.028255 64,55
DN2 -2.79274 x 1073 1.314944 x 1073 480.19
o3 3.357571 x 107> 1.553963 x 107> 220.21
AF -11.938175 2.435525 7.81
OF 341.986 130.866 7.29
L 0.269932 0.057210 0.49

25mm Angular Contact Bearing (56,000 RPM maximum)

Variable Coefficient, B Standard Error Variaﬁce Inflation
DN 0.082463 0.012546 535-
DN2 0.0 —_ -—
N3 8.37251 x 1070 4.68507 x 1076 6.64
AF -23.775442 3.9753 8.58
OF 1034.665 119.977 7.29

L 0.126457 0.080251 0.45
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Table B-2. Regression Analysis Statistics for the 30mm Bearings

30mm Deep Groove Bearing (63,000 RPM maximum)

Variable Coefficient, B Standard Error Variance Inflation
DN 0.134735 0.010985 7.59
DN2 -5.90795 x 1074 2.102232 x 1074 8.66
DN 0.0 — —
AF -24,505097 3.039199 8.57
OF 939.625 153.315 7.58
L 0.245667 0.061680 0.44

30mm Angular Contact Bearing (40,000 RPM maximum)

Varible Coefficient, 8 Standard Error Variance Inflation
DN 0.092455 0.052367 78.52
DNZ 6.484516 x 1073 3.646543 x 1073 532.48
DN3 -1.36658 x 1074 5.955264 x 1072  235.75
AF -10.666424 3.16145 8.71
OF 247.838 162.864 7.51

L 0.246230 0.06797 0.46



The vita has been removed from
the scanned document



	0001
	0002
	0003
	0004
	0005
	0006
	0007
	0008
	0009
	0010
	0011
	0012
	0013
	0014
	0015
	0016
	0017
	0018
	0019
	0020
	0021
	0022
	0023
	0024
	0025
	0026
	0027
	0028
	0029
	0030
	0031
	0032
	0033
	0034
	0035
	0036
	0037
	0038
	0039
	0040
	0041
	0042
	0043
	0044
	0045
	0046
	0047
	0048
	0049
	0050
	0051
	0052
	0053
	0054
	0055
	0056
	0057
	0058
	0059
	0060
	0061
	0062
	0063
	0064
	0065
	0066
	0067
	0068
	0069
	0070
	0071
	0072
	0073
	0074
	0075
	0076
	0077
	0078
	0079
	0080
	0081
	0082
	0083
	0084
	0085
	0086
	0087
	0088
	0089
	0090
	0091
	0092
	0093
	0094
	0095
	0096
	0097
	0098

